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ASLE TRANSACTIONS 4, 197-212 (1961) 


An Experimental Study of Fretting Wear in Gear Tooth 
Flexible Couplings 


By ROBERT R. McMATH! 


To gain further knowledge of the wear phenomena in gear tooth flexible couplings, specimens 
of coupling materials were tested in an apparatus which simulates service conditions. The variable 
test parameters were load, amplitude of motion, speed, hardness, surface geometry, and lubricant. 
The wear patterns that were obtained in short-duration tests on this machine duplicate those 
found in service. A common gear steel, SAE 4140, was chosen as a standard material, and curves 
of wear versus load and amplitude of motion were generated for three different hardnesses of this 
material in a bath of 2190 TEP oil. Further investigations were made on ways to improve the 
performance of this material. These included special surface treatments, different lubricants, crown- 
ing of the surfaces, and other special surface geometries. Several other materials were tested with 
various crowns to compare their wear properties to that of the standard. These materials included 
4340 steel, aluminum bronze versus NiCuAl alloy, nitrided AMS 6475, nitrided 304 stainless steel, 
manganese bronze, CuAlNiFe alloy and worm wheel bronze versus 4140 steel. Of the materials 
tested, it appears that manganese bronze (Mil-B-16522 Class 1) is the best material for dental 





coupling use at the conditions of these tests. 


|. Introduction 


THE dental couplings? employed to transmit power from 
shipboard turbines to reduction gears are subject to 
critical and unpredictable wear of the contact surfaces 
of the teeth. Since corrective experimentation, if per- 
formed under service conditions, is expensive and time- 
consuming, apparatus for simulating this wear in an 
accelerated manner and under laboratory conditions has 
been developed. The parameters that can be varied in 
this apparatus are load, amplitude of motion, speed, 
specimen material, hardness, surface geometry, and lubri- 
cation. Preliminary test work on this machine has been 
reported in a paper by Reed and Batter (7). 

To establish a background and a base for comparing 
materials, a common gear steel, SAE 4140, was chosen 
as a standard material and thoroughly tested. First, the 
effects of varying displacement, hardness, load, and crown 
on the wearing of 4140 steel in a bath of 2190 TEP oil 
were established. Then the values of special surface 
treatments, surface geometry, and different lubricants 





Contributed by the ASLE Technical Committee on Gears and 
Gear Lubrication and presented at the Annual Meeting of the 
American Society of Lubrication Engineers held in Philadelphia, 
Pennsylvania, April 1961. 

1 Technical Operations, Incorporated, Burlington, Massachusetts. 

2 A “dental coupling” is a gear tooth flexible coupling consisting 
of two gears mounted on opposite ends of a short shaft which is 
inserted in a gap in the main shaft so that the gears on the short 
shaft run in annular gears attached to the main shaft. This type 
of coupling is used to transmit large amounts of power and to 
allow for slight misalignment in the shaft. 
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on the wear of 4140 steel were investigated, in an effort 
to determine what could be done to improve significantly 
the wearing characteristics of the standard material. 
Finally, different materials with various crowns were 
tested at standard test conditions so that their wear 
properties could be compared with the standard material. 
From this data it is also possible to select the best 
amount of crown for each individual material. The 
materials tested were 4340 steel, aluminum bronze versus 
NiCuAl alloy, manganese bronze, CuAlNiFe alloy, worm- 
wheel bronze versus 4140 steel, nitrided AMS 6475 and 
nitrided 304 stainless steel. 


Several side issues were considered in conjunction with 
the main testing program: 


1. A series of tests were run with the standard material 
at standard test conditions using contaminated ship’s oil 
to determine if the results of the clean oil tests were 
applicable to regular service conditions. 


2. Measurements were made of the temperatures gen- 
erated within the specimens under running conditions. 


3. An attempt was made to measure oil film thickness, 
or to establish that an oil film did not exist. 


4. During testing, instrumentation was developed to 
measure friction work and the dynamic coefficient of 
friction. 


This test apparatus makes available, for the first time, 
enough data on the wearing of dental coupling teeth to 
establish curves of wear versus the various test param- 
eters. Such curves are generated for the standard mate- 
rial, 4140 steel, and comparison graphs will be given for 
wear versus crown for all the other materials, 
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ll. Equipment and procedure 


A. TrEst EQUIPMENT 


In brief, the machine developed to simulate wear in 
dental couplings consists of two specimens mounted on 
flexure pivots so that they can move laterally with 
respect to one another while remaining parallel at all 
times. These specimens are mounted in an oil-tight con- 
tainer so that they may operate in a lubricant bath. An 
eccentric cam on a driving spindle, V-belt-driven by a 1 
horsepower motor, drives the apparatus. The cam is 
connected to the lower specimen through a flexing strut. 
Speed and displacement variations are obtained by vary- 
ing the speed and eccentricity of the cam. The specimens 
are loaded with respect to each other through a simple 
fulcrum arrangement. Figure 1 illustrates this basic 
machine. 

To eliminate any slight “wedging” that might occur 
between the specimens, the specimen loading point is 
raised to the same horizontal plane as the fulcrum pivot. 
A hydraulic cylinder is installed at the fulcrum loading 
point to determine the specimen load with great preci- 
sion. To measure the dynamic friction forces exerted 
between the two specimens during the wear test, a 
system was developed which consists of a temperature- 
compensated strain-gage circuit, attached to the connect- 
ing rod driving the specimen, to provide force informa- 
tion, and a differential transformer with the core attached 
to the oscillating specimen to provide displacement in- 
formation. Simultaneous presentation of the outputs on 







an oscilloscope takes the form of a “work diagram.” A 
photograph of the oscilloscope display is interpreted 
to provide the static friction force, the dynamic friction 
force, and the friction work absorbed per cycle. The 
friction work absorbed by the specimen is then deter- 
mined by subtracting the hysteresis work from the total 
work. The hysteresis work is found from the area of 
a similar work diagram made when the machine was 
running without a top specimen in place. 


B. Test RESULTS 


The first series of tests were conducted on a chosen 
standard material, 4140 steel, to investigate the effects of 
displacement, load, and hardness. These tests were all 
performed in a bath of 2190 TEP oil which was changed 
every 50 hours of test time to ensure similar lubricating 
properties in all tests. All the variables were given the 
following standard conditions, which were held constant 
except for the parameter being tested: 


1. Duration of Test 10 hours 

2. Lubricant 2190 TEP oil 

3. Surface Finish 16u inches rms 

4. Speed 6060 rpm 

5. Total Displacement 0.030 inch nominal 
6. Load 500 psi. 


Any deviation from these parameters will be noted in 
the discussion of results for the particular test. 

To investigate the effect of changing displacement, 
tests were run using nominal total displacements of 


w) 


Wi 
Ve 


/) 


Mi 


\ 





(6) 
7) 
Fic. 1. Schematic view of wear machine 
1. Fulcrum arm 7. Horizontal flexure pivots 13. Connecting rod 
2. Fulcrum pivot support 8. Machine base 14. Loading plate 
3. Fulcrum pivot 9. Oil diaphragm 15. Hydraulic loading cylinder 
4. Upper specimen holder 10. Eccentric cam 16. Level 
5. Vertical flexure pivots ' 11. Grinding spindle 17. Strain gages 
6. Lower specimen holder 12. Oil retaining box 18, Differential transformer 
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0.010, 0.030, 0.045, 0.052, and 0.060 inch. The other 
test conditions, except for the speed, which was 3030 
rpm, were standard. 

Figure 2 shows a plot of weight loss versus displace- 
ment at three different material hardnesses, 160-200 
Bhn, 344-388 Bhn, and 54R.. This graph illustrates that 
the harder material shows less wear at the lower dis- 
placements but more wear at the higher displacements. 
This effect is a result of the so-called ‘“worm-tracking”’ 
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Fic. 2. Weight loss as a function of displacement (4140 
Steel). 


failure of the material. This is a characteristic fretting 
failure which removes large particles of material from 
the wear surface of the specimens, leaving cavities 
reminiscent of worm tracks in wood. In 4140 steel, these 
worm tracks are mirror images of each other in the 
mating specimens. The sharp upturn in the wear graph 
of the hardened material occurs in the 0.030 to 0.045 
inch total displacement range. Inspection of the speci- 
mens clearly shows worm tracking beginning in this range 
in the hardened material. 

The peculiar curve for the 160-200 Bhn 4140 steel 
is probably caused by the surface work-hardening 


phenomenon described by Bowden and Tabor (2). As 
the displacement becomes greater, the material wears 
more, but as the wear conditions become more severe, 
i.e., greater surface speed at higher displacements, the 
surface work-hardens and the wear actually lessens. 
Finally, at very large displacements, the hardening of 
the surface no longer has sufficient effect and the wear 
increases again. Further argument for the surface work- 
hardening theory is that the phenomenon occurs only in 
the annealed material. 

It was originally thought that this phenomenon was 
again present in the test to determine weight loss as a 
function of load for 4140 steel at 54R. (Fig. 3). This 
did not seem altogether reasonable, since it had pre- 
viously occurred only in the annealed material. Careful 
inspection of the specimens showed more worm tracking 
at the medium loads of 500 and 1000 psi than at 1500 
psi. The highest weight loss has always been associated 
with the most severe worm tracking. The data for these 
tests show that the displacement decreases with load 
because of the increase in flexure of the driving arm. 
The displacement apparently falls below the critical 
value where worm tracking will start for material of 
this particular hardness. As it falls below this critical 
value, worm tracking decreases and weight loss goes 
down. The displacement at 1000 psi load on the speci- 
men averages 0.0267 inch and the displacement at 1600 
psi load averages 0.0233 inch, while in the other tests the 
displacement was between 0.028 and 0.030 inch. If a 
true 0.030 total displacement could have been main- 
tained, the weight loss would probably have continued 
to increase with load. Worm tracking did not enter 
into the tests of the 4140 steel at lower hardnesses, 
because the displacement at which it begins in the softer 
material is higher than 0.030 inch. Therefore, the de- 
creasing displacement with load did not seriously affect 
the weight loss, and, for the softer materials, the weight 
loss increased with increasing load in a normal manner. 

This graph shows that under the same conditions the 
388 Bhn material gives less weight loss than the 200 
Bhn material, and inspection shows that the specimens 
did not worm track at either hardness. The 54R,.. material 
reverses this trend and shows a greater weight loss at the 
lower load, because of worm tracking. However, where 
the displacement was reduced slightly, as previously ex- 
plained, the 54R,. material did not worm track and 
performed much better than the other two. The conclu- 
sion that can be drawn therefore is that, at any dis- 
placement, the hardest material that can be used with- 
out worm tracking will give the least weight loss at all 
loads. 

To simulate actual coupling teeth better and to in- 
crease lubrication to the wear area, crowns of 0.065, 
0.040, 0.013, 0.005, 0.003, and 0.0015 inch in 1.5 inches 
of specimen length were ground on 4140 specimens of 
the three hardnesses previously tested: 200 Bhn, 388 
Bhn, and 54R,.. These specimens were tested against flat 
specimens of similar hardness at standard test conditions. 
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Fic. 3. Weight loss as a function of load at various material hardnesses 
(4140 Steel). 


The graph for the annealed specimens, Fig. 4, indicates 
that the moderate crowns apparently accomplish their 
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Fic. 4. Weight loss as a function of crown (4140 Steel 


160-200 Bhn, October 13, 1959). 





purpose of increased lubrication. The large crowns caused 
too high a unit loading and the small crowns acted as 
flat specimens. Crowns of 0.065 inch were not used with 
the annealed material because of the high weight loss 
at 0.040 inch of crown. 


In these tests the specimens originally had a line 
contact between them. This resulted in stress too great 
for the material to bear. As soon as motion started, the 
specimens began to deform, elastically and by wearing off 
the crown, until the loading was compatible with the 
strength of the material. In the high-crowned annealed 
specimens, considerable material was removed before 
this occurred. The high-crowned hardened specimens did 
not show this deleterious effect, because of the higher 
strength of this material, but, with a crown of 0.003 
inch, and greater, in the 388 Bhn material and with all 
crowns in 54R,. material, worm tracks began to appear. 
At this displacement and total load, worm tracks would 
not appear in flat 388 Bhn specimens. While Fig. 5 
shows that crowned specimens, for the most part, wear 
less than the flat ones, it would seem wise to use only 
the 0.0015 crown and thus avoid worm-tracking condi- 
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Fic. 5. Weight loss as a function of crown (4140 Steel 
341-388 Bhn). 


tions when possible. Since the flat 54R. specimens will 
worm-track at this displacement, any improvement in 
wear properties caused by the crown is welcome. Figure 
6 shows that high crowns apparently cut the wear rate 
in this hard material in spite of worm tracks but wear 
was no less than in the softer 388 Bhn material with 
a 0.0015 inch crown. It would probably, therefore, be 
better to use the latter material and again avoid worm 
tracks. 


C. Sprecrat SURFACE TREATMENTS 


The use of special surface treatments was investigated. 
Some of these treatments purported to give a hard 
wearing surface, others a self-lubricating surface. This 





AMOUNT OF 








test series was divided into four groups: the hard sur- 
face specimens, the self-lubricating specimens, the hard 
chrome-surfaced specimens, and the TPEE and lead 
in porous bronze surfaced specimens. The tests were run 
under the standard operating conditions. The results of 
these tests shown in Fig. 7 may be summarized as 
follows: 


1. The hard surface specimens were coated (by a 
proprietary process) with a dense, high-chromium, non- 
magnetic alloy with a Rockwell C hardness of 70-72. 
The graph shows that the thinner the coating, the more 
effective it was. The supplier felt, as a result of these 
tests, that this coating might perform better on a harder 
base material. This was not tested. 


2. The various forms of self-lubricating surfaces were 
a distinct disappointment. As Fig. 7 shows, these sur- 
faces at these conditions performed worse than the bare 
base metal. 


3. The hard chrome-plated samples were disappointing 
in performance. Examination of these specimens shows 
that their wear pattern was different from the other 
coated specimens. The chrome seemed to have flaked 
off the surface and acted as an abrasive between the 
specimens. The other coated specimens wore very simi- 
larly to standard annealed 4140 steel. 


4. The last series of surfaces is a mixture of PTFE 
and powdered lead in porous spherical bronze on a steel 
backup plate. The manufacturer states that there will 
be a high initial weight loss during a “wearing in” period 
of about 20 hours. After this period wear should be 
negligible. During the standard 10-hour test of this 
material against itself, the weight loss was quite high 
but there was no galling. The specimen weight loss in 
the test of this material against 4140 steel was quite 
low. The indications were that, with proper development, 
this material might become useful in dental couplings. 
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D. SurRFACE GEOMETRY TESTS 


The work done previously on surface roughness in- 
dicated that special surface geometries, rather than ran- 
dom roughness, could decrease wear materially. A brief 
investigation confirmed these suspicions. Specimens were 
manufactured with grooves and pockmarks, as illustrated 
in Fig. 8. These specimens were tested at standard test 
conditions. The weight-loss results of the tests of these 
specimens are shown in Fig. 9. In appearance, the speci- 
mens with grooves at a 45-degree angle had the least 
amount of surface damage. The pockmarked surface 
galled enough to be totally unacceptable, even though 
the weight loss in one case was low. The results clearly 
show that some special form of surface geometry would 
be very beneficial in reducing wear and galling. 
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E. LuBRICANTS 


A variable which could be very important in this 
type of wear is the lubricant. To make a complete 
lubricant study would be a project in itself, but it has 
been possible to determine that this is a very profitable 
approach to the problem of wear in dental couplings. 
Several dental coupling manufacturers were contacted, 
and they recommended the lubricants that seemed to 
perform best in their couplings. A representative sample 
of these lubricants, plus two recommended by the Navy 
contracting officer, make up the test series shown in 
Fig. 10. Standard annealed 4140 steel specimens were 
run in each of these lubricants at the standard test 
conditions. 

The graph of test results (Fig. 10) and the specimen 
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DENSE HIGH CHROME ALLOY SURFACE 0.0001 - 0.00015 
DENSE HIGH CHROME ALLOY SURFACE 0.0002 
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Fic. 7. Special surface treatments versus weight loss 
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photos (Figs. 11 and 12) clearly illustrate the ad- 
vantages of two lubricants over the others. The extreme- 
pressure gear-lubricating oil, MIL-L-2105 grade 90, was 
the best tested in that there was practically no detectable 
wear. The other lubricant that showed promise was 
140-SAE-weight transmission oil. Three tests were run 
with the latter lubricant, because the first test showed 
wear visus'ly while the second one did not. The reason 
for this was that the specimens in the first test were put 
together dry and the lubricant added, while in the second 
test the specimens were assembled under the lubricant. 
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The third test verified the second test result, as the 
photographs show. 


F. CONTAMINATED OIL 


To determine the applicability of the tests run in clean 
oil to couplings run in service, oil was acquired through 
the Boston Naval Shipyard from the main sump of the 
DL-2 U.S.S. Mitscher. This oil had been in normal 
service for some time but appeared quite clean. On 
rough qualitative examination, the oil was not acid and 
contained no detectable water. There was a small amount 
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Fic. 8. Specimens with special surface geometries. 
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Fic. 9. Effects of surface geometry on weight loss (4140 Steel 160-200 Bhn, Speed- 
6000 rpm, Displacement—0.030, October 26, 1959). 
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of nonmagnetic solid in suspension, which could be 
centrifuged out. This amounted to less than 0.1 gram 
in a 30-gram sample of oil. Except for this slight sus- 
pension, the oil appeared clear and clean. 

In a complete test of annealed 4140 steel specimens at 
standard test conditions and varying displacement, the 
material suspended in the oil did not affect the wearing 
of the specimens in any way. When plotted, the points 
for the contaminated oil intermingled continuously with 
the points for the clean oil in similar tests. The sus- 
pended material, however, would probably centrifuge 
out in a full-scale dental coupling, and a resulting con- 
centration might cause trouble. 


G. TEMPERATURE AND O1L Fi_m TEstTs 


To add to the general information about the exact 
conditions encountered by the specimens as they were 
tested in this study, tests were run to determine the 
internal temperature of running specimens. Five thermo- 
couples were inserted in holes drilled in the back of a 
standard top specimen, so that one was located within 
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0.010 inch of the wear surface and the rest were located 
in successive 0.020-inch steps back. The output from 
these thermocouples was read on a slide-wire precision 
potentiometer. This output was read at frequent intervals 
(5 to 10 minutes) for the first hour and hourly after that. 
The temperatures were also watched for the first hour 
for unusual excursions. The specimens heated rapidly 
from room temperature to about 116F. This jump took 
place in less than a minute. The temperatures, except 
for short-time peaks, then rose slowly and gradually over 
the next 5 hours to about 138F and then levelled off. 
All the thermocouples showed about the same tempera- 
ture. Except for the thermocouple readings, standard 
procedure and standard test conditions were used in 
this test. 

The spectacular thing about the temperature tests 
was the reaching of sudden peaks at various times. It 
had long been observed that shortly after the start of 
most tests the machine would emit a growling sound. It 
had been thought that when these “growls” were heard 
the oil film had broken down and the specimens were 
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Fic. 10. Effects of lubricant on weight loss (4140 Steel 160-200 Bhn, Speed—6000 rpm, Dis- 
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galling. In the temperature test, when one of these 
“growls” was heard, the temperature jumped in a matter 
of seconds to 202F. After this peak, the temperature 
fell within a minute back to its starting point. This 
indicates that: (a) the oil film breaks down, (2) galling 
takes place, and (c) the resulting roughness and dis- 
engaged particles force the specimen apart sufficiently 
to allow return of the lubricant. This theory is further 


supported by the fact that when a “growl” occurs, the 
work picture on the oscilloscope goes up by about a 
factor of 4. 

Subsequently, to determine if an oil film did exist, 
tests were made by attaching a lead wire to each speci- 
men and completely insulating one specimen, except for 
the wear surface. As the test started, the resistance be- 
tween the two specimens was about 0.16 ohm; after a 





Fic. 11. Annealed specimens tested in different lubricants 





Fic. 12. Annealed specimens tested in different lubricants 
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few minutes running, a “growl” occurred and the re- 
sistance dropped by half, then returned to 0.16 ohm. 

Previous work (3) on measuring the thickness of an 
oil film by resistance indicates that if the specimens are 
lubricated hydrodynamically with an oil film of 1p, for 
instance, the resistance will be 10° ohms or greater. If, 
however, the specimens are boundary-lubricated, the 
surfaces will be separated by films of mono-molecular 
thickness, and the resistance will be an ohm or less. 
The resistance measured shows that the lubrication is 
definitely boundary in nature, and on the thin side at 
that. The drop of resistance during the “growling” 
period certainly indicates more intimate contact of the 
specimen at that time. 


With the large background of information now avail- 
able on 4140 steel, screening-type tests in other materials 
were started for comparison purposes. These tests were 
all run at standard test conditions. 


1. 4340 Steel 


The first material tested was 4340 steel. The weight 
loss as a function of crown for this material at 341-388 
Bhn hardness does not show any great difference from 
the results achieved with 4140 steel at the same hardness. 
The 0.065 crown showed slightly less weight loss than 
the others, but there is not much preference for one 
crown over another in this material. The only new and 
interesting point observed in these tests is that in the 
appearance of these specimens the material removed 
from one specimen is deposited on the other. This effect 
is completely unlike the 4140 steel tests where the two 
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Fic. 13. Weight loss as function of crown (4340 Steel 341- 
388 Bhn). 


specimens were mirror images of each other, i.e., if there 
were a hole worn in one, the other had a matching hole. 
The weight-loss results in the data do not completely 
bear out the transfer of material, however, since both 
specimens lose weight in most cases. But, since one 
quite frequently loses much more than its mating piece, 
there is probably some transfer of material, as well as 


material loss. The results of this series of tests are pre- 
sented graphically in Fig. 13. 


2. Aluminum Bronze (Crowned) versus Ni-Cu-Al Alloy 


The Aluminum Bronze (Mil-B-16033 Class 3 Heat 
Treat) was crowned at 0.005, 0.013, 0.040, 0.065 inch 
in 1.5 inches of specimen length and tested against Ni-Cu- 
Al Alloy, Q Qn-286a(1) which was flat and ground to a 
finish of 16 winches. These tests were run at standard 
test conditions, and the weight-loss results are shown as 
a function of crown in Fig. 14. From these results, it 
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Fic. 14. Weight loss as a function of crown (Aluminum 
Bronze versus Ni-Cu-Al alloy). 


can be seen that this material combination has a wear 
rate in the same range as the steels already tested. In 
this combination, however, most of the weight loss 
occurred in the aluminum bronze, and there was some 
transfer of bronze to the NiCuAl alloy. This shows as 
a copper-colored smear on the wear surface of the 
NiCuAl alloy. Examination of these specimens revealed 
a slightly rough, general wear area, with a small area 
of spalling in the middle. This examination also plainly 
showed a heat discoloration of the specimens. This com- 
bination of material seemed to generate more heat than 
any other. It is the only case where heat discoloration 
took place to this marked degree. 


3. Nitrided AMS 6475 Tested with Various Crowns 


The AMS 6475 was nitrided to give a minimum case 
of 0.015 inch and a surface hardness of 60R.. This 
material was tested with crowns of 0.005, 0.013, 0.040, 
and 0.065 inch in 1.5 inches of specimen length at 
standard test conditions. The weight-loss results for 
these tests are plotted in Fig. 15 as a function of crown. 
Figure 16 is a photograph of the specimens after test and, 
in this case, is the most informative source. It can be 
observed that the case broke through in at least one 
test at each degree of crown. There are therefore two 
distinct types of wear on these specimens. One is the 
wear on the hard case material; the other is the severe 
pitting of the soft parent material beneath. This material 
is probably not the best for dental couplings because, 
once the case breaks, the soft parent material will wear 
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Fic. 15. Weight loss as a function of crown (AMS6475) 


rapidly to failure. It has been shown that, under these 
test conditions, the case will frequently break down 
and, even when it does not, the wear, i.e., weight loss, 
can be quite large, as in specimens 850 and 853. At 
the higher crowns, 0.040 and 0.065 inch, the case seems 
to break more readily, as might be expected because of 
the higher loading at the contact point. 


4. Manganese Bronze 


Manganese Bronze Tested with Various Crowns. 
Manganese bronze (Mil-B-16522 Class 1) specimens 
were tested with crowns of 0.005, 0.013, 0.040, and 
0.065 inch in 1.5 inches of specimen length. This series 
of tests was run at standard test conditions, and the 
weight loss as a function of crown is plotted in Fig. 17A. 
These results show that this material exhibits the least 
weight loss of any material tested. Four of the specimen 
pairs (Numbers 830, 832, 833, and 837) actually showed 
very slight gains in weight. Examination of these speci- 
mens reveals that there was actually some roughening 
of the surface where the test specimens came in contact 
but apparently very little, if any, material was removed. 
Little preference can be made in choosing the amount 
of crown that works best with this material, since the 
weight gains mentioned above covered the whole spec- 
trum of crowns. From these tests, manganese bronze 
running against itself is about the best choice for a dental 
coupling material. However, the next groups of tests 
point out some of the limitations of this material. 

Manganese Bronze Tested at Large Displacement. The 





Fic. 16. Nitrided AMS6475 tested with various crowns (Hardness—60 R,, Displacement—0 030, Load—500 
psi, Speed-6060 rpm). 
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Fic. 17A. Weight loss as a function of crown (Manganese 
Bronze). 









IN 1.5 INCHES 


0.065 


0.040 





0.2 0.4 0.6 
WEIGHT LOSS, GRAMS 

Fic. 17B. Weight loss of Manganese Bronze. (Displace- 
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same manganese bronze as used before (Mil-B-16522 
Class 1) was tested again with crowns of 0.040 and 
0.065 inch, in 1.5 inches of specimen length and at 
0.060 inch displacement. All other test conditions were 
standard. Figure 18A is a photograph of these specimens 
after test, and it shows how badly three out of four of 
the specimens worm-tracked. This picture clearly indi- 
cates that if the running conditions on this material are 
pushed to extremes it, too, will exhibit catastrophic 
failure. The weight-loss results of these tests are plotted 
in Fig. 17B, and they show that, although specimen- 
pair 907 did not worm-track, the weight loss for this 
pair was almost as great as for the others. In using 
manganese bronze in a coupling, therefore, it will be 
necessary to hold the motion between the teeth below 
a certain limit which falls between 0.030 and 0.060-inch 
total motion. 

Manganese Bronze Tested for 100 Hours. To further 
increase the fund of information available on this type 
of manganese bronze, one pair of specimens with 0.065- 


inch crown was tested for 100 hours in SAE 140 gear- 
lubricating oil. The other test conditions were standard. 
The SAE 140 oil was chosen because it had shown itself 
to be superior to 2190 TEP oil in previous tests using 
steel specimens, but whether this is true with manganese 
bronze is not known. The specimens are pictured in 
Fig. 18B. The weight loss for this test was quite high 
compared with equivalent 10-hour tests. This could 
mean that the wear-versus-time curve is a constantly 
increasing curve, or it could mean that, with this material, 
the 140 SAE oil is not so good a lubricant as 2190 TEP 
oil. This test was originally scheduled to be run at 0.060- 
inch displacement, but after the severe worm tracking 
of manganese bronze at this displacement in 10 hours, 
it was decided that it would be useless to pursue large 
displacement work further. 


In another experiment tried with the manganese 
bronze, two specimens were prepared, one of which was 
flat while its mate had V-grooves, 0.015 inch wide, cut 
on a 45° angle to the direction of motion, with flat- 
topped lands 0.015 inch wide left between the grooves. 
These were then tested at standard test conditions. This 
combination had worked quite well with 4140 steel by 
providing lubrication to the wear area, but it proved 
singularly unsuccessful with the manganese bronze. The 
grooved piece wore a matching pattern into the flat 
piece, as can be seen from the photograph of these 
specimens in Fig. 18C. The weight-loss results are shown 
in Fig. 17C, where they can be compared with the other 
manganese-bronze test results. 


5. Cu-Al-Ni-Fe Alloy Tested with Various Crowns 


The Cu-Al-Ni-Fe Alloy (Mil-B-16033-4) specimens 
were made flat and with crowns of 0.005 and 0.013 inch 
in 1.5 inches of specimen length. These were tested at 
standard test conditions. The graph of the weight-loss 
results (Fig. 19) shows very uniform wear for all six 
of these tests. Apparently it makes little difference 
whether the specimen is crowned. These results, how- 
ever, are considerably better than those obtained with 
aluminum bronze (Mil-B-16033) versus Ni-Cu-Al alloy. 
As in the previous tests, inspection of these specimens 
shows considerable heating coloring. The actual wear 
pattern of the Cu-Al-Ni-Fe alloy resembles that of man- 
ganese bronze, more like a burnishing than a galling. In 
these tests there were no spall spots in the wear area 
as there were when the aluminum bronze was tested 
against Ni-Cu-Al alloy. The Cu-Al-Ni-Fe alloy showed 
up very well as a choice of coupling material in these 
tests. 


6. Worm-Wheel Bronze Versus Hardened 4140 Steel 


Worm-wheel bronze specimens [| Mil-G-17859, par. 
3.14.17 (i)] were tested flat and with crowns of 0.005 
and 0.013 inch, in 1.5 inches of specimen length against 
4140 steel hardened to 350 Bhn. These specimens were 
tested at standard test conditions. The weight loss re- 
sults plotted in Fig. 20 may be slightly deceiving. The 
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data show that, in every case in this series of tests, the 
4140 steel specimen gained weight. This is apparent 
from inspection of the specimens where there is a good 
smear of bronze on the steel and no signs of galling. 
The weight-loss results for this material combination 
were quite uniform and quite low. If a case should arise 
in dental coupling design where it would be much easier 
to change one part than another, in case of wear, this 
combination might well be a good choice. 


7. Nitrided 304 Stainless Steel 


Specimens of 304 stainless steel were made up with 
crowns of 0.005, 0.013, 0.040, and 0.065 inch in 1.5 





inches of specimen length. These specimens were then 
Malcomized (a form of nitriding used on stainless steel) 
to a case depth of 0.005 inch minimum and a hardness 
of 60R,. These specimens were then tested at standard 
test conditions. Since pretest weights were not taken on 
several of these specimens, complete weight-loss results 
are not available. However, by knowing that the weight 
loss on two of the specimens is very high, it is possible 
to compare these specimens with the others in the same 
series and see that their weight loss must also be very 
high. The photograph of these specimens (Fig. 21) 
illustrates this point very well. Note that the wear pat- 
terns on specimens 826 and 827 (for which the weight 


Fic. 18A. Manganese Bronze specimens tested at large displacement (Displacement—0.060 tot., 
Load-500 psi, Speed—6060 rpm). 


Fic. 18B. Manganese Bronze specimens tested in 140 SAE Oil for 100 hours (Displacement—0.030 
tot., Load-500 psi, Speed—6060 rpm.) 


Fic. 18C. Grooved Manganese Bronze specimens (Displacement-0.030 tot., Load-—500 psi, 
Speed-6060 rpm). 
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loss is known) are smaller than on any other specimen 
except possibly specimen 825. The wear pattern in this 
material is somewhat different from what has been seen 
before. It can be plainly seen on the photograph where 
the case has worn through. Then, in the parent metal, 
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Fic. 19. Weight loss as a function of crown (Cu-Al-Ni-Fe 
alloy). 




















Fic. 21. Nitrided 304 Stainless Steel tested with various crowns (Hardness—60 R,, Displacement— 


.030 tot., Load—500 psi, Speed—6060 rpm). 


there is the normal worm tracking with large amounts 
of material removed, and, secondly, there is a very fine 
worm-tracking and crevice pattern that covers much of 
the surface. This material does not appear satisfactory 
for service at the conditions imposed by this test. 
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Fic. 20. Weight loss as a function of crown (Worm-wheel 
Bronze versus 4140 Steel 350 Bhn). 
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lll. Summary and analysis of test results 


Analyses of the test results indicate that galling occurs, 
as expected, only when the lubricating film breaks down 
between the specimens. Catastrophic galling in the form 
of worm tracking occurs only above a critical amount of 
motion for each material or material hardness. In 4140 
steel, the majority of the tests to determine the effects 
on wear of the various parameters in current dental 
coupling service were in the area of lubrication break- 
down. 


Displacement is probably the most crucial parameter 
in the wear of dental coupling teeth. It has been fairly 
well established that worm tracking is the primary cause 
of rapid and catastrophic wear in coupling teeth. Ap- 
parently there is a critical displacement for every material 
and material hardness above which worm tracking will 
occur. These tests have established that, for 4140 steel, 
worm tracking will not occur at 200 Bhn hardness up 
to 0.060 total motion, the maximum motion tested. At 
388 Bhn hardness, worm tracking will occur above 0.052 
inch at 500 psi and as low as 0.030 inch of motion at 
1500 psi load. For 4140 at 54R., worm tracking begins 
at 0.030 inch of motion at 500 psi and 0.024 inch at 
1000 psi. With respect to the displacement obtainable 
from a coupling, therefore, it is not advantageous to 
choose a harder material. 

The best reason for choosing a harder material would 
be to support a larger load. The experiments concerned 
with weight loss as a function of load show that this is 
valid reasoning up to a point. At 250 psi all three hard- 
nesses performed equally well. At higher loads the 388 


7 
| MATERIAL AND SURFACE TEST 





Bhn material shows lower weight loss than 200 Bhn 
material, but the 54R, material shows greater weight 
loss than either, or would have, had the displacement 
remained constant. There is therefore an optimum that 
must be reached in a coupling design between the load 
the teeth are expected to bear and the amount of motion 
they are to see. 

The results of tests for the other parameters can be 
summarized as follows: 

Surface Treatments. Hard chrome plating and the 
self-lubricating surface did not improve the wear char- 
acteristics of 4140 steel under standard test conditions. 
The dense high chrome alloy surface with a very thin 
coat did reduce wear slightly and probably deserves more 
research. Permanently lubricated surfaces of PTFE and 
lead in porous bronze on steel also appear to offer some 
possibilities. 

Surface Geometry. A special surface geometry con- 
sisting of small grooves running obliquely to the direc- 
tion of sliding appears to aid lubrication enough to pre- 
vent practically all galling in 4140 steel specimens in 
standard 2190 TEP oil. In these tests, the grooves were 
made in only one specimen of each pair. The same 
configuration did not work nearly so well on the man- 
ganese bronze specimens. A surface similar to the test 
surface could be obtained on coupling teeth by a special 
shaving process followed by hardening and honing. It 
would be interesting to have such a coupling made and 
tested in a four-square test stand. 

Lubricant. The lubricant type is critical to best cou- 
pling performance. This is illustrated by the fact that 
two of the lubricants reduced wear almost to the van- 
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ishing point. Gear lubricating oil, Mil-6-2105 grade 90, 
an extreme pressure oil, gave the best performance, fol- 
lowed closely by 140 SAE weight transmission oil. These 
two oils apparently provided a continuous lubricating 
film which did not break down and allow metal-to-metal 
contact. The two oils also po'nt up the fact that the 
lubrication problem can be approached in two ways: by 
using an extreme pressure lubricant or by using a very 
high viscosity lubricant. 

Dynamic Coefficient of Friction. The measurements 
made of the dynamic coefficient of friction indicate that 
it varies from about 0.05 to about 0.3 under various test 
conditions, but it is generally about 0.1. According to 
information available, this agrees with what has been 
obtained in full-scale coupling tests. The coefficient of 
friction rises sharply by a factor of 4 to 8 at various 
times during the test. This is probably due to galling. 
No successful correlation has yet been made between 
dynamic coefficient of friction and work per cycle. 

Crowned Specimens. In the three hardnesses of 4140 
steel some amount of crown gave a weight-loss advantage 
over the flat specimens of the same hardness. Since the 
crowned specimens more closely simulate the shape of 
actual coupling teeth, our screening-type tests were run 
using various crowns on each material. To compare the 
results achieved with each of the materials tested, the 
two matching crowns which show the least average weight 
were taken from each group and these results are plotted 
in Fig. 22. This plot illustrates just how superior the 
manganese bronze is at these test conditions. This 
material does not gall in the sense that steel does. It 
just wears and, then, not badly. As stated before, in 
this 10-hour test, the specimens shown actually measured 
a slight weight gain. The only caution that must be 
used in utilizing manganese bronze is keeping the relative 
motion low enough to prevent worm tracking and this is 
necessary with most materials. 

The critical value at which worm tracking begins has 
been determined for three hardnesses of 4140 steel, but 
all that can be said about this value in the manganese 
bronze is that it falls between 0.030 and 0.060 inch total 
motion. In 4140 steel the critical displacement at which 
worm tracking begins increases at the lower material 
hardnesses. If this holds true for other materials, the 
soft manganese bronze would have a high critical dis- 
placement before worm tracking begins. There is evi- 


dence that this may be true in that one of four 
manganese bronze specimens tested at 0.060 inch dis- 
placement did not worm-track. 

The other bronzes tested also performed better than 
the steels tested. The Cu-Al-Ni-Fe alloy exhibits the same 
wear pattern as the manganese bronze except that it has 
a larger weight loss. The worm-wheel bronze tested 
against hardened 4140 steel and the aluminum bronze 
tested against the Ni-Cu-Al alloy have wear patterns 
similar to each other. There is a definite transfer of cop- 
per from the bronze to the mating material. This proba- 
bly acts as somewhat of a lubricant when the oil lubri- 
cation breaks down. The higher weight loss of the 
aluminum bronze/Ni-Cu-Al alloy combination is due to 
the extra spalling in the center of the wear pattern, 
probably caused by the excessive heat generated by this 
combination of material. 

The nitrided materials showed up very poorly. In 
general, the cases broke down, exposing the soft parent 
material to severe wear and galling. It is doubtful if 
thicker cases would solve this problem; they would 
probably just postpone its onset. 

Worm tracking appears to be a major cause of ex- 
cessively high weight loss in all materials, and it occurs 
above a critical displacement, which is dependent upon 
the material and the hardness. Once the critical dis- 
placement has been determined, the dental-coupling 
designer need only stay below that value to get the best 
wear possible from a given material. Of the materials 
tested, it appears that manganese bronze (Mil-B-16522 
Class 1) is the best material for dental coupling use at 
the conditions of these tests. 
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The Performance of Lubricated and Dry Ball Bearings 
at 450 F in Oxidizing and Inert Atmospheres at 
Various Pressures 


By DAVID J. BOES* 


The performance of grease lubricated and unlubricated ball bearings has been examined under 
various conditions of atmosphere and pressure. Data showing the effect on bearing life by the 
substitution of “self-lubricating” retainers for standard metallic cages are also included. The tests 
were run in atmospheres of oxygen, nitrogen, and air, at pressures from 0.5-1mm Hg absolute 
to 33 inches Hg. The majority of tests were conducted at 232 C. 

A general theory of bearing failure is proposed to explain the rather large variations in lubricant 
and bearing life brought about by the changes in the environment in which they operate. 


Introduction 


THE operating conditions imposed on ball bearings and 
their lubricants have become more rigorous in proportion 
to the speeds and altitudes of aircraft and missiles. Bear- 
ing temperatures for numerous present-day applications 
are 450 F or more, while future applications will require 
bearings systems to function at 750 to 1000 F. Missile 
development has complicated the situation by imposing 
two additional requirements on the lubricant; namely, 
the ability to withstand pressures of 10°'' mm Hg, and 
the ability to tolerate high radiation levels. 

Bearing and lubricant manufacturers have been hard 
pressed to keep abreast of the rapid strides in aircraft 
technology. Presently the upper temperature limit of 
ball bearings is restricted by the temperature limitations 
of the lubricant. Although the problem of short term 
(100-500 hours) ball bearing lubrication at temperatures 
of 400-450 F has been adequately met, a major problem 
in the temperature range immediately arises when a 
lubricant life of 2000-3000 hours is required. Further- 
more, there remains much to be learned in order to 
better understand the causes of high temperature lubri- 
cant and bearing failure. 

Some time ago a program was initiated to (a) study 
ball bearing and lubricant failure at 450-500 F under 
various atmospheric conditions in an attempt to better 
understand the cause of such failures, and (b) attempt 
to learn what modifications could be made to a bearing 
system to improve its performance. In this instance 
“bearing system” is defined as the bearing, its lubricant, 
and the atmosphere surrounding it. 


Experimental 


The equipment used to conduct these experiments, 
Fig. 1, has been described in detail in a previous paper 





Contributed to the American Society of Lubrication Engineers 
by the author. Manuscript received March 14, 1961. 
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(1). Briefly, the instrument can be described as one 
which permits the operation, at 1750 rpm, of a single 
ball bearing supported in a sealed chamber in which 
the temperature, type of atmosphere, and pressure may 
be controlled. The device can operate for prolonged 
periods at temperatures up to 500F, and for shorter 
periods (200 to 300 hours) at 650 F. Pressures from 1 & 
10° mm Hg absolute to 40 inches Hg are possible. 
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Shaft 











Motor Frame 








— — Bearing 


Fic. 1. Assembly view of grease oxidation tester 


The experiments can be divided into two main cate- 
gories; namely, those made with lubricated ball bearings 
and those made with dry ball bearings—no lubricant 
whatsoever having been used. All experiments, unless 
otherwise stated, were made under a 10 pound radial 
load at 1750 rpm and 450F. Test bearings were 204 
deep groove, ABEC-S5 ball bearings, heat treated for 450 
or 750 F operation, as noted, with an internal clearance 
of 0.001 to 0.0012 inch. For most of the work, 10-10 
steel retainers were used. In those tests using a self- 
lubricating cage of polytetrafluoroethylene (PTFE), a 
two-piece machined design was used. 





a a A 
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Lubricated bearings 


For the lubricated runs, the bearings were thoroughly 
cleaned with an organic solvent, weighed, and packed 
with one gram of a silicone grease employing an aryl 
substituted urea thickener. All tests were run to grease 
failure first in an air atmosphere, next oxygen, and 
finally nitrogen, at four pressures. These were 33 inches 
Hg, 14 inches Hg, 20 inches Hg, and % to 1 mm Hg. 
The time of grease failure was taken as that point at 
which the bearing temperature broke sharply, rising from 
20 to 30C within fifteen minutes. After hitting its 
peak, the bearing temperature would return to within 
5 to 10C of the test temperature and bearing wear 
would begin, as evidenced by the accumulation of wear 
products in the chamber from this point on. If the tests 
were permitted to run beyond this point, continued wear 
eventually resulted in a fractured cage and bearing 
seizure. 


Discussion of results 


Figure 2 is a photograph of three bearings taken at 
different stages in their life. The first is that of a clean, 
freshly lubricated bearing before loading into the tester. 
The second bearing was stopped at the peak of the 
temperature surge. At this point the lubricating ability of 
the grease has been exhausted. The bearing has lost 
all its initial radial play, and is quite difficult to turn. 
Examination of the inner and outer race grooves shows 
them to be coated with a hard, varnish-like deposit. The 
small amount of grease remaining in the bearing is badly 
oxidized and quite gummy. The third bearing ran for 
24 hours after the temperature surge (lubricant failure) 
during which time excessive wear finally resulted in cage 
failure and bearing seizure. 

The data accumulated from these experiments on 
lubricated bearings are presented in Fig. 3 as curves 
plotting lubricant life versus the pressure of the atmos- 
phere in which the bearing is operating. The results 
of tests made in oxygen, air, and nitrogen, at a minimum 
of three different pressures, are shown. Three runs were 
made under each set of conditions. Where agreement 
was poor among these, additional runs were made. The 
grease life plotted in Fig. 3 is the average of these tests. 
Although the author realizes that a more complete set of 
data is required to give a valid statistical picture, it 
is believed that the trends indicated are sufficiently pro- 
nounced to warrant their discussion. 


Lubricated bearings 


The results of experiments made in oxygen and air 
indicate that the life of the lubricant is inversely pro- 
portional to the pressure of the atmosphere in which it 





Fic. 2. Top: Freshly lubricated bearing before test. Center: 
Bearing condition at peak of temperature surge. Bottom: Condi- 
tion after 25 hours operation beyond temperature surge. 
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Fic. 3. Effect of pressure on grease life in different atmospheres 


functions over the pressure range of 0.5 mm Hg to 33 
inches Hg absolute. Initially one might presume that 
this condition is only to be expected. Lower concentra- 
tions of oxygen per unit test volume which exist at the 
reduced pressures result in a lower rate of grease oxida- 
tion and longer life. The reduced pressure, however, is 
also responsible for a certain loss in grease life in causing 
a more rapid loss of oil from the grease through evapora- 
tion. Test results indicate that the impact of higher 
evaporation losses tending to reduce lubricant life is 
much less pronounced (at 1 mm Hg) than that of lower 
oxygen concentrations tending to increase grease life, 
resulting in a net increase in lubricant life. 

Verification of this can be found by comparing the 
average grease life under moderate vacuum conditions 
with those obtained in nitrogen and oxygen atmospheres 
at positive pressure. Since practically nonoxidizing con- 
ditions exist in the vacuum runs as well as the positive 
pressure nitrogen runs, comparison of data from these 
tests gives a direct measure of the loss in grease life 
for which oil evaporation is responsible. Examination 
reveals that increased oil evaporation losses due to 
moderate vacuum conditions shortens grease life by 
about 25% from that realized under nonoxidizing, posi- 
tive pressure conditions. On the other hand, in comparing 
average grease life in nitrogen, oxygen and air at a 
constant positive pressure, one finds that the lubricant 
life is reduced by approximately 50% in air and 80% 
in oxygen over that obtained in nitrogen. It should be 


mentioned that since the temperature at which thermal 
decomposition of the grease’s constituents occurs is 
greater than test temperature, the nitrogen curve gives 
a true picture of the effect of oil evaporation rate on 
grease life. 

The oxygen data further corroborated the trend indi- 
cated by tests conducted in air, again showing an 
improvement in grease life with decreasing oxygen pres- 
sure. The rather sharp break in this curve at approxi- 
mately 15 inches Hg absolute was particularly interesting, 
however, since it implies that as oxygen concentra- 
tion falls below a certain level, grease life improves 
quite rapidly, deviating from the practically linear re- 
lationship between grease life and pressure which had 
predominated under all other atmospheric conditions 
studied. In Fig. 4, curves are presented plotting grease 
life against oxygen concentration of its environment for 
three environmental pressures. It is readily seen from 
those runs made at 16 inches Hg and 33 inches Hg abso- 
lute that the rate of increase in grease life with decreasing 
oxygen concentration rises sharply as oxygen concentra- 
tion drops below 20%. For example, from the data ob- 
tained at 33 inches Hg absolute one will note that 
reducing oxygen concentration from 100% to 20% 
doubles grease life. A further reduction of 20% (total 
Ne atmosphere at 33 inches Hg absolute) again doubles 
the life. At lower pressures (10 inches and 16 inches Hg 
absolute) this improvement in grease life with decreasing 
oxygen concentration lessens because of the diminishing 
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effect oxidation exerts on grease life at these reduced 
pressures. 

A rather significant observation can be drawn from 
this study. For some time investigators have been stating 
that the best possible high temperature life from a given 
lubricant can best be obtained through control of the 
atmosphere surrounding the lubricant; that is, opera- 
tion in nitrogen or some other inert gas. The informa- 
tion collected in this work verifies this stand; maximum 
grease life being obtained under pure nitrogen atmos- 
pheres. Control of the bearing’s environment, however, 
to the level required to reach this condition is an ex- 
tremely difficult, and in some cases impossible, problem. 
Many applications would require gas tight seals for 
shafts rotating up to 15,000 rpm, or some type of 


200 : 


envelope to completely enclose a machine already hard 
pressed by space and weight considerations. These data 
indicate that the rigid sealing requirements which were 
thought necessary for controlled atmosphere bearing 
systems could be substantially relaxed if a small con- 
cession in maximum grease life attainable under ideal 
conditions is made. Assuming that about 75% of opti- 
mum grease life is acceptable, sealing requirements 
could be relaxed to the extent that maintaining a re- 
duced pressure as high as 10 inches Hg (instead of a 
few tenths of an inch as previously supposed) would be 
sufficient to deliver the required life. This would be 
true even in an air atmosphere. On the other hand, a 
controlled atmosphere (at any pressure to 33 inches 
Hg) of 95% inert gas, 5% oxygen instead of 100% 
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Fic. 4. Effect of oxygen concentration on grease life at various pressures 
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Fic. 5. Effect of pressure change on dry bearing life-air atmosphere 


inert gas would also be adequate to produce this 75% 
of optimum grease life, as shown by the intersection of 
the three curves in Fig. 4. 


Unlubricated tests 


As stated previously, unlubricated ball bearing tests 
were made under the same conditions of load, speed and 
temperature as those employed under lubricated con- 
ditions. The results of these experiments are again shown 
as a curve (Fig. 5) plotting bearing life against the 


pressure of its environment. In runs made at a pres- 
sure slightly greater than atmospheric, the life reported 
is in reality the time required for the balls to wear com- 
pletely through a section of the retainer causing bearing 
seizure and failure. It is interesting, however, to note 
what effect different atmospheres have on this rate of 
bearing wear. For example, bearings of 52100 steel, heat 
stabilized for 450 F operation, ran twice as long in a 
nitrogen atmosphere (Table 1) as they did in an atmos- 
phere of air before cage failure. Similarly, the “dry 








TABLE 1 
Summary of Environmental Tests*—Unlubricated Conditions 
Pressure 
Inches Hg Bearing Retainer Life- Average 
Atmosphere (absolute) metal material hours life-hours 
Air 33 inches Hg 521000 10-10 Steel 80 73 
66 
Air 16 inches Hg 52100 10-10 Steel 3 3 
3 
Air Y4-1 mm Hg © 52100 10-10 Steel 3 3% 
3 
4a 
4 
3% 
Nitrogen 33 inches Hg 52100 10-10 Steel 170 175 
180 
Air 33 inches Hg M-10¢ Ag plated BeCu 160 162 
175 
150 
Air 16 inches Hg M-10 Ag plated BeCu 75 72 
68 
73 
Air 4-1 mm M-10 Ag plated BeCu 13 12 
10 





@ All tests operated at 450 F; 1750 rpm; 10 pound load; 204 size ball bearings. 
> All bearings heat stabilized for 450 F operation; 1 to 1.2 mils internal clearance; ABEC-S. 
¢ M-10 bearings heat stabilized for 750 F; 1 to 1.2 mils internal clearance; ABEC-3. 
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life” of M-10 tool steel bearings, heat stabilized for 750 
F operation, was improved by approximately 75% by 
surrounding the bearing with helium instead of air. 

When lubricated bearings were tested over a 33 inches 
Hg pressure range, it was learned that the life of the 
lubricant increased as the pressure decreased in either 
air or oxygen atmospheres. For unlubricated bearings, 
however, the opposite reaction was found. A reduction 
in pressure resulted in a sharp drop in dry bearing life. 
This was a rather puzzling development inasmuch as one 
would expect longer bearing life in atmospheres of lower 
oxygen concentration, since the rate of oxidation of 
bearing metal would be reduced. The history of the 
bearing temperature during its life, coupled with the 
type of bearing failure predominating in reduced pres- 
sure tests, indicated that the mode of failure in these 
runs was quite different from that found at atmospheric 
pressure and higher. (Fig. 6) 

The bearings from the high pressure runs wore con- 
tinuously during the entire life of the test until cage 
rupture occurred. On the other hand, the same bearing 
type, operating at reduced pressures, ran for less than 
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five hours before suddenly undergoing a rapid tempera- 
ture rise. If the tests were permitted to continue, a 
temperature surge of 50C or more would occur, after 
which the bearing would gradually return to test tem- 
perature. Only after an additional 10 to 15 hours would 
the bearing seize due to a ruptured cage. It was postu- 
lated that the explanation for the differences noted 
between bearing failures at atmospheric and reduced 
pressures were a result of complete or partial elimina- 
tion of gas from the test chamber. The inability of the 
bearing’s environment to rapidly remove, by conduction 
or circulation of gas through the bearing, heat generated 
by the friction produced in the sliding of various bear- 
ing components against each other results in a rise in 
bearing temperature over test temperature. This tem- 
perature rise causes thermal expansion of the balls and 
inner race against the restricted outer race, leading to 
a reduction or complete loss of radial play in the bear- 
ing, thereby loading the balls between the races. The 
additional load on the bearing causes higher running 
torques and further heating, which in turn leads to 
additional expansion, higher ball loading, etc. until 
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Fic. 6. Bearing temperature history from start-up to failure under various environmental 
conditions. 





Ball Bearing Operation at Various Pressures 219 


TABLE 2 
Environmental Tests on Unlubricated PTFE Caged Ball Bearings 








Pressure Bearing Retainer Life- 
Atmosphere inches Hg metal material hours 
Air 33 inches Hg 52100 100% PTFE 220 
400 

Air 4-1 mm Hg 52100 100% PTFE 360 
M-10 200 

Helium 33 inches Hg 52100 100% PTFE 675 
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the load becomes so great that the balls themselves be- 
gin wearing rapidly. As the balls are reduced in size, the 
bearing loosens up enough to allow a reduction in load. 
Lighter loading is followed by lower running torques and 
less frictional heating, eventually returning the bearing 
to normal test temperature. 

In an attempt to verify this hypothesis, a number of 
bearings were modified to the extent that their steel 
retainers were replaced with retainers made of PTFE. 
In dry ball bearing operation, the major source of fric- 
tional heating lies in those areas of the bearing in 
sliding contact with one another (retainer versus ball 
and/or retainer versus race). By incorporating into the 
bearing design a retainer fabricated from a material 
with inherent lubricating properties, it was believed 
that these sliding coefficients of friction could be re- 
duced to such a level as to markedly lower the amount 
of frictional heat generated in the bearing. If this were 
the case, the bearing should not induce its own destruc- 
tion through the mechanism described previously. 

Table 2 presents the results of experiments made on 
unlubricated PTFE caged bearings under various con- 
ditions. The reduction of high coefficients of sliding 
friction in the bearing not only eliminated the pre- 
mature failure of test bearings under vacuum conditions, 
but also substantially improved the life of these un- 
lubricated bearings when operating in air or inert atmos- 
pheres. Examination of the bearings after test showed 
that all load bearing surfaces had been polished to a 
high luster and showed no appreciable change in weight 
to 0.001 gram, while the cage was worn rather severely 
in those areas in sliding contact with the balls and 
inner race shoulder. 

In the author’s opinion this series of experiments on 
PTFE caged bearings verifies the hypothesis used to 
explain the unexpected behavior of dry ball bearings 
operating under high vacuum conditions. It also pro- 
vided strong evidence supporting the feasibility of suc- 
cessfully operating dry ball bearings at temperatures 
much higher than 450 F provided the standard metallic 
retainers are replaced with those made from suitable 
materials having inherent lubricating properties. Inas- 
much as higher temperature work (500 to 1000F) on 


self-lubricating caged ball bearings is not within the 
scope of this paper, it will not be discussed at this 
time. 


Conclusions 


The experiments discussed in this report indicate that 
changes in the pressure and/or type of atmosphere in 
a ball bearing’s environment substantially affect the life 
of lubricants and bearings at 450 F. In air, lubricant 
(grease) life increases almost linearly as the pressure 
is reduced from atmospheric to 1 mm Hg absolute. 
Operation of the bearing over this same pressure range 
in nitrogen shows lubricant life decreasing with lowering 
pressure due to more rapid loss of oil from the grease 
at reduced pressure through evaporation. Optimum 
grease life was obtained with the bearing operating in 
an inert atmosphere at positive pressure (33 inches 
Hg). 

Oxygen concentration was also shown to have a 
pronounced effect on lubricant life with over 50% of 
optimum grease life already lost in an oxygen concen- 
tration of only 20%. Approximately 80% of optimum 
grease life is lost by operation in pure oxygen atmos- 
pheres at 33 inches Hg absolute. 

The life of unlubricated ball bearings was found 
to be drastically reduced by operation under evacuated 
conditions. In the author’s opinion, this is due to in- 
ability of the bearing’s environment to remove heat 
generated by friction of sliding bearing components at 
reduced pressures. It was shown experimentally that 
when the amount of frictional heating is reduced by 
substituting self-lubricating ball retainers for the stand- 
ard metal retainers, low pressures have little if any 
influence on dry bearing life. In fact, dry bearings 
equipped with these special cages gave two to three 
times longer life at these temperatures than standard 
lubricated bearings under optimum conditions. 


REFERENCE 


1. Mauncxke, H. E., and Bors, D. J., “A Dynamic Oxidation 
Test to Evaluate Grease or Ball Bearing Performance at High 
Temperature.” ASLE Trans. 1(1), 17-22 (1958). 








ASLE TRANSACTIONS 4, 220-226 (1961) 


Degradation of High Temperature Lubricants and 
Metals by Fluoroelastomers 


By JOHN J. MURRAY! and EUGENE P. SCANLAN? 


The structural and functional components of high temperature lubrication systems are metal 
assemblies, lubricants and elastomeric seals. How do combinations of these effect each other under 
the varying conditions of temperature and atmosphere? This question is often presented to the 
manufacturers of seals and of lubricants. A laboratory method for determining the answer is 
presented here. This method exposes combinations of lubricant, metal and elastomer to varying 
atmospheric conditions at a constant temperature. The degrading effects of temperature alone on 
each component of a lubricating system are known. This work was prepared to show that the 
proper selection of the sealing system components can prolong the life of the system. 


Introduction 


In Marcu 1957, elastomeric components were described 
as the “Achilles Heel” that jeopardized progress in air- 
craft and missile development programs. Other struc- 
tural and functional materials were holding their own 
in models for which were predicted environmental tem- 
perature conditions building up to 750 F by 1960. Lubri- 
cants had, at that time, been developed which were 
adequate for the 350-450 F bulk storage and use-area 
temperatures. 

Numerous investigative studies were made by many 
agencies in an effort to improve, by compounding tech- 
nique, the high temperature fluid resistance of the 
chloroprene, butadiene-acrylonitrile, and polyacrylate 
elastomers. They were found inadequate for the task of 
gasketting, sealing, or transmitting fluid power at the 
temperatures predicted in this short term forecast. The 
picture was even more bleak for the decade 1960-1970, 
when environmental temperatures might rise to as high 
as 2800 F. 


DEVELOPMENT OF FLUOROELASTOMERS 


Fortunately, foresight on the part of the Air Force 
and other military agencies anticipated the shortcomings 
of elastomers. Contracts were let out to sponsor the 
development of new elastomers to meet target require- 
ments. Chief among these were a fluoroalky] silicone and 
a copolymer of perfluoropropylene and vinylidene fluo- 
ride, both of which relied on the fluorine bond for thermal 
and chemical stability. 





Contributed by the ASLE Technical Committee on Seals and 
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Society of Lubrication Engineers held in Cincinnati, Ohio, April 
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HF Corrosion POTENTIAL 


Manufacturing experience over several years has given 
evidence that traces of corrosive elements may be 
evolved by the fluoroelastomers as degradation products 
of thermal or oxidative breakdown. Mold etching and 
fabric deterioration when in contact with the elastomers 
indicate hydrogen fluoride, a strong acid, to be a prob- 
able product of fluoroelastomer degradation. 

Evolution of hydrogen fluoride (HF) from a packing 
or seal element may constitute an inconsequential source 
of oxidizing material in a system where large volumes 
of lubricant are available for dilution. In restricted loca- 
tions, where intimate contact exists between elastomer 
and a thin film of lubricant, the ratio between potential 
oxidizing material and lubricant may be high. Such in- 
timacy exists between the contact face of a seal and 
the lubricant film on a rotating shaft. Shear and fric- 
tional heat resulting from rotation are factors that may 
contribute to degradation processes. Loss of lubricity, 
wear, or corrosion might result. 


Specifications, such as MIL-H-8446A, require that 
corrosion effect of lubricant on metal and _ lubricant- 
elastomer compatibility be determined. The combined 
effects of the three materials acting on each other are 
not measured. 


Test program 


An experimental program was planned to investigate 
the probability of thermal or oxidative degradation prod- 
ucts from fluoroelastomers causing chemical change in 
lubricants or metal corrosion and is reported in this 
paper. There are so many material variables involved 
in the total picture of lubricant sealing, it was necessary 
to select a few that would be reasonably representative. 
Choices were based on experience gained in furnishing 
seals for high temperature service and on the prevailing 
interest indicated in current literature. 
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I. MATERIAL VARIABLES 
A. Elastomers 


This study was undertaken to determine the chemical 
effect at high temperatures of fluoroelastomers on lubri- 
cants and metals so selection was limited to: 


1. A vulcanizate based on a perfluoropropylene-vi- 
nylidene fluoride (PFP-VF) copolymer which included, 
among other ingredients, a normal acid-accepting ad- 
ditive. 

2. A vulcanizate based on the PFP-VF copolymer 
with a better acid-accepting additive. 

3. A fluoroalkyl silicone vulcanizate. 


B. Lubricants 


Representatives of the ester and silicone classes of 
lubricants were chosen. 


1. A MIL-L-7808C diester lubricant. 
2. A chlorinated phenyl methyl silicone lubricant. 
C. Metals 


1. 347 stainless steel (a stainless with moderately 
good HF resistance due to its nickel content). 
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2. 410 stainless steel (a stainless commonly used 
for shafts and having less HF resistance than 300 
series). 

II. ENVIRONMENT 
A. Temperature 


An arbitrary 550 F test condition was chosen to ac- 
celerate degradation processes beyond what might be 
encountered in normal service. Control tests were run 
of various combinations of lubricants and metals to 
determine thermal or oxidation effects on deterioration 
of lubricant or corrosion of metal. Additional tests were 
then run of these combinations in the presence of 
elastomers to analyze for additional deterioration or cor- 
rosion resulting from reaction with the elastomer. 


B. Atmosphere 


There has been much recent discussion on the rela- 
tive merits of testing in closed systems, open systems, 
or under a nitrogen blanket. It was decided to observe 
effects of all three systems: 

1. A closed system with an effective air condenser 
closed by an expandable rubber membrane to com- 
pensate for pressure buildup. 


AIR OR N, INLET 


WATER CONDENSER 


Fic. 1. Manifold, test tube, and condenser for introducing a stream of air 


or nitrogen into lubricant during test cycle. 
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2. A completely open system with a continuous flow 
of air passed through the lubricant to accelerate oxida- 
tion effects. The apparatus is illustrated in Fig. 1. 


3. A system in which the test tube was flushed by 
passing a stream of nitrogen through the lubricant prior 
to test and maintaining a constant flow of nitrogen 
throughout the test. The apparatus for nitrogen “aera- 
tion” is also illustrated in Fig. 1. 


For simplification, environment will be described as 
open system and closed system (air) and nitrogen sys- 
tem and it will be understood that temperature will be 
550 F unless otherwise specified. 


III. Test SPECIMENS AND EQUIPMENT 


A. The elastomeric test piece was a 1 K 2 X .075 
inch strip (ASTM D-471). Metal specimens were %2 X 
2% X .008 inch strips cut from No. 2 finish stainless 
steel strip. To provide for intimate contact between 
metal and elastomer, the elastomer pieces were slit and 
metal strips threaded through as illustrated in Fig. 2. 
Clipping, wiring, or other methods of fastening were 
avoided to prevent possible galvanic effects. 





Fic. 2. Test specimen 


B. Equipment used to condition materials of this 
study in the environments outlined and to measure the 
effects of conditioning were: 


1. An aluminum block bath rated to 700F and 
controllable within + 7 F of the 550 F test temperature. 

2. Test tubes of the 38 300 mm size fitted with 
air or nitrogen injection tubes, water or air condensers, 
or chimneys of glass tubing as the environmental con- 
dition dictated. (Oil pumped nitrogen 99+ % pure was 
used). 

3. A modified jolly balance, described as the “Berens’ 
Balance,” used for making direct volume measurements 
of elastomer specimens. 

4. An analytical balance for measuring weight 
changes of metals. 

5. A double beam recording infrared spectrophotom- 
eter. 

6. A manifold, containing 6 outlets on either side of 
the inlet (see Fig. 1), used to introduce air or nitrogen 
into test tubes. 


7. A 10 point recording potentiometer. 


8. A durometer to measure the hardness of the elasto- 
meric materials. 


Test procedure 


Combinations of variables (environments, metals, lu- 
bricants, elastomers) were put together to determine 
interaction effects. Separate tests were run to determine 
environment effect on: 


1. Lubricants (no metal or elastomer included). 

2. Metals (no lubricant or elastomer). 

3. Elastomers (no metal or lubricant). 

4. Metals and lubricants in contact with each other 
(no elastomer). 

5. Metals and elastomers in contact with each other 
(no lubricant). 

6. Lubricants and elastomers in contact with each 
other (no metal). 


7. Metal, lubricant, and elastomer in contact with 
each other. 


New test tubes were thoroughly cleaned and were 
then charged with 65 ml of lubricant. In these tubes 
were placed two test specimens as described in Fig. 2. 
(The metal weights and original volume of the elasto- 
mer had been previously obtained.) A glass rod was 
used to act as a separator and also to indicate HF evolu- 
tion. Conditioning period was two and one-half hours 
for the diester lubricant and four hours for the silicone 
lubricant and gaseous atmospheres. A description of the 
test apparatus for each of the systems is described below. 


1. Closed System 


A 9 mm ID glass air condenser was inserted into a 
new softened cork so that it extended 10 inches above 
and protruded just below the cork. The exhaust end 
of this tube was fitted with a flexible rubber membrane. 
The unit was then assembled and placed in the pre- 
heated bath for the prescribed time. 


2. Open System 


An inlet tube, which extended to within % inch of 
the bottom of the test tube, and a water condenser was 
inserted into a new softened cork (as illustrated in 
Fig. 1). To prevent excessive loss of lubricant, pre- 
liminary tests indicated a water condenser was necessary 
for the open system. The unit was assembled, air flow 
and water circulation started, and then placed in the 
bath. 


3. Nitrogen System 

A test tube was fitted with a new softened cork 
through which were inserted two 9 mm ID glass tubes. 
One tube served as an air condenser and chimney and 
the other as an inlet tube for nitrogen. The condenser 
tube extended 10 inches above the cork and protruded 
just below the cork. The inlet tube was first inserted 
into the lubricant to flush the lubricant with nitrogen 
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and then raised 14 inch above the lubricant surface to 
provide a continuous blanket for the system. The unit 
was then placed in the bath. 


Visual observations 


Metals and lubricants tested in contact with elasto- 
mers showed, in some cases, evidence of chemical re- 
action in varying degrees. The following general con- 
clusions have been made: 


METALS 


1. More pronounced metal reaction was observed in 
the diester than in the silicone lubricant, probably due 
to greater chemical change of the former at the test 
temperature. There were significant weight increases, 
scale formations, and oxidation discolorations of metals 
in the diester lubricant. Only minor oxidation discolor- 
ation of metals was observed in the silicone lubricant 
but there was a significant weight increase of 347 stain- 
less steel conditioned in the silicone lubricant with the 
PFP-VF with normal acid-acceptor. Neither lubricant 
reacted with metal to an appreciable degree in the ab- 
sence of elastomer. 

2. Metals exposed to the air or nitrogen atmospheres 
at 550F with no lubricant or elastomer present were 
only mildly oxidized: 410 stainless steel being lightly 
blued and 347 stainless steel shaded a light straw color. 

3. In all environments, the corrosion effect on 347 
stainless steel, as is to be expected, was less than on 
410 stainless steel. 

4. In air tests, both of the PFP-VF compounds pro- 
duced pronounced metal corrosion but, in the diester 
lubricant, the PFP-VF with the better acid-acceptor 
caused less evident metal corrosion. This is taken as an 
indication that some protection may be afforded by 
selection of an effective acid-acceptor. The fluoroalkyl 
silicone elastomer did not make a measurable contribu- 
tion to corrosion. 

5. Systems in which a stream of air was passed 
through the diester lubricant produced, on the whole, 
more evident metal oxidation effects than did other 
atmospheric conditions. In the tests run with the nitro- 
gen atmosphere, there was a definite reduction of cor- 
rosion. 

LUBRICANTS 


6. After testing at 550F, the diester lubricant was 
affected in varying degrees depending on the type of 
system: 

In the closed system (air) the lubricant was slightly 
darkened, whether it was exposed to temperature alone 
or was in combination with metals, or the fluoroalkyl 
silicone, or the PFP-VF containing better acid-acceptor. 
The normal acid-acceptor type of PFP-VF broke the 
diester lubricant into three phases: a yellow, solid pre- 
cipitate at the bottom of the tube; a light-colored cloudy 
layer; and a translucent dark brown fluid at the top. 

In the open system (air), the diester, with or without 


metals or elastomers, separated into a solid black pre- 
cipitate and an opaque brown-black fluid. 


The nitrogen blanket, whether metals or elastomers 
were or were not present, inhibited oxidation effects 
and the diester lubricant was relatively unchanged in 
appearance. 

7. The silicone lubricant tested in the closed and 
nitrogen systems had no apparent change. The open 
system caused only a yellowing of the lubricant. 

8. Fumes evolved from the chlorinated phenyl methyl 
silicone lubricant were quite acidic, with a pH of 1. 


9. Sections of the glass stirring rod placed in contact 
with elastomers during conditioning in air, were etched 
by the PFP-VF elastomer containing a normal acid-ac- 
ceptor level, suggesting evolution of hydrogen fluoride. 


Infrared test observations 


To prepare reference spectra of lubes for infrared 
analysis, a preliminary conditioning of elastomer in lu- 
bricant was done at 690 F. Excessive temperature was 
used to induce a severe degradation so the chemical 
changes would be clearly indicated in the infrared 
charts. These charts, which are shown in Fig. 3 were 
used as a guide to trace less obvious changes which took 
place at the lower (550 F) temperature in the balance 
of tests. Figure 3 shows the infrared spectra of: 

(a) The fresh, unconditioned MIL-L-7808C _lubri- 
cant; (b) Lubricant after 690 F conditioning, through 
which a constant stream of air was passed and in which 
the PFP-VF with normal acid-acceptor was immersed 
(Open System); (c) Lubricant after 690 F condition- 
ing, through which a constant stream of nitrogen was 
passed and in which the PFP-VF with normal acid- 
acceptor was immersed (Nitrogen System). 


A chart of tentative assignment of infrared absorp- 
tion bands is given in Table 1. These assignments lead 
to the conclusion that changes in infrared absorption 
bands of the MIL-L-7808C lubricant might be inter- 
preted as a breakdown of part of the lubricant from 
the sebacic ester to the acid. [The lubricant antioxidant 
(Phenothiazine), in performing its function as an oxygen 
absorbant, may be used up, which would account for 
disappearance of absorption peaks, tentatively identified 
as the aromatic and sulfydryl characteristics. ] 

General conclusions that may be drawn from analysis 
of the spectra of lubricants are: 


1. High temperature alone had a minimum effect on 
chemical composition of the lubricant when the fluid 
was conditioned separately. 

2. Metals did not appear to catalyze appreciable 
chemical deterioration of lubricant in the absence of 
elastomer. Where effects were observed, 347 stainless 
steel appeared slightly more severe than 410. This may 
be catalyzed by nickel in the 347. 

3. Elastomers tested in lubricant without metal, pro- 
moted measureable change in the lubricant. This was 
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ee 


Fic. 3. Infrared spectra of MIL-L-7808C conditioned at 690F in contact with Perfluoropropylene Vinylidene Fluoride 
elastomer test pieces. 


TABLE 1 
Characteristic Infrared Absorptions of a MIL-L-7808 Lubricant® 





Deteriorated lubricant 





Assignment Fresh lubricant (wave length in microns) 
CH group 3.05-3.70 3.05-3.70 
Acid COOH — 3.00-3.30 
Ester CO 5.68-5.81 5.68-5.81 
Acid CO —_ 5.70-5.92 
Aromatic 6.20-6.40 — 
R-CH, 6.85 6.85 
Acid COOH — 7.05 
Ester COC 8.00-9.00 8.00-9.00 
Aromatic 9.80, 10.40 (2 peaks) 9.80 
Aromatic 12.95, 13.45 (2 peaks) 12.95 
Chain of CH, 13.80 13.80 

SH 14.60 a 





@ Some possible absorption assignments of the ester di (2 ethyl hexyl) sebacate and the 
thiodiphenylamine antioxidant are indicated above. Because of complexity of the ester and 
probable products of deterioration, these assignments are not absolute. 
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also true of the elastomer-metal combination in lubri- 
cant. 


4. The closed system condition produced more evi- 
cence of chemical change, as measured by infrared ab- 
sorption, than the open system or nitrogen system. In 
earlier discussion it was seen that visual inspection of 
lubricants gave evidence of more physical change in 
lubricants in an open system where a stream of air was 
passed through the fluid throughout a test. The reason 
for this may lie in the fact that precipitate was formed 
in the open system. Infrared tests were made only of 
the fluid decanted off the precipitate. The precipitate 
may represent solid acid or further complexed products 
resulting from more active oxidation. In the closed sys- 


tem the acidic deterioration products may be in solution 
with the ester, or may be one of the three separate 
phases noted, two of which were shaken together for a 
test sample after decanting. 


Test data 


Observations of metal surface oxidation and metal 
weight changes resulting from test conditioning are 
shown in Table 2. Changes of the rubber were as ex- 
pected. The better acid-acceptor-containing PFP-VF was 
affected least, with the next best results obtained on the 
other PFP-VF material. The fluoroalkyl silicone suf- 
fered the greatest loss of properties. This same rating 
was true for each system and each lubricant. 


TABLE 2 
Changes in Stainless Steels Resulting from Test Conditioning 

















Closed system Open system Nitrogen system 
Environment at 550 F % Weight Metal surface % Weight Metal surface % Weight Metal surface 
Steel Lube Elastomer change oxidation change oxidation change oxidation 
410 78082 PFP-VF-1° 0.03 Blue-Yellow 0.12 Iridescent 0.04 Blue 
410 Sil.¢ PFP-VF-1 0.01 Dull Blue 0.03 Dull Blue Brown 
Scale? 
347 7808 PFP-VF-1 0.03 Light Blue Brown 0.01 Dull Silver 0.07 Blue 
Scale@ 
347 Sil. PFP-VF-1 —0.05 Blue-Yellow —0.06 Straw-Brown 
410 Air PFP-VF-1 0.86 Brown Scale 1.97 Heavy Brown Scale 
347 Air PFP-VF-1° 0.80 Purple Scale 0.38 Irridescent 
410 7808 PFP-VF-2 0.01 Blue 0.08 Irridescent 
410 Sil. PFP-VF-2 0.01 Irridescent Brown 0.01 Irridescent 
Scale@ 
347 7808 PFP-VF-2 0.02 Light Blue 0.05 Straw 
347 Sil. PFP-VF-2 —0.02 Straw —0.02 Straw 
410 Air PFP-VF-2 1.40 Heavy Brown Scale 0.47 Brown-Black Scale 0.27 Gray-Brown 
Scale 
347 Air PFP-VF-2 1.05 Brown Scale-Black 0.43 Black Scale 0.64 Deep Purple Scale 
Scale 
410 7808 Fl. Sil.¢ 0 Dull Silver 0.02 Light Blue 
410 Sil. FI. Sil. 0.03 Dull Silver 0 Dull Silver Brown 0.01 Dull Silver 
Scale# 
347 7808 FI. Sil. 0 Straw 0.01 Straw-Blue 
347 Sil. FI. Sil. 0.01 Straw —0.01 Straw-Blue 
410 Air Fl. Sil. 0 Dull Silver 0.02 Dull Silver 
347 Air FI. Sil. —0.04 Straw 0.01 Straw 
410 7808 None 0.01 Light Blue 0 Light Blue 
410 Sil. None 0.01 Light Blue 0.01 Light Blue Brown 
Scale@ 
347 7808 None 0 Straw 0.01 Irridescent 
347 Sil. None 0.03 Straw 0.01 Straw 
410 Air None 0.01 Straw 0.01 Dull Silver 
347 Air None —0.03 Dull Silver —0.03 Straw 





@ Lubricants: 
> Elastomers: | -1 = Normal Acid-Acceptor 
-2 = Better Acid Acceptor 

¢ Elastomer: Fl. Sil. = Fluoroalkyl Silicone. 


@ Scale occurred at point of contact between elastomer and metal. 


7808 = MIL-L-7808C; Sil. Chlorinate Phenyl Methy] Silicone. 
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Summary 


This test program was conducted to measure the 
interaction effects of elastomer, lubricant, and metal. 
Under the accelerated temperature condition employed, 
there were evidences of chemical changes in metals and 
lubricants, particularly the diester. In MIL-L-7808C 
systems, metal corrosion was intensified where a com- 
pound based on perfluoropropylene-vinylidene fluoride 
elastomer was present, but the severity of the corrosion 
was governed by the type of acid-acceptor in the PFP- 
VF. Infrared analysis of the high temperature con- 
ditioned diester lubricant also shows deterioration to be 
caused, primarily, by one of the elastomers, the normal 
acid-acceptor PFP-VF copolymer. Thermal or oxidative 
effects in any single environment did not create as much 
diester lubricant change as did the effect of decomposi- 
tion products of the elastomer. Except for a color change 
in the open system, the silicone lubricant did not ap- 
pear to be affected by the environmental conditions nor 
were metals visibly corroded, but the PFP-VF with 


normal acid-acceptor caused a measurable weight loss 
of 347 stainless steel in this lubricant. 

Some of the effects noted were, unquestionably, the 
result of cross reactions of deterioration products of 
lubricant and elastomer. The MIL-L-7808C lubricant 
was visibly affected by temperature alone and the prod- 
ucts of this breakdown, acting on the PFP-VF elasto- 
mer which was not adequately protected by acid-ac- 
ceptor, appear to have caused polymer degradation 
which, in turn, reacted with the lubricant. There is 
evidence that this chain reaction was inhibited by use 
of an effective acid-acceptor in the fluoropolymer. 

The “Achilles Heel” in these combinations of ma- 
terials may still be the elastomer but careful selection 
of elastomeric compound and control of conditions and 
environments may provide the necessary protection. 
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Viscosity, Gas Absorption, and Density of Several 
Multiphase Lubricants 


By LEE R. DICKERSON,! H. GRADY RYLANDER,? and 
GEORGE W. CRAWFORD! 


The viscosity, solubility, and density of several two- and three-phase lubricants were determined 
experimentally in a temperature range of 80F to 200F and a pressure range of 50 psia to 
600 psia. Equations were found which would accurately describe the viscosity and density of 
these lubricants at other temperatures and pressures. Micro-size particles of molybdenum disulfide 
were suspended in petroleum-base oil with absorbed quantities of various gases. Lubricants of 
4 weight per cent gas--oil mixtures had viscosity decreases of up to 60% relative to the oil 
viscosity, while the oil density remained virtually unchanged. 


Introduction 


IN ORDER to take advantage of the desirable properties 
of multiphase lubricants, more knowledge is needed 
concerning the physical properties of solid-gas-liquid 
mixtures. Micro-sized solid particles may be suspended 
in the liquid which will also absorb appreciable quanti- 
ties of gas at elevated pressures. One of the largest 
effects on the physical properties of the liquid is the 
relatively large reduction in the viscosity by absorbing 
small amounts of gas. Often these multiphase lubricants 
are unwanted but unavoidable in machines such as re- 
frigeration equipment and pumps, but a knowledge of 
the physical properties of these mixtures is necessary 
for good design. 

The general objectives of this research were the de- 
termination of the viscosity, solubility, and density of 
several solid-gas-liquid mixtures, and the attainment 
of equations to predict these properties for untested 
multiphase lubricants. The viscosity and density of 
several lubricants were successfully determined for small 
amounts of solid and gas mixed with a liquid. 

Absorption and desorption tests of several gases in a 
paraffinic base medium weight oil indicated the possibility 
of continuously mixing a lubricant to obtain a desired 
viscosity for the optimum operation of a bearing. Liquid 
lubricant properties may be varied by charging both gas- 
and solid-phase additives with a confined liquid phase. 
The solid phase is useful where marginal lubrication 
occurs, and the gas phase can be used to vary the vis- 
cosity of the liquid. 
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Test lubricants 


The oil selected for use in all experiments was a 
medium viscosity paraffinic lubricating oil, having a 
molecular weight of 420 and kinematic viscosities at 
100 F and 210F of 83.0 and 9.3 centistokes, respec- 
tively. Table 1 lists the properties of materials used in 
the lubricants tested. 

Gases chosen for the tests were such that a range of 
molecular weights was used and also a variation in the 
miscibility of the gas in the oil. Each gas was tested 
separately with oil and if found to be sufficiently soluble 
with oil, it was also tested with molybdenum disulfide. 
Those gases investigated were hydrogen, helium, carbon 
dioxide, ethane, and methane. Freon-22 was run as 
a check on the instrumentation and test methods, as 
shown in Fig. 8. 

Molybdenum disulfide, which is available in a wide 
range of particle sizes, is heavier than oil; hence, 0.5 
to 7.0 particle size molybdenum disulfide was selected 
in order to minimize the problem of maintaining the 
liquid-solid suspension. 


Apparatus 


Viscosity and solubility data were obtained for the 
several multiphase lubricants with the apparatus shown 
in Fig. 1. The basic components include the volume- 
measurement cell, the visual cell, the circulating system, 
and the instrumentation and controls. A schematic 
diagram of the apparatus is shown in Figs. 2 and 3. 

The visual cell, Fig. 3, a 10-in. long, 4-in. diameter, 
stainless bar bored out to 2 in. internal diameter, was 
fitted with a window of annealed glass. The top closure . 
to this cell was formed by a stainless-steel disc, to which 
were secured the gas inlet line from the magnetic pump 
and the viscosity transducer. Liquid level was de- 
termined by use of the window and a cathetometer. 

The volume-measurement system consisted of a 
volume-measurement cell, pressure gage, vacuum and 
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TABLE 1 
Characteristics of Materials Used 





Lubricating oil 











Gravity, °API 29.0 
Viscosity: SUS at 100 F 420.0 
SUS at 210F 58.7 
Molecular weight 420.0 
Viscosity index 94.0 
Pour point, F 20.0 
Flash point, F 425.0 
Base paraffinic 
Molybdenum disulfide 
Molecular weight 160.0 
Specific gravity 4.8-5.0 
Melting point, F 2700.0 
Oxidizing temperature, F 750.0 
Purity, % 98.7 
Particle size, » 0.5-7.0 
Gases 
Carbon 
dioxide Ethane Methane Hydrogen Helium 
Molecular weight 44.0 30.069 16.040 2.016 4.0024 
Purity, mole 
per cent 99.2 99.6 99.35 99.15 99.3 
Critical tempera- 
ture, °F 87.8 89.6 — 115.0 — 396.0 — 447.0 
Critical pressure, 
atmospheres 72.9 48.2 45.8 12.8 2.26 








Fic. 1. Test apparatus 
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Fic. 2. Schematic diagram of test apparatus 
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Fic. 3. Cross-section of visual cell 


gas inlet valves, limit probes and connecting lines. The 
volume-measurement cell served as a volume and weight- 
measurement station for gas prior to its transfer, by 
direct expansion, into the circulating system. 

Viscosity measurements were made with a vibrating 
reed viscometer comprised of a small probe, an electric 
analog computer, and a connecting cable. Figure 4 indi- 
cates the instrumentation employed. 


Test procedure 


Two-phase gas-oil tests preceded the three-phase tests 
but the methods used were essentially the same. With 
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Fic. 4. Schematic diagram of instrumentation 


the circulating and volume-measurement systems cleaned 
and dried, a sample of oil of known weight was charged 
into the visual cell and its volume determined at 80 F 
and an absolute pressure of 100 of mercury. Under 
these conditions the initial values of pressure, tempera- 
ture, oil height in the cell, and indicated viscosity were 
recorded. Additional readings of viscosity were made at 
100, 130, 160, and 200 F for all runs. 

The weight of gas charged for the first run was 1%, 
by weight, of the oil charged. A measure of the weight 
of gas absorbed was accomplished by calculation using 
the P-V-T relations before the gas was admitted to the 
visual cell and again after the gas was absorbed by the 
oil. Saturation equilibrium was determined by observing 
the viscosity and pressure readings until they stabilized. 
At this condition, the circulating pump was turned off 
and the final readings of pressure, temperature, oil level, 
and indicated viscosity were recorded. Additional gas 
was added for succeeding runs such that test data were 
obtained for 1, 2, and 4% of gas, by weight, unless the 
saturation pressure reached 1000 psi which was the 
pressure limit of the viscosity probe. 

For the three-phase investigations, micro-size molyb- 
denum disulfide was added in the amount of 0.607, 1.47, 
and 3.00% of the weight of oil charged. At each of 
these concentrations, gas was admitted and tested using 
the same procedure described above for the two-phase 
system. Weight per cent of gas absorbed was based upon 
the weight of the oil and not upon the weight of oil and 
molybdenum disulfide as the solid phase in no sense 
formed a homogeneous solution with the oil. 

Several precautions were taken to insure good data. 
After the 200 F readings for each run were recorded, 
the system temperature was returned to 80F where 
pressure, oil level, and viscosity readings were repeated. 
These latter values were compared with the values 
previously taken in order to prove the run against leaks 
and instrument drift. Volume of gas was determined by 
calculation from the physical dimensions of the parts 
and by calculation using two state points and the P-V-T 
gas relations. Oil vapor pressure was found to be less 
than 100 of mercury at all temperatures, thereby pro- 
ducing no measurable effects upon the gas calculations. 
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Results 


Viscosity data were obtained with both two- and 
three-phase systems for carbon dioxide, ethane and 
methane, but there was no noticeable difference in the 
viscosity of the three-phase system relative to the two- 
phase system. For this reason, only the three-phase 
viscosity-temperature characteristics are presented in 
Figs. 5, 6, and 7. From previous experience with slightly 
non-Newtonian fluids such as oil containing less than 
3% of finely divided solids, no measurable effects were 
expected in the three-phase system. It is doubtful if 
a vibrating probe type viscometer would indicate the 
real viscosity effect from these small concentrations of 
solids in oil, since the viscosity of an extremely thin 
(3) film of oil in immediate contact with the probe 
is measured. 

When gas is absorbed by oil, a very significant de- 
crease in the viscosity occurs. Evidence of this decrease 
is shown in Figs. 5, 6, and 7 for carbon dioxide, ethane 
and methane. Figures 9-11 show the viscosity data 
plotted against saturation pressure for the various system 
compositions investigated. Of the three gases, ethane, fol- 
lowed in order by methane and carbon dioxide, produced 
the greater viscosity depression at the lower temperatures, 
while at higher operating temperatures, the greater 
propensity of the hydrocarbon gases to leave the liquid 
is evidenced by the cross-over of curves as the relative 
effectiveness of the gases changed order. Thus, for 
example, in comparing the curves representing 2% gas 
systems, Figs. 5 and 6, the viscosity of the ethane-oil 
system at 80F is nearly 25 viscosity points lower than 
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Fic. 5. Viscosity vs temperature for carbon dioxide-oil-3% 
molybdenum disulfide system. 





the carbon-dioxide-oil system, while at 160 F, the 2% 
ethane-oil system has an indicated viscosity of 10.8 
centipoise as compared to 12.3 for the carbon dioxide- 
oil system. 

One qualitative observation of the effect of molybde- 
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Fic. 6. Viscosity vs temperature for ethane-oil-3% molyb- 
denum disulfide system. 
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num disulfide in solution was made during the course 
of the three-phase runs and that was the effect of the 
finely dispersed solid phase on the rate at which gas is 
absorbed by the oil during saturation, or released dur- 
ing heating. The presence of molybdenum disulfide 
tends to accelerate the processes of absorption and de- 
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Fic. 8. Viscosity vs pressure for Freon-22-oil system 
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Fic. 9. Viscosity vs saturation pressure for carbon dioxide- 
oil-3% molybdenum disulfide system. 


sorption of gas, apparently by providing a large number 
of interference points which strip off gas from rising 
bubbles during saturation and which serve as points of 
nucleation in the formation of bubbles as gas is released 
from solution. This phenomenon shortens the equilibrium 
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Fic. 10. Viscosity vs saturation pressure for ethane-oil-3% 
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Fic. 11. Viscosity vs saturation pressure for methane-oil-3% 
molybdenum disulfide system. 
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response time as a system is brought from one condition 
to another. 

The density of the test oil at 80 F is 0.8617 gm/cc. 
This value usually decreased with an increase in gas 
concentration for constant temperature with the lowest 
value calculated equal to 0.7952 for the 2% methane-oil 
system at 200 F. In the calculation of oil density, the 
weight of gas in solution was added to the weight of the 
oil, and the swelling effect of the gas due to temperature 
on the gas in solution was included in determining the 
oil volume. Due to the interaction of temperature, pres- 
sure, and varying molecular spacing, uniformly decreas- 
ing density values were not always obtained with in- 
creasing temperature. Density values for two-phase 
gas oil mixtures are listed in Table 2. 


TABLE 2 
Representative Oil Density Values for Lubricating Oil at 
Saturation Equilibrium with the Gases Indicated 











System 
composition, 
weight 
per cent Temperature, F 
gas 80 100 130 160 200 
Carbon Dioxide 
1.0 0.8641 0.8586 0.8503 0.8410 0.8278 
2.0 0.8610 0.8550 0.8457 0.8410 0.8306 
4.0 0.8587 0.8479 0.8343 0.8267 0.8256 
Ethane 
1.0 0.8522 0.8486 0.8418 0.8383 0.8199 
2.0 0.8435 0.8391 0.8320 0.8244 0.8145 
4.0 0.8381 0.8314 0.8241 0.8164 0.8050 
Methane 
0.935 0.8500 0.8465 0.8379 0.8201 0.8057 
2.0 0.8506 0.8451 0.8325 0.8058 0.7952 





Viscosity and density equations 


A search of applicable literature to find a method of 
expressing, analytically, viscosity as a function of sys- 
tem composition and temperature was unsuccessful. 
Such methods as proposed by Bell and Sharp (1), 
Collins (2), Cornelissen and Waterman (3), and 
Herschler (4) proved to be of little value in the case 
of gas-liquid-solid mixtures. 

The ASTM equation developed by Walther (5) is 
as follows: 


LogioLogio(v + 0.6) = 6 Logio T + A 


where 


= kinematic viscosity, centistokes 

= slope, constant 

oil temperature, degrees Rankine 

= intercept, constant 

After a brief review of the data, it was thought that 


this equation might be applicable with slight modifica- 
tions for the three-phase lubricants being investigated. 


mI ce 
II 


It was found that constant values of 5 could not be 
obtained for a given gas-oil system; however, each 
system could be solved for its own particular value of 
A, the intercept value. This discovery led to the investi- 
gation and subsequent application of a method sug- 
gested by Chew and Connally (6). 

This method is based on a log log plot of the viscosity 
of unsaturated oil (dead oil) versus the viscosity of gas- 
saturated oil at the same temperature. It was found 
that at any fixed gas-oil weight ratio, the relation be- 
tween the viscosity of the gas saturated oil and the cor- 
responding viscosity (at the same temperature) of the 
unsaturated oil plotted as a straight line on loga- 
rithmic coordinates. Figure 12 is such a plot of 
ethane and oil showing the straight lines for each 
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Fic. 12. Correlation: viscosity at any weight per cent gas in 
solution vs viscosity of dead oil for ethane-oil system. 


constant weight per cent gas in solution. The very good 
correlation of intercept values, A, between the different 
weights of gas is also shown on Fig. 12. By calculating 
the slope of the line, 5, and reading the intercept value, 
A, the following relation will permit the determination 
of oil viscosity as a function of temperature: 


Logiobtos = LogioA + 6 Logioptoa 
where 
los = viscosity of gas-saturated oil, centipoise 
Moa = viscosity of dead oil, centipoise 


For each oil investigated, it was necessary to plot 
curves similar to Fig. 12 in order to obtain intercept 
values, A, and slope values, b. Slope values for carbon 
dioxide, methane, and ethane are shown on Fig. 13 with 
intercept values listed in Table 3. 

The density of the two-phase and three-phase mixtures 
varied with both temperature and the amount of gas 
in solution as may be observed from the values listed 
in Table 2. For the small concentrations of solid and 
gas in the oil as tested in these investigations, a close 
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Fic. 13. Slope vs weight of gas in solution for carbon dioxide, 
methane, and ethane. 


approximation of the density may be obtained by using 
the following Bureau of Standards (7) equation: 


0 = Og — 0.000365 (t — 60) 

0 = density at temperature ¢ 

0g0 — density of oil phase at 60 F 

t = temperature of mixture, degrees F 


This relation is most accurate for the gas-oil ratios 
requiring higher pressures to achieve the required amount 
of gas in solution. 


Conclusions 


The results of this investigation indicate that small 
amounts of gas may produce relatively large effects upon 
the physical properties of a lubricant. From these ex- 
periments on a limited series of multiphase lubricants, 
certain significant results are indicated: 

1. Viscosity reductions as great as 60% can be ob- 
tained by saturating a petroleum base engine oil with 
4% gas. 

2. Carbon dioxide is less effective at low temperatures 
in reducing viscosity than the lower molecular weight 
gases, ethane and methane. 

3. At 200 F all gases tested exerted a lesser influence 
upon viscosity than at lower temperatures. 

4. The solubility characteristics of gases vary widely. 
Hydrogen and helium are virtually insoluble in engine 
oil at 80 F and pressures up to 800 psia. 

5. Constant viscosity may be maintained, as tempera- 
ture changes, across a temperature range whose width 
varies with the temperature and nature of the gas 


TABLE 3 
Intercept Values for Use in the Connally Equation 








Gas Intercept, A 
Carbon Dioxide 
0.5 0.765 
1.0 0.745 
2.0 0.845 
3.0 0.900 
Ethane® 
0.5 1.120 
1.0 1.150 
2.0 1.200 
3.0 1.240 
Methane® 
0.2 1.000 
0.4 1.000 
0.8 1.000 





@ Values are given in weight per cent gas in solution. 


charged. The range is wider for ethane than for carbon 
dioxide. 


6. Molybdenum disulfide in concentrations to 3%, 
by weight, has no measurable effect upon the viscosity 
of engine oil in the temperature range 80F to 200F 
and at pressures to 600 psia. 


7. Certain equations were found to predict satisfac- 
torily viscosities and densities at other temperatures. 


8. Density changes in the oil were small for all gases 
tested and at all ratios of gas to oil up to 4 weight %. 
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Elasto-Hydrodynamic Lubrication of Rolling-Contact 
Surfaces 


By L. B. SIBLEY! and F. K. ORCUTT? 


An X-ray technique is described for the measurement of the thickness and shape of thin oil films 
(from 5 to 50 millionths of an inch thick) formed between the rolling and rolling-sliding surfaces 
of hardened steel rollers as in rolling bearings and gears. The film thickness with white mineral oil, 
diester-base, and silicone lubricants was found to vary with temperature (viscosity), speed, and 
load in much the same way as expected from elasto-hydrodynamic considerations. The shape of 
the elastically flattened contact regions on the rollers appeared to change with rolling speed in 
such a way as to explain why ball bearings and gears have longer fatigue life (in revolutions) at 
high speed than at low speed. 

The experimental results are compared with lubrication theory in which the elastic deflections 
of the bearing surfaces are combined with the viscous flow of the lubricant under pressure. Al- 
though there is general agreement between theory and experiment, possible modifications to the 
theory to account for the increasing discrepancy with experiment at high speed, load, and viscosity 


are discussed. 





Nomenclature 

h film thickness 

ho minimum film thickness 

a total load 

load per unit width of contact (or % of ellipti- 

cal contact width) 

p pressure 

V,,V2 surface velocities at contact 

V surface velocity sum, = V; + V2 

Mm absolute viscosity 

Uo viscosity at ambient surface temperature and 
pressure 

Y pressure coefficient of viscosity at ambient sur- 
face temperature 

v Poisson’s ratio 

E modulus of elasticity 

: 1—v’, 1—v*, 

E reduced modulus = 1 / ( xE, oo nEs ) 

R,,Rz2 surface radii of curvature at contact in the direc- 
tion of rolling 

R surface conformity radius in rolling direction = 


1 / (1/Ri + 1/R2) 





Contributed by the ASLE Technical Committee on Rolling 
Contact Bearings and presented at the Annual Meeting of the 
American Society of Lubrication Engineers held in Philadelphia, 
Pennsylvania, April 1961. 

1 Project Leader, Battelle Memorial Institute, Columbus, Ohio. 

2 Principal Mech. Engineer, Battelle Memorial Institute, Co- 
lumbus, Ohio. 
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T temperature 
t transit time for an element of lubricant to 
pass through the contact region 
T shear stress 
To shear stress required to initiate flow 
$ shear rate 
Introduction 


Tue load-carrying surfaces in machine elements such 
as rolling bearings and gears present a peculiar lubrica- 
tion problem. The mating surfaces at these “rolling” 
contacts are not fitted closely, as in journal bearings or 
other slider bearings. Rather, the load is concentrated 
at very small areas of contact formed by the elastic 
deformation or flattening of the surfaces. Since hydro- 
dynamic lubrication theory has been so successful in 
journal bearings, several early theorists applied the clas- 
sic Reynold’s equation to rolling bearings and gears. 
However, these theories predicted lubricant film thick- 
nesses so thin, even for light loads, that the very exist- 
ence of hydrodynamic lubrication in rolling bearings and 
gears was put in doubt. More recent theories which 
account simultaneously for the elastic deformation of 
the contact surfaces and for the increase in viscosity of 
the lubricant under the contact pressures predict much 
more reasonable film thicknesses. [Thorough discussion 
of these theories can be found in previous papers (1-2) ]. 
Moreover, recent measurements of the lubricant film 
thickness between rollers (3) and between gear teeth (4) 
indicate at least order-of-magnitude agreement with these 
elasto-hydrodynamic theories. In addition, it has been 
shown qualitatively, at least, that continuous lubricant 
films exist at rolling contacts and concentrated sliding 
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contacts under many practical conditions (1, 5). There- 
fore, it appears that more attention is needed on the 
mechanics of rolling-contact lubrication and on the pre- 
cise measurement of important experimental parameters. 

In order to study the mechanics of the lubrication 
of rolling-contact surfaces, it is necessary to measure 
experimentally such characteristics as the thickness, 
temperature, and pressure in the very small, thin lubri- 
cant films between rolling surfaces. Since the deforma- 
tion of the bearing surfaces in the vicinity of the con- 
tact also plays a significant role in the lubrication and 
failure of rolling-contact mechanisms, the measurement 
of this deformation is also important. The contact areas 
in rolling bearings and gears are characteristically quite 
small, the contact pressures are quite large, and these 
contact regions move over the bearing surfaces at high 
velocities. Thus, the accurate measurement of film 
temperatures, pressures, and pressure profiles presents 
a formidable instrumentation problem. The measurement 
of film thickness, however, is more tractable experi- 
mentally, particularly between rollers. Existing techniques 
for measuring the film thickness at concentrated contacts 
employ various electrical methods, such as detecting 
the capacitance (3, 6), the resistance (7), or the dielec- 
tric strength (1, 4) of the oil film. Such measurements, 
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of course, depend on a knowledge of the electrical char- 
acteristics of thin lubricant films at high pressure and 
shear, which often is not reliable. Therefore, a direct 
X-ray transmission technique was developed to measure 
the thickness of the lubricant films and the shape of the 
deformed bearing surfaces in rolling-contact lubrication. 
Since the absorption characteristics of X-rays in mate- 
rials are well known, it was believed that film-thickness 
instrumentation based on X-ray transmission would pro- 
vide direct and reliable data of great importance to 
rolling-contact lubrication theory and practice. 

The X-ray transmission method of measuring lubri- 
cant film thickness consists essentially of directing a 
square, parallel, monochromatic beam of X-rays at the 
contact between two, lubricated, rolling-disk surfaces. 
The amount of the X-ray beam that passes through the 
lubricant-filled gap is measured by a radiation counter 
and is thus related to film thickness. The Ka molybde- 
num characteristic X-radiation was selected for this 
study since this characteristic radiation has the neces- 
sary wave length, or energy, to penetrate lubricants quite 
readily, yet will not penetrate bearing steels appreciably. 
As shown in the sketch in Fig. 1, the molybdenum X- 
radiation from an X-ray generator was diffracted from 
a lithium fluoride crystal to obtain a collimated, mono- 


Precision rolling disks 











Geiger counter 


Fic. 1. Sketch of precision rolling-disk machine and X-ray system for rolling-contact-lubrication experiments 
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chromatic beam. The size and shape of the beam was 
controlled with an appropriate tantalum aperture. 


PRECISION ROLLING-Disk MACHINE 


Since the oil film between the rolling disks was ex- 
pected to be in the order of 10 to 20 millionths of an 
inch thick, a precision rolling-disk machine was designed 
and constructed with several special features to mini- 
mize vibrations and distortions of a kind that would 
affect the film-thickness measurements. Figure 2 is a 
photograph of the setup on a standard X-ray diffraction 
machine, which was used as the radiation source in these 
experiments. The disk machine consists essentially of 
two hardened bearing steel shafts (AISI Type 52100) 
rolling together under dead-weight load on disk surfaces 
(2.88-inch diameter) which were made integral with the 
shafts. Each shaft was driven by a separate electric 


motor powered by a variable-frequency power supply. 
The contact surface on each disk was finish-lapped and 
polished to less than 3 microinches, rms, surface finish 
with a slight transverse curvature (36-inch radius) cal- 
culated to make the planar contact region simulate the 
shape of the elliptical contact between a ball and a race 
in a typical ball bearing. The assembled roll-disk machine 
was mounted on ball-runner tracks to allow lateral 
motion of the contact surfaces with respect to the X-ray 
beam, so that transverse profiles of the contact region 
could be measured by recording the signal from the 
Geiger counter on a strip-chart recorder. 


Fabrication and Operating Procedures 


The shafts were supported radially by adjustable- 
clearance tilting-pad journal bearings (34-inch journal 
diameter) and were positioned axially by spring-loaded 





Fic. 2. Precision rolling-disk machine and X-ray system for measuring lubricant-film 

‘ thickness: 1. Molybdenum X-ray source, 2. X-ray beam collimator, 3. LiF diffraction 
; crystal, 4. Tantalum slit adjustor, 5. Upper support bearing block, 6. Test oil case around 
rollers, 7. Differential screw for calibration adjustment of gap between rollers, 8. Test 

oil supply jet, 9. Roller drive motors, 10. Support bearing oil inlet lines, 11. Scavenge oil 

outlet lines, 12. Plastic window in test oil case for X-ray beam, 13. Geiger counter, 

14. Ball tracks for transverse motion of rolling-disk machine, 15. X-ray control panel. 
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single-ball thrust bearings at the center of both ends of 
each shaft. Considerable care was exercised in grinding, 
lapping, and balancing the shafts to insure that vibratory 
loading of the disks was minimized. The support-bear- 
ing journal areas of the shaft were ring lapped to less 
than 0.00001-inch taper and out-of-roundness. The disk 
surfaces were then lapped smooth and concentric while 
the shaft was rotated in the support bearings. Separate 
oil systems for the support bearings and the disks were 
constructed with micronic filters in both systems. The 
disks were lubricated by a 0.030-inch-diameter test-oil 
jet directed at the upper disk just ahead of the contact 
zone. Large-surface-area immersion heaters in the test- 
oil by-pass line were used to heat the inlet oil, which in 
turn was used to control the disk temperature. The disk 
temperature, rather than the oil-inlet temperature, seemed 
to be the only important temperature controlling the 
film thickness. It was measured by means of a shielded 
thermocouple mounted a few mils from the disk surface: 
static calibration of this thermocouple immediately fol- 
lowing dynamic operation indicated an accuracy within 
3F. 

Provisions were included to adjust the position of the 
lower shaft assembly with respect to the upper assembly 
in the direction parallel to the X-ray beam. This posi- 
tioning control was necessary to align the plane of the 
contact region with the beam to avoid cutting off the 
beam. A beam width of 0.030 inch was used. 


Calibration of X-Ray Transmission with Film Thickness 


The change in X-ray transmission with disk separa- 
tion was checked periodically in the precision disk 
machine with the various lubricants evaluated. This 
calibration was accomplished by mechanically separating 
the disks by rotation of a differential screw threaded into 
both upper and lower bearing housing assemblies while 
measurements were made of X-ray transmission and gap 
distance between the disks. This was done while the 
disks were rotating to form the desired oil meniscus in 
the contact region. The disk separation was measured 
by a 0.0001-inch dial indicator placed on the upper, 
movable, bearing housing directly above the disk center. 
The slope of the calibration curve for white mineral o:] 
indicated an increase in X-ray transmission of 11.3 
counts per second at the nominal 17 ma power level for 
each microinch of disk separation. 


Since this dynamic calibration assumes that the X-ray 
transmission curves remain linear as the disk separation 
is reduced to a few millionths of an inch under load, 
two obvious possible errors in this assumption were 
calculated. These errors are the transmission of some 
X-rays through the steel surfaces, which would tend to 
make the indicated film thickness larger than the real 
thickness, and the increased attenuation of the X-rays 
by the oil film in the contact region owing to its in- 
creased density under pressure, which would tend to 
make the indicated film thickness smaller than the real 
thickness. The calculations indicated that the probable 


error in film thickness from either of these sources is 
less than a millionth of an inch. Oil-inlet temperatures, 
delivery rate, and roller speed may also affect X-ray 
attenuation by changing the effective meniscus length 
of the oil path through which the beam passes. However, 
calibration runs made over the range of these variables 
used in the film thickness experiments indicated that 
the errors from this source were also negligible. 


RESULTS OF F1LM-THICKNESS MEASUREMENTS 


Typical film-thickness data from rolling-disk experi- 
ments with white mineral oil, a diester, and a silicone 
lubricant are plotted versus load, speed, and viscosity 
(determined at the disk temperature) in Figs. 3, 4, and 
5, respectively. With each lubricant the film thickness 
measured by X-ray transmission decreased as load was 
increased (see Fig. 3). At higher load levels, the rate 
of change in film thickness with increasing load became 
progressively lower. Measured film thickness increased 
with increases in speed. Again, however, the rate of 
change was lower at high levels of speed, as shown in 
Fig. 4. Disk temperatures were adjusted so that each 
of the mineral oils was run at 10.8 cs viscosity and at 
one other level as different from this as possible. Meas- 
ured film thicknesses with each of the mineral oils at 
10.8 cs viscosity (but different temperatures) coincided 
very closely, as shown in Fig. 5. The results indicated 
a linear relationship between oil viscosity at bulk disk 
temperature and measured film thickness, the exact rela- 
tionship depending on speed, load, and type of lubricant. 
Extrapolation of the linear relationships between film 
thickness and viscosity of the mineral oils to the higher 
viscosity of the silicone (26 cs) coincided with the 
measured silicone film thicknesses at low speeds. At 
high speeds, however, the silicone film thicknesses were 
greater than the extrapolated film thicknesses for min- 
eral oil. Experiments were conducted at several levels 
of rolling speed with slight amounts of sliding (up to 
three per cent, simulating a ball bearing) superimposed 
on the rolling. The film thickness measurements in- 
dicated that sliding up to three per cent within the | mits 
of speed and load in these experiments has little effect 
on the film thickness generated by the rolling motion, 
since the points in Fig. 4 for which there were different 
amounts of slip (including no slip) under the same 
operating conditions lie on a curve roughly parallel to 
the curves for no slip. 


Comparison of Film-Thickness Results with Theory 


Grubin (8) has published the most general theory of 
rolling lubrication for the simultaneous elastic deflection 
of the surfaces and Newtonian viscous flow of the lubri- 
cant under pressure. His method of solution presumes, 
briefly, that the surfaces deform as under dry contact 
except for a uniform translation away from each other, 
and that the viscosity of the lubricant varies exponen- 
tially with pressure. Under these assumptions, and using 
some algebraic approximations to simplify the mathe- 
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matics (performing the final integrations, incidentally, 
only over the entering section before the region of 
minimum surface separation), he deduced the following 
formula for film thickness: 

ho — 1513 (P’/E’) —°-091 [ (voyV)?2R ] 9-364 A 


where P’ is the load per unit width of the contract be- 


tween two cylinders (the total width being taken as 7% 
of the major axis of the contact ellipse between the disks 
or in ball bearings), uo is the viscosity at atmospheric 
pressure, y is the pressure-viscosity coefficient defined by 
the formula 1 = woe”, where p is pressure, V is the sum 
of the velocities of the two contacting surfaces in the 
direction of rolling, the surface conformity radius R = 1/ 
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Fic. 3. Lubricant film thickness between rollers versus load. 
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pounds. 


(1/R, + 1/Re2), where R,; and Rp» are the radii of 
curvature in the direction of rolling at the contact and 
the “reduced”’ elasticity 


: 1—v", =") 
alee mE, + mE» - 


where E, and E» are the moduli of elasticity and v, and 
v» are the Poisson’s ratios of the surfaces. 

Based on the pressure-viscosity data shown in Fig. 6 
[taken from Reference (9)], this theory predicts film 
thicknesses which are consistently larger than those 
measured experimentally. The theory also appears to 
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Fic. 6. Pressure viscosity of test lubricants. Taken from 
ASME-Harvard data (9) for lubricants of similar com- 
position to test lubricants. 


deviate from experiment more markedly at high rolling 
speeds and viscosities. Since the divergence between 
theory and experiment increases with both speed and 
viscosity (or decreasing temperature), the data appear 
to indicate the increasing importance of some shear or 
time effect in the lubrication process at high speeds and 
viscosities, possibly a reduction in “effective viscosity” 
at increasing shear rate under pressure. Shear rate in- 
creases with speed, and shear-viscosity effects are more 
pronounced in lubricants of high viscosity or at low 
temperature. 

In order to obtain a general comparison of the film 
thickness measurements with theory, the data were re- 
duced to sets of three dimensionless numbers taken from 
the theory. Grubin’s formula can be rewritten in dimen- 
sionless form, thus: 


(Ao/R) = 1.13 (P’/E’R)—*!" (uoyV/R)®"!, 


as suggested by Blok (10). Figures 7 and 8 are plots 
of the film thickness number (4o/R) versus the contact- 
lubrication flow number (uoyV/R), which has some 
similarity to the Sommerfeld number used in journal 
bearing lubrication theory (the contact-lubrication flow 
number, however, contains the pressure-viscosity coef- 
ficient), for two values of the load number (P’/E’R) 
corresponding to disk loads of 220 lb and 820 Ib, re- 
spectively. 

Although there is some scatter in the data points, a 
straight line parallel to, but below, the line corresponding 
to the Grubin theory on these log-log plots seems to fit 
most of the points. There is, however, a noticeable curve 
of the data points below this straight line at 820-lb load 
and low film thicknesses (Fig. 8), beginning about where 
the minimum film thickness decreases below 10~° inch. 
Interestingly enough, this is about the magnitude of film 
thickness at which the dielectric characteristics of the 
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oil film, which were measured simultaneously in the disk 
machine, indicated the beginning of significant oil-film 
“breakdown.” (There was no apparent interaction be- 
tween the X-ray method of film thickness measurement 
and dielectric breakdown method, which is described in 
Reference 11.) From the traces of the dielectric break- 
down voltage on an oscilloscope, it was estimated that 
“breakdown” usually occurred about 20 per cent of the 
time at a film thickness of 10 & 10~® inch and almost all 
of the time at 6 to 7 X 10~® inch. Dielectric breakdown 
does not mean that no lubricant film existed between 
the surfaces, however, since dielectric breakdown would 
be complete if a conducting path across any portion of 
the contact area (and not necessarily the same spot all 
the time) permitted the passage of electric current. In 
addition, there still seemed to be about an order-of- 
magnitude smaller breakdown voltage remaining on the 
oscilloscope screen even after complete “breakdown” of 
the original voltage, indicating that some lubricating ma- 
terial still remained between the surfaces. Therefore, the 
departure of the curve of film-thickness measurements 
away from a line parallel to the theoretical line for small 
film-thickness numbers in Fig. 8 may be the result of 
heating in the oil film from the increased intermittent 
film breakdown at surface-asperity contacts and/or the 
result of changes in the structure of the lubricant in the 
contact region. 

The correlation of the film thickness measurements 
with theoretical dimensionless parameters makes possible 
the prediction of the film thickness to a reasonable de- 
gree of accuracy (roughly plus or minus twenty per 
cent) in a variety of rolling bearings, gears, and other 
machine elements containing rolling-contact surfaces. 
Figure 9 is a cross plot of the film thickness number, 
load number, and contact-lubrication flow number based 
on the experimental curves (the dashed lines) in Figs. 7 
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and 8. For any rolling-contact application, the load num- 
ber can be calculated from the total load, geometry, and 
elastic properties of the bearing surface material, using 
conventional elastic contact-stress theory. Pressure-vis- 
cosity data, such as those in Fig. 6 or Reference (9) 
together with the tangential surface velocities calculated 
from the motion of the parts, are used to find the contact- 
lubrication flow number. Entering the graph in Fig. 9 
with these two dimensionless numbers, one can find the 
film-thickness number, and thus the film thickness. 

Film thicknesses less than 10 to 15 & 10~® inch cal- 
culated in the above manner would probably be greater 
than the actual film thickness, since the experimental 
points in this region in Fig. 8 were consistently lower 
than the dashed correlation line selected for plotting 
Fig. 9. The decrease in film thickness below “theoretical” 
for very small film thicknesses is most likely caused by 
heating in the oil film from intermittent breakdown of 
the film in local areas. One would expect, therefore, that 
this heating, and the attendant decrease in film thick- 
ness, would become more pronounced as the film becomes 
thinner and as the speed, load, and dimensions of the 
contact region become greater. Since the experiments on 
which Fig. 9 is based were conducted with lubricants 
ranging from 7 to 26 cs viscosity under almost pure 
rolling-contact conditions with rollers having a con- 
formity radius R in the rolling direction of 0.72 inch, 
and a transverse radius of 36 inches on both rollers, 
film-thickness predictions with Fig. 9 probably should 
also be limited to lubricants having similar viscosities 
and to rolling bearings and to spur-gear teeth near the 
pitch line having relatable geometries. 


Measurement of Contact-Deformation Profiles 
The measurement of the transverse axial profiles of 


the elastically deformed lubricated-contact surfaces be- 
tween the disks was accomplished by traversing the disk 
machine across the 0.030-inch wide X-ray beam, as de- 
scribed before. Figure 10 shows the results of a traverse 
made with the rollers operating under no load (the 
machine was moved in steps of 5 mils at a time every 15 
seconds by a micrometer head, thus producing the steps 
on the chart recorder trace of the Geiger-counter out- 
put). It is interesting to note the slight imperfection, or 
valley, in the transverse radius of the disks just to the 
left of the centerline in Fig. 10. When increasing loads 
were applied to the rollers, the contact region flattened 
out noticeably, as shown in Fig. 11. The film thickness 
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Fic. 12. Effect of rolling speed on film shape between rollers. Load = 820 Ib, disk tem- 


perature = 150 F, 10.8 cs white mineral oil. 


did not decrease as rapidly as the flattened-contact region 
widened under increasing load. Note, however, that the 
same imperfection in transverse radius noticed in Fig. 
10 (amounting only to a few millionths of an inch devia- 
tion from a true radius) also occurred in the same 
position on the profiles at different loads in Fig. 11. Such 
imperfections in the raceways of ball bearings may be 
an important factor influencing the large scatter in bear- 
ing fatigue life, since they cause significant stress con- 
centrations in the races owing to the relative insensitivity 
of film thickness to load in the contact region. That is, 
small changes in film thickness resulting from geometri- 
cal inaccuracies in the undeformed contact surfaces would 
cause large local variations in contact stress (and thus 
fatigue life) since the film thickness varies so slowly 
with load (see Fig. 3). The characteristic spreading of 
the contact region with little relative change in film 
thickness under increasing load shown in Fig. 11 cor- 
relates qualitatively with the elasto-hydrodynamic theory 
of Dowson and Higginson (12). 

The transverse profiles of the lubricant films between 
the rollers in Fig. 12 illustrate the effect of rolling speed 
on film thickness and shape of the deformed contact 
region. The rounding of the edges of the contact sur- 
faces at the high speeds indicates a reduction in contact 
stress or spreading of the load over a larger area of the 
surfaces by the lubricant. Such an effect may explain 
why high-speed bearings have greater fatigue life in 
total revolutions than do low-speed bearings. For ex- 
ample, Cordiano and Wolfe (13) have shown that the 
mean fatigue life in total revolutions of size-208 angular- 
contact ball bearings lubricated with a petroleum-base 
hydraulic lubricating oil increased about 50 per cent 
when the speed was increased from 1770 rpm to 3540 
rpm. Such behavior is typical in bearing-fatigue studies, 
and the contact-surface profiles in Fig. 12 indicate that 
the lubricant should reduce the contact stresses when 
speed is increased. 


Since the X-ray beam used to measure these trans- 


verse contact profiles had a finite width (0.030 inch), 
there is an inherent error in the profile shape. Figure 13 
illustrates a typical contact profile on which there is 
plotted a corrected profile based on the actual measured 
width of the X-ray beam. Since the correction does not 
significantly alter the shape of the profile, except to 
widen it slightly, the profiles in Figs. 11 and 12 are ap- 
parent profiles taken directly from the recorder charts. 


Discussion 


The correlation of the film-thickness data with elasto- 
hydrodynamic theory, as in Figs. 7 and 8, indicates that 
the lubricant films in rolling bearings and gears are 
fundamentally hydrodynamic in nature under many 
operating conditions. Rolling-contact hydrodynamic lu- 
brication, however, is basically quite different from what 
is normally referred to as “hydrodynamic lubrication.” 
The main differences lie in the necessity for the bearing 
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surfaces to deform elastically under the high lubricant 
pressures (no practical film would exist if the surfaces 
were rigid; hence the term “elasto-hydrodynamic lubri- 
cation”) and in the drastic changes in the viscous prop- 
erties of the lubricant under the high pressures in the 
contact region. Thus, the film pressures required to sup- 
port the high-pressure viscous flow of the lubricant are 
delicately balanced against the pressures required to 
elastically deform the contact region into the appropriate 
channel shape for the lubricant. 

The contact deformation is also important practically 
since the deformation shape is reflected as contact 
stresses in the bearing surfaces, which ultimately lead to 
failure by rolling-contact fatigue after many cycles. 
Since the contact deformation is intimately involved in 
the lubrication process, it is not surprising that different 
lubricants cause bearings and gears to have different 
fatigue lives. Rolling-contact fatigue apparently arises 
from the subsurface, orthogonal, reversing shear stress 
which experiences the greatest total range of stress varia- 
tion during each cycle (14, 15). This shear stress has 
its maximum magnitude almost directly beneath the 
entering and exit edges of the contact region where 
the lubricant pressure gradients, and thus the shear 
rates, in the lubricating film are greatest. 

The contact deformation profiles in Figs. 11 and 12, 
although taken in the lateral direction instead of in the 
direction of rolling as discussed above, indicate dif- 
ferences in the curvatures and extent of the deformed 
contact surfaces at the edges of the contact region. (Al- 
though the lubricant pressure gradients at the lateral 
edges of the contact regions are probably about an order 
of magnitude smaller than those at the entering and exit 
edges, the trends indicated should still be significant.) 
It is likely, in fact, that the rheology of the lubricant 
film in these edge regions at rolling contacts is not 
basically Newtonian, i.e., the shear stress is not propor- 
tional to shear rate under the simultaneously rapid in- 
crease of both pressure and shear rate. Similar reserva- 
tions about the Newtonian behavior of lubricants at 
rolling contacts (on which elasto-hydrodynamic theory is 
based, incidentally) were expressed by Petrusevich (16) 
and Smith (17), based on analyses of the friction at 
rolling contacts. 


In experiments with a high-pressure capillary viscom- 
eter, Norton e¢ al. (18) showed that oils having New- 
tonian characteristics at atmospheric pressure can become 
quite non-Newtonian at high pressure. The plots of shear 
stress versus shear rate from these experiments were 
similar to the solid lines in Fig. 14. Other rheological 
characteristics of lubricants under high pressure that may 
have important effects in rolling bearing and gear lubri- 
cation are also illustrated in Fig. 14. The lines of short 
dashes at low shear rates represent the solidification of 
oils under high pressure. Norton ef al. (18) reported 
that oils could be observed still solidifying two hours 
after the pressure was imposed, so apparently this is a 
rather slow effect. Since solidification involves the orien- 
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Fic. 14. Probable high-pressure rheology of lubricants 


tation of molecules from the random liquid state into a 
highly ordered solid structure, which apparently takes 
more time than is available at the contact regions in 
bearings and gears (about 1/10,000th second), lubricant 
solidification is probably more of a problem in high- 
pressure viscometers than in bearing and gear lubrica- 
tion. The lines of long dashes in Fig. 14 represent the 
curves of effective shear stress versus shear rate for a 
given system in which the transit time, or time during 
which the shear stress is applied to an element of lubri- 
cant, is the same magnitude as, or less than, the shear 
relaxation time of the lubricant. Crouch and Cameron 
(19) have shown in a recent analysis, however, that such 
relaxation effects probably do not play a significant part 
in rolling bearing and gear lubrication. 

From the foregoing it appears that the most important 
non-Newtonian characteristic of lubricants in rolling 
bearing and gear lubrication is the nonlinear relationship 
between shear stress and shear rate at high pressure. The 
pressure gradients that such a non-Newtonian lubricant 
can support in rolling bearings or gears are drastically 
reduced from those supported by an equivalent New- 
tonian oil. Since the pressure gradients in rolling bearings 
and gears are greatest near the edges of the high-pressure 
contact regions, it might be expected that the differences 
between different lubricants would first show up in these 
areas. 

With lubricant types or under operating conditions 
which emphasize this non-Newtonian behavior, the lu- 
bricant pressure profiles in the contact regions of rolline 
bearings and gears should be quite different from those 
one might expect with a Newtonian lubricant. Since the 
pressure gradients that could be supported would be 
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limited, the pressure profiles would become more ex- 
tended at the edges so as to spread the load out over a 
wider area. Thus, although the contact stresses would 
probably be less severe (lower subsurface shear stresses 
in the bearing metal), the minimum film thickness 
would probably be smaller for the non-Newtonian lubri- 
cant than for the Newtonian. The increased rounding of 
the edges of the contact region and the increased devia- 
tion of the minimum film thickness below the theoretical 
film thickness based on a Newtonian lubricant model at 
high rolling speeds shown in Figs. 12 and 4, respectively, 
seem to illustrate this effect. 

Other important effects in rolling bearing and gear 
lubrication are the possible heating and compressing of 
the lubricant. Grubin (8) examined both of these effects, 
using broad approximations in his mathematics. He con- 
cluded that for the case of pure rolling the temperature 
of the lubricant is dominated by the temperature of the 
surfaces, so that frictional heating of the lubricant has 
little effect on the viscosity of the lubricant and hence 
little effect on the film thickness. If there is appreciable 
sliding, however, a correction may be needed. For ex- 
ample, in a typical case, he found that the mean viscosity 
of a certain good quality lubricant is degraded notice- 
ably because of frictional heating at a sliding velocity 
of 200 fpm if the pressure exceeds 50,000 psi. The sliding 
experiments reported in Fig. 4 seem to verify that sliding 
speeds up to at least 66 fpm do not affect film thickness 
significantly. Higher sliding velocities, of course, exist 
at the tips of gear teeth and in other applications of 
concentrated-contact lubrication; these, of course, must 
be accounted for in any realistic theory for these ap- 
plications. Regarding compressibility of the lubricant, 
Grubin decided that this, too, can reduce the thickness 
of the film, but probably not more than about 25 per 
cent for a typical oil. 

The principles of elasto-hydrodynamics may have more 
general application than merely to rolling bearing and 
gear lubrication. Since it has been shown that both 
elastic and plastic deformation of metal surfaces can 
occur through a continuous lubricant film (20), many 
boundary lubrication, wear, and metal-working lubrica- 
tion phenomena may be subject to modified elasto- 
hydrodynamic analysis, as suggested by Dayton in 1950 
(21). In addition, recent studies have indicated that the 
mere presence of metal surfaces may affect the flow 
characteristics of lubricant films up to no more than 
four millionths of an inch [0.1 micron] (22). Boundary 
lubricant development, which in the past has been de- 
voted almost entirely to the search for chemically re- 
active agents which form “low-shear-strength films” on 
bearing surfaces, has relied heavily on empirical data 
from “bench tests” which often do not adequately reflect 
performance in service. Many boundary lubrication and 
metal-working applications involve motion of surfaces 
or asperities with respect to each other that may help 
generate elasto- and “plasto”-hydrodynamic lubricant 
films. With appropriate attention given to the high-pres- 
sure rheology of these films at concentrated contacts, 


new boundary lubricants might be developed to provide 
the desired balance between load-carrying ability and 
tendency to deform the metal surface. 


Conclusions 


A method for measuring the lubricant film thickness 
and shape of the deformed contact surfaces between 
rollers based on an X-ray transmission technique has 
been developed. Film thicknesses and contact deforma- 
tion profiles can be measured to an estimated accuracy 
of two millionths of an inch with this method in a pre- 
cision rolling-disk machine. 

A correlation of the film thickness data with dimen- 
sionless parameters based on elasto-hydrodynamic lubri- 
cation theory can be used to predict the film thickness 
in rolling bearings and spur gears (near the pitch line) 
operating under comparable conditions (see Fig. 9). 

Examination of the contact-deformation profiles meas- 
ured by the X-ray transmission technique suggests that 
different lubricant pressure profiles at rolling contacts 
result in different contact stresses in bearing surfaces. 
These apparent trends in contact stress agree qualitative- 
ly with ball-bearing fatigue-life results reported in the 
literature. 

The characteristics of lubricants that cause their dif- 
ferent film-thickness and contact-stress performance in 
rolling bearings apparently involve their non-Newtonian 
viscous flow behavior under the high pressures at roll- 
ing contacts. Such non-Newtonian behavior at high pres- 
sure limits the maximum pressure gradients that a lubri- 
cant can support at rolling contacts, thus decreasing the 
minimum film thickness and spreading the film pressures 
over a larger contact area, which probably reduces the 
contact stresses. 

These results should have wide application in lubrica- 
tion research and lubricant development. The high-pres- 
sure rheology of rolling bearing and gear lubricants, as 
well as possibly boundary lubricants and metal-working 
lubricants, should be studied more carefully to find areas 
of application for elasto-, or perhaps “plasto”-, hydro- 
dynamic lubrication. 
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DISCUSSION 


Donato R. Wuitney (General Motors Research Laboratory): 


The authors of this paper are to be congratulated for a fine 
effort utilizing a unique instrumentation application in this field. 
In our own efforts to understand the mechanisms of proper oper- 
ation as well as failure of gyroscope spin axis ball bearings, we 
have also demonstrated full fluid film operation even in bearings 
with minimal oil supplies. While the X-ray technique utilized is 
not feasible in a complete bearing, we have utilized most of the 
other techniques of measurement which have been discussed at 
various times. While each individual measurement method has its 
own advantages and pitfalls, it has been found that considerable 
confidence in results can be gained by redundancy in the data. 
Simultaneous measurements of factors such as torque, load, axial 
position, temperatures, capacitance, and resistance yield data which 
emphasize the consistencies as well as the anomalies of perform- 
ance. 

The X-ray method which has been described apparently leads 
to an error in the measurement of film thickness with rollers which 
have surface irregularities in the order of 12 to 15 microinches 
peak to peak (roughly equivalent to the stated “3 microinches 
rms”). While there can be little argument with the slope of the 
calibration curve, the “zero” indication from the X-ray method 
would probably occur with an average surface separation of sev- 
eral microinches. Suffice it to say that the sun rises over the top 


of the mountain range but not at the average height of the total 
terrain. It should be emphasized that the extent of the conjunc- 
tive domain in the direction of rolling is in the order of 1000 
times the film thickness so that one cannot consider the shadow- 
graph of a plane profile. If one replots the authors’ Figs. 7 and 8 
with an appropriate correction of, say 5 to 10 microinches, it be- 
comes apparent that the curves for experimental data will be in 
better agreement with the Grubin theory as plotted. 

The authors point out that a similar departure from theory 
occurs when film thicknesses are measured by the dielectric break- 
down method. Since discharges would occur between peaks of the 
surfaces rather than from the average surface, one would expect 
similar data and a corresponding thickness error. 

In the opposite sense, it might be worthwhile to point out that 
it would take a correction of only about 10 F in the oil tem- 
perature and hence viscosity to bring the Grubin theory into 
agreement with the film thickness data as reported. 

There appeared to be some ambiguity in the authors’ statements 
with regard to “breakdown” since the term is used both with 
respect to dielectric strength or voltage breakdown across the 
lubricant as well as oil film breakdown at surface-asperity con- 
tacts. In still another way, breakdown in the sense of changes in 
lubricant properties is suggested but as a result of the contacting 
of surface asperities. In our work, it has been established that 
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the lubricant degradation, at least in the sense of changes of the 
resistivity, does occur in a bearing without surface asperity con- 
tacts. In other words, the lubricant can be and usually is de- 
graded without intermetallic contact. In fact, it is reasonably 
well established that a minimum critical film thickness exists for 
a given oil below which rapid degradation occurs. 

Such a condition is most readily demonstrated under starved 
operating conditions but probably also exists with a copious sup- 
ply of lubricant due to the relatively long time required to replace 
the active surface lubricant. 

The degradation of the lubricant which occurs in the conjunc- 
tive domain must be due to the pressure and temperature condi- 
tions which are present. Simultaneous resistance and capacitance 
product data indicate that temperatures in the order of 200 F 
above the ambient temperatures are common. Unfortunately, it is 
not possible to state exact temperatures of the lubricant in the 
conjunctive area since to date no lubricant has been found which 
does not degrade under the conditions of pressure, temperature, 
etc. Thus, the exact properties of the lubricant in the conjunctive 
domain at any particular time are in some doubt. It has, how- 
ever, definitely been established that changes of temperature of 
about 30 F in the film have occurred with film thickness changes 
of a few microinches. It is inconceivable that the temperature in 
the conjunctive area could be correctly indicated by any thermo- 
couple a few mils from the surface of the disk. Since the temper- 
ature in the conjunctive area is considerably above disk temper- 
ature, one would expect reduced shearing forces due to decreased 
viscosity. There is no torque data presented to compare the shear- 
ing forces. This would seem to be a plausible explanation of the 
suggested non-Newtonian effects. 

The measurements herein described represent an important con- 
tribution to the understanding of lubrication phenomena. How- 
ever, it does not appear that there is sufficient justification to fur- 
ther complicate the problem with the assumption of a non-New- 
tonian fluid. Rather, there appears to be reasonable agreement 
considering the approximations in the theory and the experimental 
uncertainties. 


B. Srernuicut (General Electric Company, Schenectady, New 
York): 


The authors should be congratulated for the development of 
this unique method of film thickness measurements applicable to 
counter-formal surfaces. This method provides a useful tool and 
offers a lot of potential for studies of thin films and for this reason 
merits credit. 

Without any reservation the paper would have made a signifi- 
cant contribution if only the experimental technique and measure- 
ment accuracy were presented in it. Unfortunately the authors 
neglected to discuss in detail the question of accuracy, repeat- 
ability and magnitude of errors and have selected to draw a 
number of conclusions which are questionable. 

To illustrate this point; if the experimental data does not repeat 
to better than 10% it may be concluded that white mineral oil 
and diester lubricant show the same film thickness profile within 
the repeatability of measurements. The authors chose to draw 
a different conclusion. Before one can accept their conclusion it 
is imperative that a detailed discussion of repeatability and meas- 
urement accuracy be included in the paper. 

The question of accuracy immediately brings up a number of 
questions: 

1. What order of magnitude was the out of roundness of each 

disk ? 

2. What order of magnitude was the vibration of the disks? 


3. What was the surface finish? 

4, What is the distortion of surface due to thermal stress? 
(Estimates can be made which show that thermal distortion 
cannot be neglected in the range of measurements that the 
authors have investigated.) 

5. What is the possible misalignment between the disks and 
can it change between tests? (Figs. 11-13 indicate appreci- 
able misalignment.) 

6. What is the attenuation of Ka molybdenum as a function 
of oil density and viscosity ? 


All of these and other similar factors must be considered before 
conclusions can be drawn on differences in performance which 
are of the same order of magnitude as errors. 

The authors’ data shows that the film thickness is insensitive 
to load but quite sensitive to temperature and viscosity, e.g., 
Table B1. 








TABLE Bl 
White Disk tem- 

Speed mineral oil perature Load 

fpm (SSU e 100 F) (° F) (Ib) h)/R X 108 
2600 135 122 120 32.6 
2600 135 122 820 26.7 
2600 135 150 120 22.8 
2600 135 150 820 15.7 
2600 105 132 820 14.3 
2600 105 155 820 8.4 
2600 150 132 820 21.5 
2600 150 156 820 13.9 





Then the authors use an equation derived by Grubin for com- 
parison with their experimental results. This equation does not 
consider temperature effects, whether it be disk temperature or 
fluid viscosity within the contact zone. It is not surprising, 
therefore, that there is divergence in the comparison especially 
since the authors have already shown that thermal effects are 
important. 

The authors then attribute the divergence to the non-Newtonian 
behaviors and, as luck would have it, Petrusevich (it is very 
fashionable today to use Russian references) says that in rolling 
elements the fluid behaves as non-Newtonian. Thus, we are faced 
with the $64,000 question, which Russian is right? The problem 
is sufficiently complicated without introducing non-Newtonian 
behavior at this moment until we get comparison between theory 
and experiment with viscosity as a function of pressure and tem- 
perature within contact zone. This comment is reaffirmed by the 
authors’ data which shows that temperature is very important. 
(I must admit that I am somewhat partial to this approach since 
I have been advocating it.) My bias is based on theory and ex- 
periment conducted by us in this country and confirmed by the 
data presented by the authors and some additional recent work 
at General Motors which indicates that close to adiabatic con- 
ditions prevail within the contact zone. 

As stated earlier the minimum film thickness is very slightly 
dependent on load within the elasto-hydrodynamic region of lu- 
brication. Most of the investigators working on this problem agree 
on this point. (Figure B1 shows the three regions of lubrication. 
Note that in the elasto-hydrodynamic region hyn iS very slightly 
dependent on load. For more detail refer to “Theory of Lubri- 
cation and Failure of Rolling Contacts” by B. Sternlicht, P. 
Lewis and P. Flynn, ASME Paper No. 60-WA-286). This being the 
case Figs. 7 and 8 can be plotted on one curve and the dimen- 
sionless parameter P/ER can be neglected. Of course, the right 
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constant must be used for different materials. This is further 
justified since the reproducibility and errors are of the same 
order of magnitude as the influence of the load parameter on 
film thickness. This would eliminate the need of Fig. 9 and con- 
siderably simplify the calculations. 

With reference to Fig. 9 the authors state that theory and 
experiment compare to +20% yet referring to Figs. 7 and 8 
from which Fig. 9 was obtained we see error of 100% in the 
region of major interest hy/R = 2 X 10-5. One should not apol- 
ogize for two-to-one error in this difficult comparison between 
theory and experiment. 

The authors draw conclusions on fatigue from the film thick- 
ness profile which is produced by pressure deformation, yet they 
neglect even to mention the effect of thermal stresses. Estimates 
of these stresses show that they are of the same order of mag- 
nitude as the pressure stress. The maximum stress under the 
combined pressure and thermal stress may occur at the surfaces 
or subsurface. The location depends on the magnitude of thermal 
stress. This may explain some of the divergent observations of 
surface and subsurface fatigue. 

These remarks are mentioned to strengthen the value of the 
authors’ contribution rather than distract from it. Once again 
I would like to congratulate the authors on the development 
of an important technique for studies of thin film lubrication. 


AuTHors’ CLOSURE: 


The discussions by Messrs. Whitney and Sternlicht raise sev- 
eral important points for which some clarification is needed. 

In regard to estimating the error in film thickness measure- 
ments caused by the surface roughness when the X-ray method 
is used, three effects should be considered. First, there is always 
some partial transmission of the X-ray beam through the sur- 
face asperities, thus making the indicated film thickness between 
the surfaces somewhat greater than the minimum distance be- 
tween asperities. Secondly, the perfectly smooth surfaces assumed 
in hydrodynamic theory must represent some compromise between 
the peaks and valleys of real surfaces, so that the film thickness 
calculated by such theory must also be greater than the minimum 
distance between asperities. And lastly, since minimum film thick- 
ness varies only slightly with load, or lubricant pressure (see 
Fig. 11), local variations in film thickness caused by surface 
roughness probably generate correspondingly local pressure vari- 
ations within the contact region that result in an elasto-hydro- 
dynamic smoothing of the surfaces while under load, as suggested 
by Blok, among others. Since all these effects tend to reduce the 
difference between the film thickness determined by theory and 


that measured by the X-ray method, we would expect the error 
from this source to be below the 5 to 10 winches quoted by Mr. 
Whitney. Yet, on the log-log plot in Fig. 8, the mean discrepancy 
between theory and experiment ranges from 10 winches at the 
low flow numbers to 50 pinches at high flow numbers. In more 
recent experiments at even higher flow numbers (obtained by 
increasing either rolling speed or lubricant viscosity), this dis- 
crepancy is as high as 300 pinches, which certainly must be the 
result of effects much more powerful than that of surface rough- 
ness. 

We have long been wary of rolling-contact film thicknesses 
based on conclusions inferred from electrical measurements, such 
as those referred to by Mr. Whitney. Such conclusions are subject 
to errors caused by the unknown variation in the electrical prop- 
erties of thin lubricant films under high pressure and shear stress. 
The effects of molecular orientation and the distribution of mi- 
nute impurities in the oil on such things as the electron density 
patterns in these thin films could cause electrical changes that 
would be erroneously interpreted as a change in temperature or 
film thickness. Presumably for this reason we have not been able 
to correlate minimum film thickness with dielectric oil-film break- 
down voltage. Thus, we recommend using this electrical technique 
only as a qualitative indication of the amount of intimate contact 
on asperities in machine elements. However, since electrical meas- 
urements can be used much more widely than the X-ray method, 
as Mr. Whitney pointed out, we hope that the details of his tech- 
niques will be made available. 

In particular, the experimental evidence from which Mr. Whit- 
ney infers that film temperatures in ball bearings reach the order 
of 200 F above the ambient would be most interesting. We need 
to know much more than we do about the temperatures at rolling 
contacts. For our own part, however, if there is little high-friction 
contact on asperities and if there is no very great sliding super- 
imposed on the rolling motion, as in the experiments reported, 
we find it hard to conceive that film temperatures can rise any 
more than a few degrees above the ambient temperature of the 
bearing surfaces. This conclusion can be supported both by qual- 
itative consideration of the thermal processes in the film and by 
experimental evidence. Elasto-hydrodynamic theory predicts that 
the film thickness is essentially constant over the high-pressure 
region of the contact, ie., the surfaces are flattened, and thus 
there is essentially no shear flow in the high-viscosity lubricant 
film in this high-pressure region as long as there is no sliding. 
The shearing is concentrated at four very small regions near the 
leading and trailing edges of the Hertzian contact in the layers 
of the oil adjacent to the two deformed bearing surfaces. Even in 
these edge regions under rolling conditions, no heat-producing 
shear occurs in the center of the film. The shear heating is con- 
centrated next to the surfaces where it can be conducted easily 
to the relatively high-conductivity steel surfaces. Even though 
a very high rate of shear energy input into the oil is needed in 
these edge regions to generate the pressure gradients required to 
support the load, any given element of the oil is subjected to this 
shearing for only a few p seconds at typical rolling speeds. Thus, 
only a small total amount of heat is generated under rolling con- 
ditions, considering the total volume of lubricant and stee! surface 
that is heated during any given period of time. 

If there is some sliding between the contacting surfaces, on the 
other hand, the shear heating from this sliding occurs in the 
high-viscosity central regions of the contact, as well as at the 
edges, and it is probably distributed evenly across the thickness 
of the film. Therefore, we would expect that the heating from 
sliding would be much more effective than the heating from roll- 
ing in generating temperature gradients across the film, thus de- 
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creasing the viscosity of the lubricant and the film thickness. The 
experimental evidence shown in Fig. 4, demonstrates that finite 
amounts of sliding superimposed on the rolling motion do not 
decrease the film thickness significantly below that corresponding 
to the same rolling speed with no slip. Thus, since the heating 
in these sliding experiments presumably was greater than the heat- 
ing from the rolling motion, and the film thickness still did not 
drop significantly, the effect of the heating on temperature gra- 
dients in the film to decrease the film thickness must be negligible 
as long as no great amount of sliding occurs. 

One other consideration to be kept in mind, however, is that 
the thermal processes connected with the entrapment of the oil 
between the surfaces, and thus the film thickness, may be quite 
different from those that control the maximum film temperature. 
After all, the local temperature of only that minute portion of 
the oil film which is subjected to the intense shearing necessary to 
generate the required pressure gradient, but which is also located 
so close to the rolling surfaces as to be in intimate thermal contact 
with them, is the only important temperature governing the prop- 
erties of the oil (i.e., its viscosity) that are effective in maintaining 
the film thickness. The temperature may be higher elsewhere in 
the film, particularly if there is appreciable sliding, but such 
temperatures may not appreciably affect the film thickness, al- 
though they may, of course, generate important thermoelastic 
stresses. That is, the process of entrapping the oil at the leading 
edge of the contact region, thus determining the amount of oil 
left to form the load-carrying film, may be essentially completed 
before the temperature reaches its maximum. 

What is really needed on this problem of film temperature is 
a careful analysis of these various thermal processes in which 
the physical situation is described accurately. Dr. Sternlicht in 
a computer analysis of film temperature in his recent paper 
(ASME Paper No. 60-WA-286) chose to assume that the tem- 
perature is constant across the oil film, and that no heat transfer 
occurred into the steel surfaces. Since the heat from viscous shear- 
ing under rolling conditions is not generated evenly across the 
film, Dr. Sternlicht is saying, in effect, that the thermal conduction 
in the oil is infinitely more efficient than the thermal conduction 
in the steel. Other investigators, including Professor Blok [see 
discussion to paper by Osterle, Charnes, and Saibel, Trans. ASME 
75, 1123 (1953)] and also Grubin (Ref. (8), p. 123) propose just 
the opposite; namely, that the conduction of the viscous heat 
into the steel surfaces is so efficient as to justify the assumption 
of an effective film temperature which is equal to the temperature 
of the surfaces. It makes sense to us that heat should be conducted 
through steel more readily than through oil. In addition, it has 
been shown in a number of research studies [see, for example, 
Crook, A. W., Phil. Trans. Roy. Soc. London 250, p. 400 (1958) ; 
and Archard and Kirk, “Lubrication at Point Contacts,” to be 
published in Proc. Roy. Soc. London (1961), see Fig. 7], as well 
as in our own experiments, that film thickness, scoring, and other 
measures of the performance of rolling contacts (including gear 
teeth), is related much more strongly to the ambient steel surface 
temperature than to any other measurable temperature in the 
system, especially the oil-inlet temperature. The steel temperature 
must then control the effective temperatures in elasto-hydrody- 
namic lubrication films. The fact that we obtain as good a 
correlation as we do between the film-thickness measurements 
and a theory in which film temperature is assumed equal to the 
steel temperature is evidence in itself that there must not be very 
great temperature rises in the film, since the level of the ambient 
temperature has such a powerful effect on film thickness (owing 
to its double effect both on viscosity and on the pressure coeffi- 
cient of viscosity). 


In regard to the possibility of non-Newtonian behavior of oils 
at rolling contacts, it is of course unfortunate that such a drastic 
complication may be necessary for the lubrication theorists. The 
consistent trend of film thicknesses below that predicted by New- 
tonian theory could be explained by temperature rise in the oil 
film, but this does not seem likely in view of the above discussion. 
There is a large body of contact friction or traction measurements 
in the literature that shows even more dramatically some depar- 
ture from Newtonian viscosity in elasto-hydrodynamic oil films. 
By non-Newtonian, we mean any deviation from a linear varia- 
tion of shear stress with shear rate at constant pressure and 
temperature. Published traction measurements at rolling contacts 
are consistently lower than calculated from the Newtonian vis- 
cosity at high pressure and estimated shear rates. [For example, 
see papers by Watson, H. J., and Misharin, J. A., Proc. Int. 
Conf. on Gearing, Inst. Mech. Engrs. (1958) p. 126 and p. 159, 
respectively, and by Smith, F. W., ASLE Trans. 3(1), 18 (1960).] 
In fact, the calculated Newtonian shear stress in oil films under 
many practical conditions approaches the shear strength of the 
steel surfaces, which of course is ridiculous. The obvious alter- 
native then is to assume that the shear stress realized in the film 
is smaller than that predicted by Newtonian theory and that thus 
the film thickness should also be smaller. Another practical conse- 
quence of this non-Newtonian behavior in the oil film is the 
effect on the contact stress, as well as on the film thickness and 
tractive friction. 

We wish to state further that we are not trying to destroy 
Grubin’s formula by mentioning the possibility of non-Newtonian 
flow of the lubricant. Our point is that his formula has limi- 
tations, some of them being associated perhaps with temperature 
effects, while others may be associated with other known prop- 
erties of fluids not recognized by the Newtonian model. For 
the moment our suggestion is qualitative, hard to verify or 
criticize because it is a little vague, but we hope that further 
publications from Battelle soon may serve to clarify some of the 
possibilities of non-Newtonian lubricant models. 

In reply to the questions of accuracy and repeatability brought 
up by Dr. Sternlicht, we believe that the X-ray technique is in- 
herently quite accurate. We can think of no characteristic error 
in this method that should amount to any more than a variation 
in film thickness of a millionth of an inch. In order to realize as 
much of this inherent accuracy as possible, however (the error 
in the duplicate measurements quoted by Dr. Sternlicht was 2.2 
millionths of an inch) considerable precision was designed into 
the disk machine. The disks were supported in rigid vibration-free 
hydrodynamic pad bearings with journals lapped to an out-of- 
roundness of less than 10 pinches, as were also the disks them- 
selves. High-mechanical-advantage wedge and lever adjustments 
were built into the machine to allow precise alignment of the 
disks with the X-ray beam before each experiment. Both rotors 
were dynamically balanced. 

The attenuation of X-rays in materials is an atomic phenom- 
enon and is therefore independent of molecular phenomena such 
as viscosity. Different elements have characteristic capture cross- 
sections for X-rays of a given wave-length, and it has been 
established that the exponential X-ray absorption coefficient for 
an oil having a given composition varies linearly with density. 
Linear absorption coefficients in the Ka molybdenum X-rays 
were measured for the oils used in these experiments, and a linear 
variation of these absorption coefficients with density was used in 
calculating the error from increased oil density in the high-pres- 
sure contact regions. This error was found to be small enough 
to be neglected except for measurements of thick films with high- 
absorption lubricants such as the silicone. 
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The most significant sources of error in the experimental tech- 
nique seemed to arise in the generation of the transverse curva- 
tures on the disks, and in the accuracy and stability of the cal- 
ibration of the X-ray intensity with film thickness. It was found 
that even when the disk geometry was reproduced to an accuracy 
approaching 10 millionths of an inch during refinishing, some 
slight differences in contact-deformation profile still occurred. 
For this reason, we were not able to detect a significant difference 


between the contact-deformation profiles using the white oil and 
the diester lubricants, which are quite similar structurally, any- 
way. In regard to possible calibration errors, the X-ray equip- 
ment used was developed especially for quantitative X-ray diffrac- 
tion analyses in which precise stability is also required. However, 
some calibration drift was still detected, and the X-ray beam was 
recalibrated more than once a day in order to adjust the film 
thickness measurements. 
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Lubricating Oil Requirements of Large Gas Engines 


By L. 0. BOWMAN’ and R. S. RIDGWAY? 


This paper discusses lubricating oil field tests conducted in two-cycle and four-cycle engines fueled 
with natural gas. The main objective was achieved; i.e., high performance lubricants were developed 
with low ash-forming properties. In the four-cycle engine program, it was found that (a) good 
oil oxidation stability was a primary requirement, (b) increasing either detergent or oxidation 
inhibitor level reduced piston ring belt deposits, and (c) a compounded paraffinic oil was markedly 
superior to an equally compounded naphthenic oil. In the two-cycle engines, (a) increased detergent 
concentration reduced port deposits, and (b) piston head deposits correlated with the oils’ ash con- 


tent. 


Introduction 


Tue lubricating oil requirements of large, moderate 
speed, natural gas-fueled engines have been discussed by 
several authors. Floyd (1, 2) showed that uncompounded 
naphthenic oils performed better than uncompounded 
paraffinic oils in two-cycle engines, and the reverse per- 
formance was observed in four-cycle engines. Satisfac- 
tory performance was obtained in both types of engines 
by the addition of detergent compounding to the naph- 
thenic base oil. 


Mallow (3) discussed the effects of oil consumption 
on engine deposits and wear. He concluded that over- 
lubrication was common and was the cause of several 
maintenance problems. 


Another group of authors (4) showed that an oil 
meeting certain physical specifications was necessary to 
give acceptable performance in a particular make of 
radial gas engine. Viscosity and viscosity index limits 
particularly were defined quite closely. 

This paper provides additional information that sup- 
plements existing technology on gas engine lubrication. 


Objective 


The objective of this program was to develop high 
performance lubricating oils, preferably with low ash- 
forming tendencies. Although many engine designs ap- 
pear to be unaffected by combustion chamber ash resi- 
dues (which are principally the result of lubricating oil 
combustion), enough sensitive engine designs exist to 
justify the effort to reduce oil-derived ash residues. Two 
engine problems that have definitely been caused by 
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lubricating oil ash in certain operations are spark plug 
fouling (gap bridging) and complete combustion cham- 
ber filling resulting in zero clearance volume and con- 
sequent shutdown. Two problems that are likely ag- 
gravated by lubricating oil ash residues are valve 
burning and cylinder and piston ring scoring. 

A completely ashless oil is the ultimate objective of 
this continuing project, but the desire for ashlessness 
is tempered by the requirement that excellent over-all 
performance be achieved at a reasonable cost. 


General program 


Several oil formulations were tested in one make and 
model of two-cycle engine and one make and model 
of four-cycle engine. These engines were operated at 
rated loads in normal field service and were used for 
compressing natural gas. Oil changes were generally 
not performed unless oil deterioration warranted a 
change-out. Test engine descriptions are given in Ap- 
pendix A. Partial inspections of each engine were per- 
formed after 6 months’ operation. Engines in satisfactory 
condition were reassembled, and the tests continued to 
approximately 18 months whereupon final inspections 
were made. 

The four-cycle engine test program shown in Table 1 
was designed to evaluate the performance of several de- 


TABLE 1 
Four-Cycle Engine Program Engine I 








Number Number 
Oil of of 
number engines cylinders Base oil Detergent Inhibitor 
1 3 26 Naphthenic M Z 
2 2 16 Paraffinic M Z 
3 2 14 Paraffinic M 2Z 
4 2 16 Paraffinic 2M 2Z 
5 2 12 Paraffinic P 2Z 
6 3 20 Paraffinic 2P 2Z 
7 2 16 Paraffinic A 2Z 





tergent additive types at different concentrations, oxi- 
dation inhibitor concentration, and to a limited extent, 
base oil hydrocarbon type. Detergent additive M was 





; 
; 
; 
; 
; 
; 
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a mixture of basic calcium additive and calcium sul- 
fonate; this is typical of many diesel lubricating oil 
detergent additive combinations. Detergents A, B, and 
P were nonash-forming materials. Detergent P also had 
viscosity index-improving properties. Inhibitor Z was a 
zinc dithiophosphate additive, and Inhibitor T was a 
nonash-forming phosphorus material. 

Table 2 shows the two-cycle engine program. Previous 


TABLE 2 
Two-Cycle Engine Program Engine C 





Number Number 





Oil of of 
number engines cylinders Base oil Detergent Inhibitor 
2 2 9 Paraffinic M Z 
1 6 Paraffinic 2M Z 
9 2 9 Paraffinic B tT 
6 2 14 Paraffinic 2P 2Z 
7 2 6 Paraffinic A 2Z 





experience indicated that these engines required little, if 
any, oxidation inhibitor; consequently, the primary ob- 
jective was to compare different detergent types. Three 
ash-free detergents were evaluated, and the previously 
described calcium detergent additive was tested at two 
different concentrations. 

Physical and chemical analyses of the test oils are 
shown in Table 3. No bright stock was contained in 
Oils 5, 6, and 7. Approximately 15% bright stock was 
included in Oils 1, 2, 3, 4, 8, and 9. Since equivalent and 
very low cylinder wear was observed for all oils, the 
additional wear protection generally accredited to bright 
stock apparently is not required in this type of service. 


Results — Four-cycle engine program 


Lubricating oil tests are usually conducted with the 
same oil change intervals specified for all oils. In many 
large gas engine operations, however, it is a common 
practice to change oil only when the oil has deteriorated 
to some arbitrary limit. This method was adopted in 
the test program reported herein. 

It was found that oil oxidation was the primary 
source of oil degradation in the four-cycle engine pro- 
gram. Used oil analyses showed that changes in viscosity, 
insolubles, acidity, and carbonyl content generally cor- 
related with one another in this type of operation. Since 


viscosity measurements were one of the simplest tests to 
perform in the field, oil changes based on viscosity in- 
crease were adopted for this program. 


One half of the piston assemblies were inspected after 
6 months of operation. If the condition of the engine 
was promising enough to extend the test period to 18 
months, the piston assemblies inspected at 6 months 
were completely overhauled at that time and reinstalled. 
Consequently, it was possible to obtain 6 months’, 12 
months’, and 18 months’ inspections on one half of the 
piston assemblies. 


PARAFFINIC OIL vs NAPHTHENIC OIL 


The data presented in Table 4 show that Oil 1 (naph- 
thenic base; M-+ Z) was markedly inferior to Oil 2 
(paraffinic base; M + Z) after only 6 months of opera- 
tion. As a matter of interest, both of these oils met the 
MIL-L-2140A specification. 


TABLE 4 
Comparison of Naphthenic Oil with Paraffinic Oil in Four-Cycle 
Engine Test—Six Months’ Inspections 











Oil description 
Oil 1 Oil 2 
(naphthenic (paraffinic 
base; M-+Z) base; M + Z) 
Number of engines inspected 3 2 
Number of pistons inspected 12 8 
Number of rings hot stuck 2 0 
Number of rings cold stuck 0 
Groove deposits, % filling 
No. 1 80 70 
No. 2 75 55 
No. 3 50 30 
No. 4 40 25 
Oil ring clogging, % 
No. 5 85 10 
No. 6 80 10 
Average piston varnish rating 6.8 8.9 


(0 = black; 10 = clean) 





Much heavier piston skirt and ring belt deposition was 
observed with the naphthenic oil. Also, the viscosity 
increase characteristics of the naphthenic oil dictated oil 
changes approximately three times as often as the paraf- 
finic oil. The naphthenic oil was drained about every 











TABLE 3 
Test Oil Properties 
Oil number 

1 2 3 a 5 6 7 8 i] 
Viscosity at 100F, SSU 607 620 636 621 669 550 653 640 637 
Viscosity at 210F, SSU 61.6 67.8 68.0 67.6 80.0 84.1 69 68.3 68.1 
SAE grade 30 30 30 30 40 20W-40 30 30 30 
Viscosity index 60 89 87 88 115 134 88 87 88 
Calcium, wt % 0.092 0.092 0.092 0.184 nil nil nil 0.184 nil 
Zinc, wt % 0.058 0.058 0.116 0.116 0.116 0.116 0.116 0.058 nil 
Phosphorus, wt % 0.055 0.055 0.111 0.111 0.111 0.111 0.111 0.055 0.168 
Sulfated residue, wt % 0.46 0.46 0.60 0.91 0.29 0.29 0.29 0.77 nil 
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500 hr, and the paraffinic oil was changed about every 
1500 hr. Figure 1, showing the actual oil viscosity versus 
test hours for Oil 2, is a typical example of the used oil 
viscosity data obtained for all of the oils in this pro- 
gram. 

OIL 2 
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Fic. 1. Typical viscosity increase performance in four-cycle 
engine program. 
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EFFECT OF INCREASING INHIBITOR CONCENTRATION 


Oil 3 (paraffinic base; M + 2Z) provided slightly 
better deposit control and much better viscosity increase 
control than Oil 2 (paraffinic base; M + Z). These two 
oils contained identical base stock and detergent ad- 
ditive, but Oil 3 contained twice as much oxidation in- 
hibitor. Table 5 shows the 18 months’ data using these 


TABLE 5 
Effect of Inhibitor Concentration in Four-Cycle Engine Test— 
Eighteen Months’ Inspections 








Oil 2 Oil 3 
(paraffinic (paraffinic 
base; M+ Z) base; M + 2Z) 

Number of engines inspected 2 2 
Number of pistons inspected 8 7 
Number of rings hot stuck 5 3 
Number of rings cold stuck 8 2 
Groove deposits, % filling 

No. 1 85 80 

No. 2 85 65 

No. 3 65 35 

No. 4 45 15 
Oil ring clogging, % 

No. 5 45 25 

No. 6 45 20 
Piston varnish rating 7.9 9.3 


(0 = black; 10 = clean) 





two oils. It is interesting to note that the improved de- 
posit control occurred even though Oil 3 was used 
about four times as long. Doubling the oxidation in- 
hibitor content extended the oil change interval from 
approximately 1500 to 6000 hr. 


EFFECT OF INCREASING DETERGENT CONCENTRATION 


Oil 4 (paraffinic base; 2M + 2Z) provided additional 
deposit control over that shown by Oil 3 (paraffinic 


base; M + 2Z). The two oils were identical except for 
twice the amount of detergent used in Oil 4. Table 6 
compares the deposit performance of these oils after 18 


TABLE 6 
Effect of Detergent Concentration in Four-Cycle Engine Tesi— 
Eighteen Months’ Inspections 











Oil description 
Oil 3 Oil 4 
(paraffinic (paraffinic 
base; M + 2Z) base; 2M + 2Z) 

Number of engines inspected 2 2 
Number of pistons inspected 7 8 
Number of rings hot stuck 3 0 
Number of rings cold stuck 2 0 
Groove deposits, % filling 

No. 1 80 85 

No. 2 65 50 

No. 3 35 25 

No. 4 15 15 
Oil ring clogging, % 

No. 5 25 10 

No. 6 20 10 
Piston varnish rating 9.3 9.4 


(0 = black; 10 = clean) 





months of operation. The viscosity increase character- 
istics of the two oils was essentially equivalent. The 
average oil change intervals were 6000 hours (Oil 3) and 
5000 hours (Oil 4). 

Another comparison of the effect of detergent con- 
centration is shown in Table 7. Oils 5 and 6 contained 


TABLE 7 
Effect of Detergent Concentration in Four-Cycle Engine Test— 
Six Months’ Inspections 





Oil description 








Oil 5 Oil 6 
(paraffinic (paraffinic 
base;P + 2Z) base; 2P + 2Z) 

Number of engines inspected 2 3 
Number of pistons inspected 8 12 
Number of rings hot stuck 0 0 
Number of rings cold stuck 0 0 
Groove deposits, % filling 

No. 1 80 45 

No. 2 40 40 

No. 3 30 20 

No. 4 20 10 
Oil ring clogging, % 

No. 5 70 5 

No. 6 60 5 
Piston varnish rating 8.1 9.6 


(O = black; 10 = clean) 





a polymeric ash-free detergent and zinc dithiophosphate 
inhibitor. Oil 6 (paraffinic base; 2P + 2Z) was identical 
to Oil 5 (paraffinic base; P + 2Z) but contained twice 
the amount of detergent. The additional detergent sig- 
nificantly decreased engine deposition. 





a 
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It will be observed that the average oil change interval 
for Oil 5 was 5000 hr while Oil 6 averaged about 10,000 
hr between oil drains. Although the stability exhibited 
by Oil 5 was about equivalent to that of Oils 3 and 4, 
ine 6 months’ deposit ratings with Oil 5 were quite 
poor; and the tests with that oil were discontinued. 
This points out that satisfactory deposit control cannot 
be insured in these engines by good viscosity increase 
control alone. 


The significantly greater oxidation stability of Oil 
6 compared to Oil 5 is attributed to the increased pro- 
portion of the polymeric detergent. 


MULTIGRADE O1t USAGE 


It will be noted that Oil 6 has the viscosity character- 
istics of an SAE 20W-40 grade oil. No advantages or 
disadvantages were noted in this service for the unique 
viscosity characteristics inherent in a multigraded oil. 


Fuel consumptions were not measured; but it is doubt- 
ful that the oil is subjected to very high shear rates 
in this slow speed service, and significantly reduced fuel 
consumption as a result of temporary shear of a multi- 
graded oil seems unlikely. The multigraded oil’s viscosity 
index did not change with use, indicating a negligible 
permanent shear. 


COMPARISON OF DETERGENT TYPES 


Three types of detergents were employed in the four- 
cycle engine program. Table 8 shows the 18-month data 
obtained with Oils 4, 6, and 7. These oils contained, 
respectively, detergent additive M, a mixture of basic 
calcium additive and calcium sulfonate; P, an ash-free 
polymeric detergent; and A, an ash-free detergent with- 
out viscosity index-improving properties. The inhibitor 
type and concentration were identical in all three oils 


(2Z). All three oils (4, 6, and 7) provided satisfactory 
deposit control performance (no operating problems in 
18 months); but Oil 7 was better than Oil 4 which was, 
in turn, considerably better than Oil 6. 

Although the inhibitor treatment was the same in 
these three oils and they had similar base oils, Oils 6 
and 7 exhibited about twice as much oxidation stability 
as Oil 4. This was not too surprising since it has been 
reported (5) that metallic detergent additives may act 
as mild oxidation catalysts, thereby reducing the po- 
tential oxidation inhibition ability of a given amount of 
inhibitor additive. 

The additive treating cost of Oils 6 and 7 was about 
double the additive cost of Oil 4. Calculations based on 
oil consumptions and estimated oil selling prices, showed 
that the markedly better viscosity increase characteris- 
tics (resulting in fewer oil changes) of Oils 6 and 7 
approximately compensated for their higher additive 
treating costs. Consequently, the yearly oil costs for the 
three oils are approximately equal; and the three deter- 
gent types can be reasonably compared on a perform- 
ance basis. 


EFFECT OF TEST LENGTH ON DEPOsITS 


Figures 2 and 3 show representative deposit ratings 
of all oils that were tested for 18 months as a function 
of test length. It will be observed that the highest rate 
of deposition took place during the first 6 months’ 
period. With minor exceptions, the oils’ deposit control 
rankings after 6 months of operation accurately predict 
their 18-month rankings, although the absolute deposit 
levels are higher after the longer test period. 

The appearance of typical test pistons after 6 months’ 
operation is shown in Fig. 4. The rings were left on the 
Oil 1 piston to show the extent of oil ring clogging and 
the hot stuck top ring. 


TABLE 8 
Comparison of Detergent Type in Four-Cycle Engine Test—Eighteen Months’ Inspections 





Oil description 








Oil 4 Oil 6 Oil 7 
(paraffinic (paraffinic (paraffinic 
base; 2M + 2Z) base; 2P + 2Z) base; A + 2Z) 

Number of engines inspected 2 2 2 
Number of pistons inspected 8 7 7 
Number of rings hot stuck 0 1 0 
Number of rings cold stuck 0 5 1 
Groove deposits, % filling 

No. 1 85 80 45 

No. 2 50 65 30 

No. 3 25 40 15 

No. 4 15 30 10 
Oil ring clogging, % 

No. 5 10 50 5 

No. 6 10 45 Trace 
Piston varnish rating 9.4 7.6 9.6 
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Deposit CONTROL PERFORMANCE vs O1L CHANGE 
INTERVAL 


In this test program crankcase oil was arbitrarily 
changed when its viscosity at 100F increased about 
70%. The data show that the oils with the shortest 
drain interval generally allowed more deposits than the 
oils with longer drain intervals. If it is possible to offset 
differences in oil quality by changing poorer oils more 
frequently, a more restrictive oil change policy would 
have to be adopted than was used in this test program. 
Apparently, oil drains based on a lower viscosity increase 
limit and/or other used oil factors should be considered 
to compensate more adequately for performance dif- 
ferences in oils. 
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Fic. 2. Effect of test length on deposition in four-cycle en- 
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TEST LENGTH - MONTHS 
Fic. 3. Effect of test length on deposition in four-cycle en- 
gine tests. 


Results — Two-cycle engine program 


The primary lubricating oil problem in these par- 
ticular two-cycle engines is the oil’s effect on intake port 
plugging. Prior to the lubricating oil test program, the 
test engines were lubricated with a highly refined, un- 
compounded oil having a nominal viscosity index of 55 
and a 0.03% Conradson carbon residue value. Pretest 
engine inspections confirmed the general deposition ex- 
perience with this oil. The intake ports were becoming 
sufficiently restricted by deposits after approximately 
4 months’ operation that engine power was noticeably 
reduced. An experienced engine operator can predict 
the approximate amount of intake port deposits by the 
reduction in engine operating efficiency. About 25%, or 
greater, port clogging has a noticeable effect on engine 
operation. 


In the test engines, port inspections were made at 
intervals of about 6 months. If deposits filled approxi- 
mately 10% or more of any of the ports, they were all 
cleaned at the time of the inspection. Consequently, only 
the port clogging tendencies of “good” oils (10% filling 
or less) were evaluated for a longer period than 6 months. 

Oil changes were not performed in the two-cycle en- 
gine tests. The cylinder lubricator sumps were filled 
automatically from the crankcase, and fresh oil was 
added periodically to the crankcase to maintain the 
proper oil level. Crankcase oil deterioration was negli- 
gible. 


EFFECT OF INCREASING DETERGENT CONCENTRATION 


The effect of increasing detergent level is shown in 
Table 9. Oil 2 (paraffinic base; M + Z) was compared 
to Oil 8 (paraffinic base; 2M + Z). Both the intake and 
exhaust port deposits were reduced by half in the test 
with the oil containing twice the detergent concentra- 
tion. It will be noted, however, that piston head deposits 
were appreciably greater with Oil 8, particularly on the 
intake side. Figure 5 shows the appearance of these de- 
posits. 

This engine model has a piston head design that is 
sensitive to ash deposit buildup; whereas, the four-cycle 
test engine combustion chamber was relatively insensitive 
to this type of deposit. 





Fic. 4. Typical piston appearance in four-cycle engine tests 
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TABLE 9 
Effect of Increasing Detergent Concentration in Two-Cycle Engine 
Test—Six Months’ Inspections 





Oil description 








Oil 2 Oil 8 
(paraffinic (paraffinic 
base; M+ Z) base; 2M + Z) 

Number of engines inspected 2 1 
Number of cylinders inspected 9 6 
Intake port deposits, 

% of area filled 19 8 
Exhaust port deposits, 

% of area filled 15 7 
Piston head deposits, average 

thickness, in. 

Intake side 1/8 1/4 

Exhaust side 1/32 1/16 





Thick ash deposits on the intake side of the piston 
heads are a source of abrasive material that might cause 
piston ring or cylinder scoring. The potential hazard in 


confirming this possibility was considered too great a 
risk. Consequently, a very limited test program was 
conducted in this type of engine with oils of high ash 
content. In general, the quantity of intake deflector ash 
deposits correlated with the oil’s ash content. 


COMPARISON OF DETERGENT TYPES 


Four different detergent additives were evaluated. 
Table 10 shows the test results. All of these oils per- 
formed better than the uncompounded naphthenic oil 
used previously. Oil 6 (paraffinic base; 2P + 2Z), how- 
ever, did not provide sufficient deposit control over the 
6 months’ test period to justify continued evaluation. 
Oils 7, 8, and 9 were all excellent in controlling port 
deposits, with Oil 7 having a slight edge over the other 
two oils. Oil 9 appeared to be the best compromise 
formulation for these engines; i.e., excellent port deposit 
control and very low ash residue on the piston heads. 
Oil 9, however, had inadequate oxidation inhibition 
characteristics to warrant evaluation in the four-cycle 
engine test program. 





Fic. 5. Piston head deposits—intake side two-cycle engine tests. 


TABLE 10 
Comparison of Detergent Types in Two-Cycle Engine Test—Six Months’ Inspections 





Oil description 








Oil 6 Oil 7 Oil 8 Oil 9 
(paraffinic (paraffinic (paraffinic (paraffinic 
base; 2P + 2Z) base;A+2Z) base;2M+Z) base; B+ T) 
Number of engines inspected 2 2 1 2 
Number of cylinders inspected 14 6 6 9 
Intake port deposits, % of 
area filled 40 0 8 10 
Exhaust port deposits, % of 
area filled 15 3 7 3 
Piston head deposits, average 
thickness, in. 
Intake side 1/16 1/8 1/4 1/64 
Exhaust side 1/32 1/32 1/16 1/64 
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EFFECT OF TEST LENGTH ON DEPOSITS 


Oils 2, 7, 8, and 9 were evaluated over an 18-month 
test period. The port deposits with Oils 7, 8, and 9 
were virtually the same (0 to 10%) after 18 months’ 
operation as they were after 6 months. Apparently, 
these three oils had ample detergency to maintain the 
ports in a nearly clean condition over an indefinite 
period. Oil 2, however, allowed intake port deposits to 
increase to about 20% filling per each 6-month test 
period. 


Conclusions 
GENERAL 


Test Oil 7 (an ash-free detergent-zinc dithiophosphate 
formulation) was the best over-all oil in this program. 


Four-Cycle Engine Program 


1. Satisfactory lubrication was obtained with SAE 30, 
40, and 20W-—40 oils, with or without bright stocks. 

2. Oil oxidation was the major source of oil deteriora- 
tion. 

3. Compounded paraffinic oil was superior to an 
equally compounded naphthenic oil (Oils 1 and 2). 

4. Increased oxidation inhibitor concentration re- 
duced piston ring belt deposits (Oils 2 and 3). 

5. Increased detergent concentration reduced piston 
ring belt deposits (Oils 3 and 4; Oils 5 and 6). 

6. An oil with good viscosity increase control did not 
necessarily provide good piston ring belt deposit con- 
trol (Oil 5). 

7. Two ash-free detergent oils significantly reduced 
viscosity increase tendencies compared to a metallic 
detergent oil (Oils 4, 6, and 7). 

8. No apparent advantages or disadvantages were 
observed in this service for the unique viscosity charac- 
teristics inherent in a multigraded oil (Oil 6). 

9. The best piston ring belt deposit control was ex- 
hibited by an ash-free detergent—zinc dithiophosphate 
formulation (Oil 7). 

10. Changing oil after a 70% increase in viscosity at 
100 F did not compensate completely for differences in 
oil quality. The best performing oils generally required 
the fewest oil changes and vice versa. 


Two-Cycle Engine Program 

1. Satisfactory lubrication was obtained with SAE 
30 and 20W-—40 oils, with or without bright stocks. 

2. Increased detergent concentration reduced port 
deposits (Oils 2 and 8). 


3. Piston head deposits (intake side, particularly) 
correlated with the ash content of the test oils. A metal- 
lic detergent oil caused the heaviest ash deposits (Oil 
8). 

4. No apparent advantages or disadvantages were 
observed in this service for the unique viscosity charac- 
teristics inherent in a multigraded oil (Oil 6). 

5. An ash-free detergent-zinc dithiophosphate formu- 
lation displayed the best port deposit control (Oil 7). 

6. An ash-free detergent-inhibitor formulation was 
the best over-all formulation in this service (Oil 9). 

7. With adequately compounded oils, excellent con- 
trol of port deposits appears possible for an indefinite 
period of time (Oils 7, 8, and 9). 
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Appendix A 
Test ENGINE DESCRIPTIONS 


Four-Cycle Engine I 


Rated Horsepower Per Cylinder 32.5-37.5 
Number of Cylinders Per Engine 4, 6, or 8 
Cylinder Bore Diameter, Inches 11.000 


Engine Speed, rpm 300-350 
Two-Cycle Engine C 

Rated Horsepower Per Cylinder 100 

Number of Cylinders Per Engine 3, 6, or 8 

Cylinder Bore Diameter, Inches 14.000 

Engine Speed, rpm 300 
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The Effect of Lubricant Viscosity and Composition on 
Engine Friction and Bearing Wear. Il 


By E. H. OKRENT! 


In an earlier paper it was shown that mineral oils containing high molecular weight polymer 
would give better lubrication characteristics (lower friction and lower wear in a V-8 automotive 
engine) than straight mineral oils of the same viscosity. In this paper, the effects of polymer type, 
molecular weight and concentration are considered. 

Generally, friction and wear decrease with polymer concentration, leveling off to a “plateau” 
which is a characteristic of the given polymer. The level depends on both polymer type and 
molecular weight, the best results being obtained with the lowest molecular weight polymer. The 
behavior of polymer/oil blends is also sensitive to the presence of polar surfactants. It is con- 
cluded that both the bulk properties of oils, such as viscoelasticity, and surface effects are important 
in accounting for the advantage of polymer-modified oils. 


Introduction 


Tuis is the second in a series of papers examining the 
performance of polymer-modified (VI-improved) oils. 
Polymers are being used more and more widely in 
motor oils and other lubricants, but their exact behavior 
in hydrodynamic and boundary lubrication is still not 
entirely understood. 

The previous paper (7) demonstrated that these poly- 
mer-thickened oils gave lower engine friction and con- 
necting-rod-bearing wear rates than mineral oils of the 
same low shear viscosity. Furthermore, these effects 
were not predicted from existing theory, nor could they 
be explained on the basis of temporary viscosity loss or 
improved viscosity temperature characteristics. These 
effects can only be explained if the polymer acts to re- 
duce metal-to-metal contact, and this in turn reduces 
both the friction and wear. Either these polymer oils 
are capable of maintaining hydrodynamic conditions 
where conventional lubricants cannot (due perhaps to 
their viscoelastic nature) or else they give added pro- 
tection in the boundary regime through some form of 
surface mechanism (adsorbed film or high surface vis- 
cosity). The exact cause of this improved performance 
(polymer viscoelasticity or surface effects) could not 
be determined from the data available. This paper will 
endeavor to shed some additional light on this rather 
important question. 

In this paper, the effect of polymer type, molecular 
weight and concentration will be examined, since these 
factors should impart different viscoelastic properties to 
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the final lubricant. Detergent oils will also be examined 
to indicate the importance of surface phenomena. From 
the data to be discussed, it appears that both the bulk 
properties (viscoelasticity) and surface effects are im- 
portant. 


Experimental 
Test TECHNIQUES 


The test methods used in this study are the same 
as those used in the previous paper (1). Two sets of 
engine tests were conducted, one to determine engine 
friction, the other to measure the connecting rod bearing 
wear rates. 

In the friction study, the torque required to motor 
(drive at constant speed with the ignition and fuel turned 
off) a preconditioned engine was measured. Data pre- 
viously reported has shown that there is a close correla- 
tion between friction when motoring and fuel consump- 
tion when firing, indicating that motored friction is a 
good measure of engine friction when firing. The connect- 
ing-rod-bearing wear rates were determined by a radio- 
tracer technique (1, 2), all eight bearings being used for 
the wear measurements, and the wear rates reported are 
the sum of all eight bearings. Details of these two test 
methods may be found in the first paper (7). 

The data reported in this paper are reported as cor- 
rected values—“Corrected FHP” or “Corrected Bearing 
Wear Rate”—because both the engine friction and bear- 
ing wear rates decrease with engine age. This is also 
discussed in the first paper. 


MATERIALS 


Five different polymers were selected. Two were poly- 
isobutylenes (PIB), three were polymethacrylates 
(PMA). For a given polymer type, the only differences 
were in molecular weight, there was no difference in 
chemical structure. The alcohol side chains of the metha- 
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crylates were a mixture, averaging about Cy. Neither 
polymer type has any highly polar groups; the poly- 
isobutylenes are pure hydrocarbons and the polymetha- 
crylates contain only ester groups. This would tend to 
minimize surface effects and allow bulk properties such 

















ference in viscosity at other possible operating tempera- 
tures. 

The final blend compositions and viscosities are given 
in Tables 3 and 4. Also for convenience in referencing, 





















































as viscoelasticity to predominate. Detailed information : TABLE 3 . 
on the two polymer systems are given in Table 1. Since, Experimental Dete—Noudetergent Oils? 
Weight? Bearin 
TABLE 1 parcioi Viscosity, cs Fatt 
Characteristics of Polymers Tested Base oil polymer 100F 210F VI mgs/hr 
Weight percent Intrinsic Polymethacrylate A 
active in- viscosity ae 
Symbol Polymer gredient toluene Distillate F 1.10 108.6 12.30 111 2.86 
gee eee no ag Distillate E 2.30 94.3 1230 124 2.28 
seaieamedioen 28.9 0.31 Distillate D 3.79 85.8 1263 134 1.28 
4  Polyisobutylene B 20.0 0.50 Distillate C 5.30 70.1 12.20 146 = 1.09, 0.89 
4 Polymethacrylate A 55.0 0.31 Distillate B 7.20 60.4 12.20 154 0.66, 0.44 
WY Polymethacrylate B 38.4 0.55 Distillate A 9.90 53.9 12.50 160 0.46, 0.39 
7 Polymethacrylate C 25.0 1.20 Cetane 17.50 35.5 12.50 176 0.52 
. ‘ i Polymethacrylate B 
for a given polymer system, there are no chemical dif- —— : on 
ferences, the intrinsic viscosity in toluene is a measure Distillate C 3.01 69.0 1230 145 0.96 
of molecular weight Distillate B 4.21 60.0 12.50 155 1.00 
, ‘ eG Distillate A 5.21 49.9 12.20 163 0.95 
These polymers were blended with paraffinic mineral Cetene 10.40 30.2 1239 180 0.84 
oil base stocks of 100-107 VI. The properties of these oe 
eis are lated'in Table 2 Distillate A 2.62 27.5 6.78 170 0.95 
TaBLe 2 Polymethacrylate C 
Physical Properties of Paraffinic Base Stocks Used4 Distillate C 1.90 71.9 12.60 149 0.80 
Simaaiiier’ ee Distillate B 2.42 57.6 12.90 158 0.78 
y» Distillate A 3.10 46.6 12.60 167 0.80, 0.85 
Base Stock 100 F 210F Cetane 6.00 26.3 12.45 182 0.96, 1.04 
a . 3.04 “ef Polyisobutylene A 
istillate 14.1 . 
Distillate B 23.0 4.34 Distillate C 3.24 85.4 12.30 132 0.95 
Distillate C 383 5.74 Distillate B 4.34 77.7. 12.50 140 0.91 
Distillate D 54.3 7.42 Distillate A 5.60 68.5 12.54 147 0.86 
Distillate E 72.0 8.87 Cetane 10.20 42.7. 12.37 170 0.85 
Distillate F 92.0 10.2 Polyisobutylene B 
# 100-107 Viscosity Index. Distillate D 0.95 102.6 12.62 120 1.25 
: ‘ie sce Yo Distillate C 2.20 84.1 12.32 133 0.98 
In making the friction and wear studies, it would be Distillate B 2.90 721 1232 143 ~©1.00 
desirable to vary the base oil viscosity, polymer con- Distillate A 3.70 646 1240 151 0.94 
centration, molecular weight, final blend viscosity and Cetane 7.00 43.2 12.70 169 1.09 
VI, all independently. This, of course, is impossible. Distillate A +36 287 5.45 155 112 
Therefore, in order to eliminate the effect of final blend Distillate A 1.98 32.9 6.78 185 1.09 


viscosity and to reduce the number of variables, it was 
decided to blend all the oils to meet a 12.4 cs/210F 
target viscosity. To meet this target and still vary 
polymer concentration requires varying the base stock 
viscosity. Thus when using high concentrations of poly- 
mer, a low viscosity base stock is required; whereas at 
low concentrations, a higher viscosity base stock must 
be utilized. For a given base stock, all polymers (within 
a given polymer system) give the same viscosity tem- 
perature characteristics (VI), so that comparisons at 
constant base stock viscosity show only concentration or 
molecular weight effects. Varying the base stock viscosity 
for a given polymer will result in varying the Viscosity 
Index; however, as was stated in the previous paper, 
the differences observed cannot be ascribed to any dif- 





@ Additional data may be found in Reference (1). 
» Active ingredient basis. 


are the values for friction and wear rates from the en- 
gine tests. These latter values will be discussed at length 
in this paper. 


Discussion 
EFFECT OF POLYMER TYPE 


The previous paper considered the effect of polymer 
concentration on the bearing wear performance of two 
conventional VI improvers, polyisobutylene B and poly- 
methacrylate B. These two materials reduced the wear 
by almost identical amounts for a given amount of 
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TABLE 4 
Experimental Data—Detergent Mineral Oils 
(4%* Detergent added to each base oil) 














VO 
- Sa 
ar 








5 Bearing es 
Viscosity, cs enind ske Friction HP 

Composition 100 F 210F VI mgs/hr 3000 2500 2000 
Distillate A 16.1 3.56 115 -—— 25.1 19.4 14.2 
Distillate B 25.9 4.78 100 3.30 24.6 19.1 14.2 
Distillate C 60.0 7.98 117 — 24.7 19.2 14.2 
12.4 cs Mineral oil 133.1 13.32 100 2.79 25.6 20.9 14.8 

Experimental Data—Detergent Polymer Oils 
(4%* Detergent added to each base oil) 

92.6% Distillate A® 
7.4% Polyisobutylene B 30.6 6.24 153 — 24.3 18.7 13.8 
86.7% Distillate A 
13.3% Polyisobutylene B 48.6 9.4 151 _- 24.0 18.6 13.8 
81.6% Distillate A 
18.4% Polyisobutylene B 68.4 12.6 165 1.03 24.4 18.8 13.9 
89.2% Distillate C 
10.8% Polyisobutylene B 89.9 12.84 133 1.22 — mae ei 
92.4% Distillate C + 
7.6% Polymethacrylate B 71.0 12.5 146 1.25 — — nee 





@ Per cent by volume. 


polymer. This result was rather surprising since these 
two polymers represented different molecular species 
with different blending characteristics. Work to be re- 
ported in the following paragraphs will indicate that 
there are differences between the PIB and PMA poly- 
mer systems. These show up in their molecular weight 
and concentration response, as will be shown. 


EFFECT OF POLYMER CONCENTRATION 


The effect of concentration on the bearing wear rates 
of the two polymer systems examined is quite similar. 
For any given polymer, as the concentration increases, 
the corrected bearing wear rate decreases, until a 
“plateau” is reached beyond which additional polymer 
does not cause any further advantage. 

For the polyisobutylenes, the results are given in 
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Fic. 1. Effect of polymer concentration polyisobutylene sys- 
tems (12.4 cs blend viscosity). 


Fig. 1. Both molecular weights give points that fall along 
a single curve. Even though all the oils are of the same 
viscosity (12.4 cs/210F) the polymer blends give up 
to 40% less wear than the straight mineral oils. 

The only point which deviates from this picture, 
the cetane-polyisobutylene B point, can be explained if 
one remembers that ASTM cetane is a pure material 
and has very poor “lubricity.”” Later we shall see that 
other cetane-polymer blends also give higher wear than 
anticipated from the rest of the data. 

For the polymethacrylate system, the wear/concen- 
tration response is somewhat more complex since here 
molecular weight also shows an effect. However, the 
shape for any given molecular weight is similar to that 
of the PIB’s. One typical wear/concentration curve 
(12.4 cs blends made with polymethacrylate A) is 
shown in Fig. 2. This polymer is particularly suited 
for study because it is of low molecular weight, and 
therefore can be used over a wide range of concentra- 
tions. One surprising result was that at low concentra- 
tions the blends of this polymer actually give higher 
wear than the corresponding straight mineral oil. With 
the blends containing higher concentrations of poly- 
mer, the wear rate decreases rapidly until at 7.5% 
polymer further increases in polymer content (up to 
17.5%) cause no further reduction in bearing wear rate. 
Essentially in the usable concentration range we observe 
a “plateau” in the bearing wear performance which 
represents the lowest wear for that particular polymer. 
The other two PMA’s showed similar curves, each com- 
ing to its own plateau level. However, for these two 
polymers, the very low concentration region was not 
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Fic. 2. Effect of polymer concentration on bearing wear rate 
(12.4 cs blend viscosity) polymethacrylate A. (See Table 1 for 
explanation of symbols.) 


investigated so that the increase in wear was not ob- 
served. The increased wear at low concentrations of 
polymethacrylate A is of particular interest since it could 
account in part for some of the contradictions in the 
literature on whether polymers are beneficial or harmful. 


THE EFFECT OF POLYMER MOLECULAR WEIGHT 


In considering the effect of varying polymer molecu- 
lar weight, one must distinguish between effects due to 
the concentration dependence of the wear rate (pre- 
viously noted) and a true molecular weight effect. For 
if one blends a polymer modified oil to meet a fixed 
viscosity target using a predetermined base oil, the poly- 
mer with the lowest molecular weight will give better 
performance since this will allow the use of a higher 
polymer concentration. This is essentially the effect pre- 
viously noted with the polyisobutylene system (in the 
limited molecular weight range tested). 

In the polymethacrylate system, a true polymer 
molecular weight effect is observed which is not directly 
related to concentration. This is illustrated in Fig. 3, 
which is a plot of the “plateau” wear rate for three 
polymethacrylate polymers (members of a homologous 
series) against their intrinsic viscosity in toluene. For 
a given homologous series of polymers, the intrinsic 
viscosity is a measure of the polymer molecular weight. 
The “plateau” wear rate is the lowest wear rate ob- 
tainable with the particular polymer. 

Notice that the lowest molecular weight polymer 
(PMA-A) gave the lowest plateau wear rate of 0.45 
mgs/hr. For the intermediate, PMA-B, the plateau level 
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Fic. 3. Effect of polymethacrylate molecular weight on bear- 
ing wear rates. (See Table 1 for explanation of symbols.) 
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was 0.96 mgs/hr, while the highest molecular weight 
tested gave a plateau value of 0.80 mgs/hr. Thus the 
intermediate molecular weight polymer was worse than 
either the higher or lower molecular weight polymers. 
Furthermore, by using the low molecular we'’ght ma- 
terial PMA-A (in the proper base stock and blending 
to 12.4 cs viscosity), it is possible to get markedly im- 
proved performance. 

In considering Fig. 3, one should remember that the 
plateau wear rate point is determined from the wear 
concentration curve for the given polymer so that each 
point on this figure represents four or five experimental 
points. 

The effect of polymer molecular weight was also 
checked in the engine friction work. The lowest molecu- 
lar weight polymer PMA-A gave 0.8 hp less friction 
than PMA-B, the intermediate material. 

The data presented so far show that there is no ques- 
tion that polymers do have a beneficial effect in that 
there are differences between polymers even of the 
same chemical species which differ only in molecular 
weight. This effect is in the opposite direction from 
that which one would expect from temporary viscosity 
loss, and a simple examination of the data shows that 
it cannot be accounted for by any differences in vis- 
cosity-temperature relationship. 

The fact that these polymers are nonpolar, coupled 
with the fact that there are major differences in the 
“plateau” wear rates among polymers of the same 
chemical makeup, make it appear that surface properties 
are not primarily responsible for the “antifriction”-“anti- 
wear” effect observed. If, on the other hand, one as- 
sumes that the surface properties are playing a pre- 
dominant role in the friction and wear reduction ob- 
served with these polymers, one would have predicted 
that the highest molecular weight polymer would give 
the lowest “plateau” (infinite concentration) wear rates, 
since one would expect that the effects of a surface film 
would be noted at a greater distance from the substrate 
as the polymer molecular weight increased (4). This is 
just the opposite of what was observed. Furthermore, 
DuBois e¢ al. (5) have shown that polymer oils give 








Engine Friction and Bearing Wear 


greater bearing clearance than do straight mineral oils 
at the same bearing capacity number. 

This leads to the conclusion that the effect of polymer 
is due to some bulk property of the oil which is related 
to its viscoelastic nature. Unfortunately information 
on the effect of lubricant viscoelasticity in journal bear- 
ing lubrication is lacking. Studies aimed at developing 
an understanding of polymer viscoelasticity and “nor- 
mal” stress effects are under way in our laboratories in 
another apparatus. However, one knows that the elastic 
response is a function of the number of molecules that 
have relaxation times longer than the loading times. 
Increasing the polymer concentration will increase the 
elastic response by increasing the total number of mole- 
cules, while increasing molecular weight also increases 
elastic response by shifting the system to longer relaxa- 
tion times. Thus, the viscoelastic response of the sys- 
tem depends on both polymer concentration and molecu- 
lar weight. In these experiments, in a given base stock 
there is either a high concentration of a low molecular 
weight polymer or a low concentration of high molecu- 
lar polymer. The increase in molecular weight will 
increase the elastic response while the decrease in con- 
centration will decrease the elastic response. Depending 
upon which factor predominates, the elastic response 
may either be greater or less with increasing molecular 
weight. Under these conditions, it is possible to have 
situations where these two effects interplay to cause 
reversals as with the polymethacrylate systems. Un- 
fortunately, again, not enough is known about the re- 
laxation distribution spectrum of these polymers. 


DETERGENT EFFECTS 


Although the foregoing makes it appear that bulk 
properties of the oil (such as viscoelasticity) are the 
important factors, we decided to see if surface effects 
do play any significant part. If polymers do adsorb on 
surfaces then it would be instructive to see what effect 
other materials would have which are also known to 
adsorb on surfaces. To do this we added various o'l- 
soluble soaps and surfactants to the polymer-oil blends. 
These materials are widely used in motor oils because 
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of their detergent properties. For the same reason, they 
are rarely used in gear oils where antiwear action is 
critical, because they often reduce the effectiveness of 
the antiwear additives, presumably because they tend 
to compete with the antiwear additives for the available 
adsorption sites on the metal surfaces. 

Some initial runs showed that these surfactants did 
affect bearing wear and friction. Therefore a preliminary 
study was undertaken using three well-known surf- 
actants: a metal sulfonate, a metal phenate, and P.S;- 
treated hydrocarbon. Although there were some dif- 
ferences in the responses of these materials, they all 
acted in the same direction: to increase wear and fric- 
tion. Therefore, in studying the effect of adding a surf- 
actant to a polymer blend, it was decided to use a 
single mixture containing all three detergent types 

In the bearing wear study, the addition of 4.0% by 
volume of this detergent mixture to straight mineral 
oils raised the entire level of the step wear viscosity 
function previously obtained (1). At the 12.4 cs vis- 
cosity level this increase amounted to doubling the 
bearing wear rate, the rate rising from 1.4 to 2.79 
mgs/hr. It is postulated that this occurred because the 
detergent creates a very clean chemical surface, which 
wears poorly. The magnitude of this change shows the 
importance of surface properties in this bearing wear 
test. 

When the same amount of detergent was added to 
a series of 12.4 cs oils containing various polymers, the 
wear rate again increased, but was much smaller than 
when the detergent was added to the mineral oil. In 
fact, the wear rate of the polymer/detergent blends were 
appreciably less than that of a mineral oil alone. These 
data are summarized in Table 5. Note that the addition 
of the detergent increased the wear rate by 1.39 in the 
straight mineral oil, but only by 0.09 to 0.29 in the 
polymer-modified oils. One can conclude that if a deter- 
gent oil is desired, it will have better wear character- 
istics if a polymer-modified base stock is used. 

A slightly different conclusion is arrived at from the 
friction studies. Here a whole series of oils of different 
viscosity were studied with and without the detergent. 


TABLE 5 
Effect of Polymer Concentration on the Bearing Wear of Detergent Oils 








Increase 
Detergent Viscosity, cs Wear rate due to 
Polymer (%)? F (%)? 210F mgs/hr detergent 
18.4% PIB B (in Par Dist A) 0 12.42 0.94 0.09 
4 12.62 1.03 
10.8% PIB B (in Par Dist C) 0 12.3 0.98 0.24 
4 12.8 1.22 
7.6% PMA B (in Par Dist C) 0 12.3 0.96 0.29 
4 12.5 1.25 
None 0 12.4 1.40 1.39 
4 13.3 2.79 





@ 12.5 cs at 210F. 
> Per cent by volume. 
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It was found that the addition of 4.0% of the detergent 
increased friction across the entire viscosity range. This 
is shown in the two upper curves of Fig. 4. The dashed 
line is for the straight mineral oils; the solid line for 
the detergent oils. The effect of adding the detergent 
is an upward movement along the dashed tie lines. 
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The lower two curves show the effect of the detergent 
in polymer/oil blends. Again the presence of the deter- 
gent is to increase friction. However, in this case, the 
detergent caused a greater increase in friction in polymer- 
modified oils than in mineral oils. This is different from 
the bearing wear case, where the detergent caused 
a lesser increase with the polymer-modified oils. Ap- 
parently the detergents increase friction more elsewhere 
in the engine than they do in the bearings, or else there 
are some peculiar detergent/polymer interactions. At 
any rate, both friction and wear are quite sensitive to 
the presence of polar molecules. If one postulates that 
the detergent is acting through a surface mechanism, 
then the polymer must also be showing some surface 
effect since its effect is different in detergent oils than 
it is in nondetergent oils. One must conclude that the 
additional wear protection afforded by the polymers 


when a detergent is present is due to some polymer- 
surface effects. 


Conclusions 


It has been shown conclusively that oils containing 
polymers give less friction and less bearing wear than 
straight mineral oils of the same viscosity. Studies with 
different polymer systems and different molecular 
weights make it appear that bulk properties such as 
viscoelasticity are the important factors. Studies with 
polar detergents, on the other hand, suggest that the 
surface properties of polymers are also playing a part. 
It is still not possible to determine from the existing 
data which of these two effects is predominant. 


More work is needed on the viscoelastic responses of 
polymers, on the way viscoelasticity manifests itself in 
bearings, and on more precise measurements in bearing 
rigs where the pressures, temperatures, eccentricity, 
etc., can be accurately measured. Such studies are now 
under way in these laboratories. 
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High-Temperature Molten-Salt Lubricated Hydrodynamic 
Journal Bearings 


By P. G. SMITH! 


Hydrodynamic lubrication of journal-type bearings was demonstrated over the temperature range 
of 1200-1500 F with molten-salt 130 (62 LiF-37 BeF,-1 UF ,, mole %). A number of demonstra- 
tion tests were performed to investigate hydrodynamic lubrication at steady-state operating con- 
ditions, the ability to stop and restart rotation of the journal, performance over a range of 
Sommerfeld number from 0.009 to 2.0, thermal stability of the bearing material, and bearing 
configurations for sustaining unidirectional and bidirectional radial loading. These tests comprise 
3900 hr of operation at high temperatures. As examples of the tests, one covered a period of 1000 
hr at steady-state conditions and another covered a period of 272 hr, wherein 260 start-stop opera- 
tions were performed. All the test bearings and journals were constructed of a nickel-molybdenum 
alloy. A molten-salt bearing was applied to a vertical centrifugal pump, and performance was 
satisfactory following initial tests wherein it was found that the bearing was being starved. 


Introduction 


PrioR to this investigation, all known experimental 
pumps for operation with high-temperature (1200-1500 
F) molten salt were of the centrifugal sump type having 
a vertical shaft with an overhung impeller (1). The over- 
hung impeller feature was dictated by the necessity of 
supporting the shaft on commercial bearings utilizing 
conventional lubricants which are temperature limited 
and require shielding from nuclear radiation. 

The object of this investigation was to develop ele- 
vated-temperature molten-salt lubricated journal bear- 
ings suitable for application to reactor pumps. Such a 
bearing applied to a salt pump could either reduce the 
overhang or eliminate the necessity for it entirely. In 
the case of a vertical centrifugal sump-type salt pump, 
a journal bearing could be applied by immersing the 
bearing in and lubricating it with the pumped molten 
salt. 

The combination of molten-salt lubricated bearings 
and high-temperature (1200 F) radiation-resistant elec- 
tric motors would constitute a useful pump develop- 
ment. The pump and drive motor could be immersed 
in the salt as a unit; the liquid-to-gas interface in the 
expansion tank of the sump-type pump and the use of 
dynamic shaft seals could be eliminated. Auxiliary 
equipment required by the use of conventional lubri- 
cants could be eliminated. Shielding that is required in 
conjunction with the use of conventional lubricants 
would not be needed, and a more compact pump and 
drive unit could be realized. 





Contributed by the ASLE Technical Committee on Bearings 
and Bearing Lubrication and presented at the Annual Meeting of 
the American Society of Lubrication Engineers held in Cincin- 
nati, Ohio, April 1960. 

1 Oak Ridge National Laboratory, P. O. Box Y, Oak Ridge, 
Tennessee. 


263 


Description of molten salt 


The lubricant used in these investigations is desig- 
nated as molten salt 130. It is a mixture of lithium 
fluoride (LiF), beryllium fluoride (BeF.), and uranium 
fluoride (UF4) in proportions of 62, 37, and 1 mole 



























































(x 1078) 
2.2 
MOLTEN SALT 130 
2.0 +-\——+- LiF - BeF, - UF, 
62 37 {1 MOLE% 
1.8 $$ 
VISCOSITY 
© 1.6 -— t + 
~ | 
° } 
2 
1 4.4 
a2 \ 
* 1.2 VN 126 
(‘Ss 
ra ie, ne in 
@ 1.0 124% 
> ™y a 
| 2 
0.8 + oe as 122.6 
DENSITY ™~Y Ms 
_ 
0.6 }- — = 
| bit 4120 = 
0.4 1 1 | 418 
900 1000 1100 4200 1300 1400 4500 
TEMPERATURE , t, (F) 
Fic. 1. Physical properties of Molten salt 130 


%, respectively. The mixture is a solid at room tempera- 
ture and melts at approximately 860 F. Figure 1 pre- 
sents the viscosity and density of this mixture versus 
temperature. 
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Test equipment 


The test facility consisted of the tester, a sump tank, 
a mechanical dump valve, a freeze-type dump valve, a 
3 hp d-c drive motor, insulation, thermocouples, heaters, 
an air-operated bearing-loading device, and various in- 
struments. The facility is shown in Fig. 2. 

The tests were conducted in an available centrifugal 
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Fic. 2. Molten-salt lubricated hydrodynamic journal bearing 
test equipment. 


pump that was modified for the purpose. It is a vertical 
centrifugal sump-type pump with an overhung impeller. 
The modifications required removal of the impeller and 
the addition of a holder for the test bearing plus a 
bearing-loading device. The tester is shown in Fig. 3. 
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Fic. 3. Molten-salt lubricated hydrodynamic journal bearing 
tester. 


The test bearing was supported by two rods (see Fig. 
4), located 180° apart, and was loaded on the bearing 
outer surface midway between the rods and at the 
midpoint of the bearing length. It was essentially free 
to align itself with the journal. 

The variables of interest were journal speed, bearing 
load, molten-salt temperature, and power loss. The 
journal speed was deduced from the pulses generated 
by the interruption of a magnetic field by the teeth 
of a gear mounted on the shaft. The pulses were counted 
by an electronic digital display counter. The bearing 
load was deduced from the air pressure applied to the 
load cylinder. This pressure was measured with a 0 to 
200-psig laboratory test gage. The load cylinder was 
calibrated in lb against the pressure gage in psi. The 
molten-salt temperature was measured with a thermo- 
couple inserted in a metal tube submerged in the molten- 
salt bath surrounding the test bearing. A rough measure 
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Fic. 4. Bearing with three axial grooves 


of power loss was obtained by difference between the 
drive motor input power with the journal operating in 
the molten salt with and without the bearing. The power 
measurements were indicated on a laboratory wattmeter. 


Bearing design 


Design studies revealed that loads up to 200 Ib 
would be encountered in a 5000 gpm, 1200 rpm, 70 ft 
head centrifugal pump for a proposed molten-salt-fueled 
power reactor. Such a pump could utilize a 3 inch diam- 
eter shaft. All the test bearings were 3 inches in diameter 
and 3 inches in length. Three different configurations of 
bearing grooves were used, viz. two and three groove 
axial and three groove helical. 

The design chosen for the initial investigations con- 
sisted of a sleeve with axial grooves located 120° apart 
and running the complete length of the bearing. The 
purpose of the grooves is to feed the lubricant into the 
clearance space and elevate the threshold of whirl. Two 
additional groove arrangements were investigated since 
the three axial groove design is somewhat limited as to 
the direction in which radial loads may be applied with 
respect to the groove locations. Since a given centrifugal 
pump produces radial loads in either one of two direc- 
tions (2), bearing configurations having two axial 
grooves and three helical grooves were investigated for 
application with loads in more than one direction. 


From a study of the relationships between the bear- 
ing clearance, minimum film thickness, journal speed, 
load-carrying capacity, and the viscosity of the molten 
salt, it was decided that the bearing should have a 
radial clearance of 0.005 inch with a length-to-diameter 
ratio of one. This clearance was selected from Fig. 5, 
which shows the relationship between minimum film 
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Fic. 5. Minimum film thickness versus clearance—Molten salt 
journal bearing. 


thickness and clearance. The derivation of this relation- 
ship is included in the appendix. The bearing design 
temperature, speed, and load were 1200F, 1200 rpm, 
and 200 Ib, respectively. Again, referring to Fig. 5, a 
bearing sized with a clearance appearing to the right 
of the diagonal dashed line at the design speed tends 
to operate thermally stable. A bearing sized with a 
clearance to the left of the diagonal line tends to be 
unstable thermally. These statements are evident from 
operational analyses of bearings sized in each of the 
regions. 


Selection of bearing materials 


A literature survey (3) was conducted to select suit- 
able bearing materials for lubrication with molten salt. 
This survey revealed that compatibility studies of bear- 
ing materials with molten salt had been conducted and 
a limited number of tests were conducted with journal 
bearings lubricated with molten salt and with valves 
operating in molten salt. From the survey, the most 
promising bearing material combination appeared to be 
molybdenum and tungsten carbide containing a binder 
of 12% cobalt. 

The most promising and likely construction material 
for a molten-salt reactor appeared to be a nickel-molyb- 
denum alloy. Composition and design data are pre- 
sented for this alloy in Table 1. Use of this alloy for 
bearing construction circumvented some problems that 
would be encountered with molybdenum and tungsten 
carbide. The coefficient of thermal expansion of the 
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alloy is approximately three times that of molybdenum 
and tungsten carbide. Their use with the alloy would 
require the development of special bearing mounts. 


TABLE 1 
Design Data for Nickel-Molybdenum Alloy 














Chemical Composition Per cent 
Nickel, min 67.0 
Molybdenum 15.0 to 18.0 
Chromium 6.0 to 8.0 
Iron, max 5.0 
Carbon 0.04 to 0.08 
Titanium plus Aluminum, max 0.5 
Sulfur, max 0.01 
Manganese, max 0.8 
Silicon, max 0.5 
Copper, max 0.35 
Boron, max 0.01 
Tungsten, max 0.5 
Phosphorus, max 0.01 
Cobalt, max 0.2 

Physical properties Per cent 
Density, g/cm3 8.79 

Ib/inch? 0.317 
Melting Point, °F 2370-2430 
°c 1300-1330 
Thermal conductivity cal/cm?-sec (C/cm) Btu/ft-hr (° F/ft) 
at 100C 0.023 at 212 F 5.56 

200 C 0.028 392 F 6.77 

300 C 0.042 572 F 10.16 

400 C 0.052 752 F 12.10 

500 C 0.059 932 F 14.27 

600 C 0.067 1112 F 16.21 

700 C 0.075 1292 F 18.14 

Modulus of Elasticity (Ib/inch*) 
at “Se 31.7 « 106 
430 F 29.3 & 108 
770 F 27.8 X 108 
930 F 27.1 X 106 
1070 F 26.3 X 108 
1170 F 26.2 X 106 
1290 F 24.8 X 108 
1470 F 23.7 X 108 
1570 F 22.7 « 106 
1660 F 21.9 x 108 
1750 F 20.7 x 106 
1830 F 19.1 x 108 
1920 F 17.7 « 108 
Specific Heat (estimated) Btu/lb/F Cal/g/C 


at 212 F 0.095 0.095 


Mean Coefficient of 


Thermal Expansion inch/inch/° F x 106 


70-400 F 5.76 
70-600 F 6.23 
70-800 F 6.58 
70-1000 F 6.89 
70-1200 F 7.34 
70-1400 F 7.61 
70-1600 F 8.10 
70-1800 F 8.32 


TABLE 1 (Continued) 





Mechanical properties 
Room and Elevated Temperature Tensile Data 




















Ultimate 
Test tensile Yield strength Elongation 
temperature strength at 0.20% offset in 2 inches 
(°F) (Ib/inch?) (Ib/inch?) (%) 
Room 115,000 45,000 65 
200 110,000 38,000 65 
400 103,000 33,000 65 
600 97,000 30,000 65 
800 94,000 29,000 65 
1000 89,000 27,000 63 
1200 75,000 25,500 55 
1400 60,000 25,000 38 
1600 45,000 25,000 30 
Creep Data 
Stress to Produce 1% Creep (Ib/inch*) 
Temperature (°F) 1000 hr 10,000 hr 100,000 hr 
1100 30,000 20,000 12,500 
1200 18,000 11,500 6,100 
1300 10,500 5,800 3,000 
1400 5,400 
1500 2,800 





Bearing tests and results 


Of primary concern in this investigation was whether 
molten-salt 130 would serve as a lubricant for hydro- 
dynamic journal bearings at 1200-1500 F. Tests were 
performed to investigate hydrodynamic lubrication at 
steady-state operating conditions, bearing performance 
over a range of Sommerfeld’s number from 0.009 to 
2.0, thermal stability of the bearing material, and bear- 
ing configurations suitable for loading in various direc- 
tions, as well as unidirectional loading. 

All the tests were conducted with bearings and 
journals fabricated of nickel-molybdenum alloy and 
with molten salt 130 as the lubricant. The test pieces 
were stress-relieved prior to finish machining by heating 
them to 1875-1925 F and holding at temperature for one 
hr and slowly cooling to room temperature. All test 
surfaces were finished to a 10-15 micro inch finish or 
better. The bearings were sized to fit the journals with 
0.005 inch radial clearance at room temperature in all 
of the tests, except two (as noted). The total indicated 
runout of the journal test surfaces ranged from 0.0015 
to 0.0025 inches. 

In all tests, prior to rotation of the journal, the test 
pieces were first heated to the operating temperature 
in the tester (filled with helium) and then the molten 
salt was introduced to the bearing and allowed to soak 
for at least one hr. The bearings were placed in opera- 
tion with an initial applied load of 10 lb when rotation 
was started. The remainder of the load and speed re- 
quired to reach the desired operating conditions were 
applied in a manner simulating those conditions ex- 
perienced when placing a centrifugal pump in operation. 
All starts and stops were performed in this manner. 
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A summary of the various tests is presented in Table 
2, wherein the operating conditions and results are tabu- 
lated. Also included in Table 2 are journal and bearing 
numbers, types of grooves, groove dimensions, room- 
temperature radial clearance, and reason for termination 
of the test. 

The discussion of the tests and results is presented 
under three headings: Performance, which was studied 
in tests 1-9; Configurations for Bidirectional Loading, 
which were studied in tests 11-15 and 17-19; and 
Start-Stop Ability at 1200-1500 F, which was studied 
in tests 10, 16, 20, 21, and 22. 


PERFORMANCE 


The primary purpose of tests 1-9 was to investigate 
performance at 1200F of a bearing with three axial 
grooves. The investigations included journal power 
measurement versus Sommerfeld number, start-stop 
ability of the journals, performance at steady-state con- 
ditions for extended periods, and thermal stability of 
the nickel molybdenum alloy. The bearing groove ar- 
rangement is shown in Fig. 4. 


Three Axial Grooves—1200 F 


Prior to operation of the bearing in test 1, the bear- 
ing and journal were installed in the tester and heated 
to 1200F in helium and then slowly cooled to room 
temperature. The bore of the bearing and outside diam- 
eter of the journal were measured before and after 
heating and found to be in agreement within 0.0002 
inch. Subsequently, the test pieces were placed in opera- 


tion with the molten salt at 1200 F. The journal for this 
test was fabricated by spray-coating nickel-molybdenum 
alloy on nickel-molybdenum alloy and finish grinding 
the test surface to dimension with a surface finish of 
10-15 micro inch rms. Seizure of the test pieces occurred 
when the load was increased to 125 lb. The spray coat 
on the journal had separated from the base material 
during operation and contributed to the seizure. 

A new bearing and journal were used in test 2. The 
journal in this case was fabricated of nickel-molybdenum 
alloy without the spray coat, and the bearing groove 
cross-section dimensions were increased. The test was 
terminated on schedule, and there was slight evidence 
of rubbing found on the test surfaces. 

Test 3 was performed with the same bearing and 
journal as used in test 2 and was a continuation of 
that test. The operating time was 284 hr, and the test 
was terminated on schedule for examination of the 
test pieces. There was very little change in the appear- 
ance of the bearing and journal surfaces. 

Test 4 was performed with a new bearing and jour- 
nal, and the grooves were sized intermediate between 
those used in test 1 and tests 2 and 3. The test was 
terminated as a result of roughness in the recorded 
power trace obtained from the drive motor. The trouble 
was subsequently attributed to the drive motor. The 
original 15 hp drive system was replaced with a 2 hp 
d-c drive. 

Test 5 was performed with the same bearing and 
journal as used in test 4. An additional 900 hr of opera- 
tion at test 4 conditions, and 9 start-stop operations 





Fic. 6. Loaded side of bearing—test 5 
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Fic. 7. Journal—test 5 


were accumulated prior to scheduled shutdown. Slight 
rubbing was observed, as shown in Figs. 6 and 7. 

Test 9 was performed with the same bearing and jour- 
nal as those used in tests 2 and 3, except that the test 
surfaces were remachined to give a radial clearance of 
0.007 inch at room temperature. Testing consisted of 
operation at 1200 F to investigate performance at Som- 
merfeld’s numbers from 0.095 to 0.6 and to determine 
the load capacity at 600 rpm. The load was increased 
in 50 lb increments from 50 to 350 lb during 600-rpm 
operation. As the load was increased from 350 toward 
400 Ib, seizure occurred at 382 lb. The test was termi- 
nated for examination of the bearing. Rubbing ha‘ 
occurred and slight galling and metal transfer were 
observed. 


Three Axial Grooves—1200 to 1500 F 


Tests 6, 7, and 8 were performed with a new bearing 
and journal. The bearing grooves were sized the same 
as on the bearing in test 2. Test 6 was performed at 


1200 F at various speeds and loads and covered a 
period of 182 hr. Loads of 50, 100, 200, 300, 400, and 
500 Ib were applied to the bearing for 2 hr each at 
speeds of 600, 1200, 1600, 2000, 2400, and 2700 rpm. 
During the remainder of the test, operation was at 
steady-state conditions of 1200 rpm and 200 lb. The 
test was terminated for examination, and evidence of 
slight rubbing was found. The same bearing and journal 
were used in test 7. The bearing was operated at 1250, 
1350, and 1450 F for 4 hr each and at 1300, 1400, and 
1500 F for 16 hr each. The remainder of the test was 
performed at steady-state conditions of 1200 F, 1200 
rpm, and 200 Ib. The test was terminated for examina- 
tion of the test surfaces. There was evidence of ad- 
ditional rubbing between the bearing and journal. Test 
8 was performed with the same bearing and journal. 
At least three start-stops were performed at each 50 F 
interval above 1200 F up to 1400 F. Steady-state opera- 
tion was at 1200 rpm and 200 lb. At 1400 F impending 
seizure was apparent, so the test was terminated for 
examination of the test pieces. Additional rubbing 
damage had occurred during this test. The bearing 
is shown in Fig. 8. 


BEARING CONFIGURATIONS FOR BIDIRECTIONAL LOADING 


Tests 11, 12, 13, 14, 15, 17, 18, and 19 were made to 
investigate the feasibility of using bearings with either 
two axial grooves spaced 180° apart or three helical 
grooves equally spaced for a possible centrifugal pump 
application. Either of these groove arrangements ap- 
peared suitable for applications wherein the load direc- 
tion could be varied. 


Two Axial Grooves—1200 F 


Tests 11 and 12 were performed with a bearing con- 
taining two axial grooves spaced 180° apart. The room 
temperature radial clearance was 0.005 inch in test 11, 
and 0.007 inch in test 12. The test pieces used in test 
11 were remachined for test 12. In each test, seizure 
occurred and examination of the test pieces, as well as 
studies of threshold whirl frequencies, indicated that 
whirl phenomenon was the probable cause. Rubbing had 
occurred at each end of the bearings. 


Three Helical Grooves—1200 F 


Tests 13, 14, 15, 17, 18, and 19 were performed with 
bearings with three helical grooves at 1200F. Tests 
13 and 14 were performed on the same bearing and 
journal. The groove size was the same as the larger 
size investigated on the axially grooved bearings. Test 
13 consisted of investigating the load capacity at 1200 
rpm. The load was increased incrementally, and the 
drive motor power trace indicated that seizure was 
impending at 175 lb. The operating time was 26 hr. 
Test 14 was performed at the same operating conditions, 
but with the load applied to the opposite side of the 
bearing. In this manner, the loads were applied in 
approximately the least desirable and the most desirable 
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load directions. This test was terminated as a result of 
impending seizure when rotation of the journal was 
stopped after operation at 150 lb. Seizure was impending 
upon restarting when load was reapplied in excess of 
10 lb. In each of the tests it was theorized that the 
supply of lubricant to the bearing was starved. 

A shim with a radial clearance of 0.010 inch with 
the journal was placed over the grooves at the discharge 
end of the bearing for test 15 in an attempt to provide 


an adequate lubricant supply to the bearing. The total 
operating time was 215 hr and termination was on 
schedule to examine the test surfaces. Slight rubbing 
had occurred, as shown in Fig. 9. 

Test 17 was performed with a bearing containing heli- 
cal grooves of the intermediate size cross-section pre- 
viously used on the axially-grooved bearing in tests 4 
and 5, and without the discharge restriction of test 15. 
Seizure was impending when an attempt was made to 





Fic. 8. Loaded side of bearing—test 8 





Fic. 9. Loaded side of bearing—test 15 
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Fic. 10. Loaded side of bearing—test 19 


place the bearing back in operation after stopping for 
a start-stop test following operation at 300 lb. The 
operating time was 136 hr; rubbing had occurred. 

Test 18 was performed with another bearing con- 
taining the intermediate-size grooves used in test 17 and 
with a restriction at the discharge end of the bearing. 
The test was terminated due to roughness in the re- 
corder trace of the drive motor power. The groove re- 
strictions were reduced, thus decreasing the groove flow 
resistance, and the bearing was reinstalled for test 19. 

Test 19 consisted of 1200 F operation at 1200 rpm 
and loads up to 500 lb, with 106 start-stops, and opera- 
tion at 600 rpm with loads up to 375 lb. Seizure was 
impending at the latter condition, and the test was 
terminated. The operating time was 379 hr. Rubbing 
had occurred, as shown in Fig. 10. 


STarT-Stop ABILITY AT 1200-1500 F 


Tests 10, 16, 20, 21, and 22 comprised an investiga- 
tion of the start-stop ability of journals fabricated of 
nickel-molybdenum alloy and case-carburized. The 
molten-salt temperatures ranged from 1200 to 1500 F 
in these tests. The carburizing was performed by the 
pack process at a temperature of 1600 F for 72 hr of 
exposure. Start-stop operations were performed with a 
new bearing and journal at each temperature level, viz. 
1200, 1300, 1400, and 1500 F. Each bearing contained 
three equally spaced axial grooves. 

Test 10 was terminated on schedule after 260 start- 
stop operations were performed. The rubbing damage 
was considerably less than that experienced in any of 
the other tests, as evidenced by Figs. 11 and 12. 

Test 16 was halted for approximately 30 min to re- 
pair an auxiliary gas line and upon restarting, the bear- 


ing would not accept loads above 10 lb and was thus 
terminated. The bearing support pins were twisted and 
partially severed from the bearing, probably resulting 
from inadequate attachment of the support pins to the 
bearing sleeve. 

Test 20 was terminated on schedule. Slight rubbing 
occurred during the test, but it appeared to be less 
than in test 10. 

In test 21, the bearing seized during start-stop opera- 
tion No. 129. Examination of the test pieces revealed 
rubbing which resulted in galling and metal transfer. 

Test 22 was scheduled as an investigation of start- 
stop ability at 1500 F. Seizure of the test pieces oc- 





Fic. 11. Loaded side of bearing—test 10 
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curred after 3 hr of operation; therefore, start-stop 
operations were not performed. The bearing and jour- 
nal did not meet dimensional specifications previous to 
the test and thus the success of the test was jeopardized. 


Bearing performance 


Power loss versus Sommerfeld number data are pre- 
sented in Fig. 13 from test 2. As a matter of comparison, 
data were taken from Pinkus (4) and plotted with this 
curve. The molten-salt bearing power loss data are a 
rough measure of journal power loss, as the tester was 
not equipped to accurately measure it. The experi- 
mental curve shown in Fig. 13 was derived from data 
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taken during test 2 at 1200F with a radial clearance 
of 0.005 inch at room temperature. There is a difference 
of loading with the molten-salt bearings as compared 
to the bearings for which Pinkus’ data are applicable. 
His data are applicable for bearings with a central load- 
ing between the grooves, whereas, the load direction is 
offset with the molten-salt bearings (see inset in Fig. 
13). The effect due to offset loading on partial bearings 
has been investigated and reported by Raimondi (5). 


Molten-salt pump tests 


Tests were performed with a vertical sump-type 
centrifugal pump containing a journal bearing lubricated 
with the process molten salt. The pump is shown in 
Fig. 14 with the molten-salt bearing located just above 
the impeller and submerged in the molten salt. The 
bearings were 3 inches in diameter by 3 inches long, 
with a radial clearance of 0.005 inch at room tempera- 
ture and contained either axial or helical grooves. Five 
tests were performed and a sixth one is under way. All 
of the journals and bearings were fabricated of nickel- 
molybdenum alloy. The pertinent data related to each 
of the tests are presented in Table 3. 


The first three tests ended in seizure. It was believed 
that these seizures resulted from starvation caused by 
the impeller hub restricting flow into the lower end of 
the bearing. 

The impeller hub was modified and the next three 
tests were made using gimbals-mounted helical groove 
bearings and case carburized journal surfaces. 


Test 4 covered a period of 1000 hr of continuous opera- 
tion at steady-state conditions of 1200 F, 1400 rpm, 
and 100 gpm of molten-salt flow in the loop. The bear- 
ing and journal surfaces showed only slight evidence 
of rubbing and were fully suitable for further service. 

Test 5 covered a period of 105 hr of operation during 
which time 100 start-stop operations were performed. 
The steady-state operating conditions were 1200 F, 1200 
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rpm, and 50 gpm of molten-salt flow in the loop. There 
was only slight evidence of rubbing on the bearing sur- 
faces. 

Test 6, which is still under way, has operated for 
4000 hr and 67 start-stop operations have been per- 
formed. During the first 400 hr of operation, the test 
variables were: shaft speed, 800-1400 rpm; temperature, 
1100-1350 F; and molten salt flow in the loop, 45-260 
gpm. During the remainder of the test, operation has 
been conducted at steady-state conditions of 1225 F, 
1200 rpm, and 75 gpm. 


Conclusions 


The various tests indicated that molten salt 130 does 
lubricate a hydrodynamic journal bearing at tempera- 
tures from 1200 to 1500 F. The nickel-molybdenum al- 
loy served satisfactorily as a bearing material for periods 
up to 1000 hr and was thermally stable in the tempera- 
ture range of 1200-1500 F. 

The grooving of the two-groove axial type was found 
to be susceptible to the whirl phenomenon and did not 
provide stable operation. Bearings having three equally 
spaced helical grooves were found to be quite satisfactory 
when the discharge end of the grooves was restricted. 
Of the two sizes of grooves (intermediate and large) 
investigated, the intermediate size gave superior per- 
formance. Helical grooving appears to be satisfactory 
for loading in any radial direction, but this should be 
investigated further. 

Carburization of the nickel-molybdenum alloy im- 
proves performance at 1200 F, as well as at tempera- 
tures from 1200 to 1500 F. Less wear was found with 
carburized alloy than with plain alloy. 

Materials such as some of the carbides may be su- 
perior to nickel-molybdenum alloy as a bearing material. 
However, difficult mounting problems may be encoun- 
tered if the coefficient of expansion of the container 
material differs substantially from that of the bearing 
material. 


TABLE 3 
Molten Salt Pump Tests 
Salt Number 130 





Test number 





1 2 3 4 5 6 

Bearing grooving 3-Axial 3-Helical 3-Axial 3-Helical 3-Helical 3-Helical 
Bearing mount Rigid Gimbals Rigid Gimbals Gimbals Gimbals 
Room temperature 

radial clearance (inch) 5 x 1073 5 x 10°3 5 x 103 5 x 10°3 5 x 103 5 xX 1073 
Molten salt 

temperature (° F) 1200 1200 1200 1200 1200 1100-1350 
Shaft speed (rpm) 1200-1400 1150 1200 1400 1200 800-1400 
Salt flow (gpm) 50-100 50 50 100 50 45-260 
Estimated bearing 

radial load (Ib) 100-120 100 100 120 100 
Operating time (hr) 1/3 0 11 1000 105 4000 
Number of start-stops 1 1 1 2 100 67 
Reason for termination Seizure Seizure Seizure Scheduled Scheduled Not yet terminated 
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TABLE 4 
Data Computed to Determine Minimum Film Thickness Versus Radial Clearance* 











Radial Sommerfeld Eccentricity Minimum film 
clearance number ratio Eccentricity thickness 
c $ € e.== Ge hnin = C-e 
(inch X 107) (dim.) (dim.) (inch X 1073) (inch x 1073) 
2.0 0.582 0.362 0.724 1.276 
3.0 0.259 0.538 1.614 1.386 
3.5 0.190 0.600 2.100 1.400 
4.0 0.146 0.648 2.592 1.408 
4.5 0.115 0.690 3.105 1.400 
5.0 0.093 0.720 3.600 1.400 
5.5 0.077 0.755 4.150 1.350 
6.0 0.065 0.785 4.710 1.290 
6.5 0.055 0.800 5.200 1.300 
7.0 0.048 0.812 5.754 1.250 
m ee 0.041 0.830 6.230 1.270 
8.0 0.0364 0.850 6.800 1.200 
8.5 0.0322 0.860 7.310 1.190 
9.0 0.0288 0.870 7.830 1.170 





@ Given: D = 3 inches, L = 3 inches, 


Performance of a molten-salt lubricated journal bear- 
ing was satisfactory on a vertical sump-type centrifugal 
pump circulating molten salt 130 at temperatures from 
1100 to 1350 F. 


Appendix 

NOMENCLATURE 
radial clearance, inches 
journal diameter, inches 
eccentricity, inches 
power loss, watts 
minimum film thickness, C-e, inches 
bearing length, inches 
journal speed, rps 
unit load, W/LD, |b/inch? 
journal radius, inches 


Te QP oD 
5 


> teh 
S = Sommerfeld number, ? Ch? 
dimensionless 
t = temperature, F 
W = bearing load, lb 
t = eccentricity ratio, dimensionless 
y = density, lb/ft* 
u = viscosity, lb-sec/inch? 


CALCULATIONS FOR MINIMUM FILM THICKNESS 
Versus CLEARANCE 


Three Axial Groove Bearing 
Journal diameter, D = 3 inches 
Bearing length, Z = 3 inches 
Temperature, ¢ = 1200 F 
Molten salt lubricant 
Viscosity, w= 1.15 & 10° lb-sec/inch? 
Load, W = 200 lb 
Speed, NV = 1200 rpm or 20 rps 


1.15 Ib-sec/inch?, W = 200 lb, N = 20 rps. 


Load on projected area of journal, p, Ib/inch? 





a... ee a 
DL 5:33 
A uN (r)? 
ssume values of C and compute S from S = - {7} 
c 
Where r = — 
Find ¢ on plot of S versus ¢. See Pinkus (4). 
Then from e = Ce, compute e, and from 
burn = C-e, compute Amin 
This process is performed at various values of C at 
N = 20 rps 
Figure 5 is a plot of these data, which are tabulated in 
Table 4. 
ACKNOWLEDGMENTS 


The author wishes to acknowledge the valuable help of W. F. 
Boudreau and A. G. Grindell. Thanks are extended to L. V. 
Wilson for design assistance, and to A. L. Taboada for metal- 
lurgical advice and assistance. Thanks are extended to Prof. W. 
K. Stair, Consultant, University of Tennessee, and Prof. D. D. 
Fuller, Consultant, Columbia University, for constructive criti- 
cism. 


REFERENCES 


GrINDELL, A. G., Boupreau, W. F., and Savace, H. W., 
“Development and Operation of Centrifugal Pumps for 
Liquid Metals and Molten Salts at 1100-1500 F.” Nuclear 
Sci. and Eng. 7(1), 83-91 (1960). 

Stepanorr, A. J., “Centrifugal and Axial Flow Pumps” 2nd 
ed., pp. 116-118. John Wiley, New York, 1948. 

SmitH, P. G., “Literature Search on Bearing Materials 
Compatibility with Fused Salts,” ORNL CF-58-1-5, Un- 
classified (Jan. 2, 1958). 

Pinxus, O., “Solution of Reynold’s Equation for Finite 
Journal Bearings” Trans. ASME 80, 858-864 (1958). 
Rarmonn!, A. A., “Effect of Offset Loads on Performance 
of 120° Partial Journal Bearings,” Trans. ASLE 2(1), 147- 
157 (1959). 








ASLE TRANSACTIONS 4, 275-281 (1961) 


Calculated Performance of Non-Newtonian Lubricants 
in Finite Width Journal Bearings 


By H. H. HOROWITZ! and F. E. STEIDLER? 


A numerical procedure has been developed for the calculation of the performance of non-New- 
tonian, polymer-thickened lubricants in finite width journal bearings. Such oils were found to act 
as if they had averaged “anisotropic viscosities,” i.e., different viscosities in the circumferential 
and side leakage directions, even though the viscosity was taken to have one definite value, a 
junction of the resultant shear stress, at each point in the oil film. Overall, polymer oils carried 
less load at a given eccentricity, gave less friction and a flatter pressure distribution than mineral 
oils of the same low shear viscosities. By analogy with the previously calculated infinite width 
case, which gave similar results, it is expected that the flatter viscosity temperature slope of the 
polymer oils will compensate for their apparent viscosity decrease. The program has also been 
adapted to “natural” boundary conditions, which improve upon the delineation of the cavitation 


region on the inlet side of the bearing. 


Introduction 


Any study of the effect of the viscoelasticity of a lubri- 
cant on its bearing performance will be complicated by 
the non-Newtonian behavior of the lubricant, that is, 
the exhibition of a nonlinear shear rate—shear stress re- 
lationship, or a variable viscosity. Experimental evidence 
thus far indicates that, while not all non-Newtonian ma- 
terials show appreciable viscoelasticity, it appears that 
all viscoelastic materials are non-Newtonian. Therefore, 
in any experimental study of the effects of viscoelasticity, 
it is necessary to determine what part of the unusual 
behavior detected can be ascribed to variable viscosity 
alone. The purpose of this work is to show how it is 
possible to calculate the effects of shear dependent 
viscosity on the performance of a lubricant in a finite 
width journal bearing. 

The need for separating viscoelasticity from time de- 
pendent viscosity and shear dependent viscosity is un- 
doubtedly a temporary situation arising out of the pres- 
ent limitations of knowledge. It is to be expected that 
some time in the future a unified theory of all these 
phenomena will emerge, and be accepted, which may 
well eliminate the concept of viscosity entirely. Until 
that time, however, this work will have value, and it 
will always have value for materials like greases, where 
the effects of variable viscosity appear to be far more 
important than the others. 

The calculation method described here is a numerical 
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procedure that has been programmed for a digital com- 
puter. This program takes into account the variation of 
viscosity with shear stress across the thickness of the 
lubricant film as well as in the circumferential and axial 
directions. It does not include the viscoelasticity or time 
dependent behavior of the lubricants. This program is 
an extension of previous calculations by the authors of 
the performance of polymer-thickened oils in infinite 
width journal bearings (with no side leakage) (1, 2). 

The chief new concept introduced here, and the one 
which overcomes the principal mathematical difficulty 
of the problem, is that of “apparent anisotropic viscos- 
ity.” This means that at each point on the bearing 
surface the apparent viscosity in the circumferential 
direction is different than in the sidewise (axial) direc- 
tion. Other than this, the finite journal bearing per- 
forms similarly to the infinite width bearing. That is, 
(a) the oil acts as if its viscosity were considerably less 
than its low shear value with regard to load carried and 
friction encountered; (b) in comparison to a Newtonian 
fluid carrying the same load at the same eccentricity 
the non-Newtonian fluid gives a less peaked, flatter, pres- 
sure distribution; (c) the flatter pressure distribution 
results in an increased load angle for the non-Newtonian 
fluid, increased coefficient of friction at a given eccentric- 
ity, etc. 

The effect of temperature rise has not yet been taken 
into account in the calculations, but the similarity of 
these results to the infinite width bearings results indi- 
cates that the same effect will be observed: namely that 
the flatter viscosity temperature slope of polymer oils 
will compensate for the drop in viscosity at high rates 
of shear. It is intended to calculate this effect in the 
future. 

As a sidelight, the program was used to study the 
old question of “boundary conditions,” that is, the ques- 
tion of where the oil film begins and ends in a full 
journal bearing. It was found possible to arrange the 
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program so that it selected its own natural boundaries 
for the oil film under conditions of unlimited oil sup- 
ply. As the oil supply is limited, the film shortens ac- 
cordingly. These results indicate that the location of 
the film starting point is not governed by any minimum 
energy dissipation principle, as has sometimes been sup- 
posed, but simply by the amount of lubricant supplied. 


Mathematical approach—“‘anisotropic viscosity” 


The chief mathematical difficulty in this problem is 
that the viscosity at a point in the oil film is a function 
of the magnitude of the shearing stress, which is a 
vector quantity. At each point there exists a shearing 
stress in the circumferential direction, t, and a shearing 
stress in the axial direction, t., but the oil is unaware 
of our arbitrary resolution of the shear stress vector 
and responds only to the resultant vector, t. The t’s 
are related to the pressure gradients by the usual force 
balances: 

OTe ea OP a Ot: me OP [1] 
oy ox oy oz 

The general technique for calculating bearing film 
pressures is to apply the flow continuity principle 


202 00: 
Ox 02 


to flow rates at a point, calculated from 
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ot ‘ na dy dy [3] 


When side leakage is neglected 1; is the same as Tt 
and the integration can be performed directly. In the 
Newtonian case, where ut is a constant, Eqs. [2] and 
[3] lead to the well-known Reynold’s equation: 
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In the current case p is not a constant and is a func- 
tion of t, not t;. This leads to a mathematical coupling 
between the flow rates in the two directions and to a 
difficulty in deciding how to adjust trial pressure dis- 
tributions which do not satisfy the flow continuity con- 
dition for the non-Newtonian fluid. 

This difficulty was overcome by defining anisotropic 
viscosities as follows: When the final solution is ob- 
tained, one will have at hand values of the pressure 
gradients and the flow rates at each point on the bear- 
ing surface. These values can be inserted into equations 
that appear in the derivation of the Reynold’s equation 
to define apparent viscosities uw, and p,: 
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Inserting these into the flow continuity expression, 
Eq. [2], one obtains: 
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With apparent “anisotropic viscosities” thus defined 
the final solution must satisfy Eq. [6]. This is a modi- 
fied Reynold’s equation in which the oil appears to have 
different viscosities in the direction of motion and in the 
direction of side leakage. These viscosities vary from 
point to point in the film. 

It turns out that even if a trial pressure distribution 
is chosen which is different from the true one, the values 
of u, and uw, which are derived from it will be fairly 
close to the true ones, provided that is a reasonably 
gradual function of t. That is, if the pressure gradient 
is too high, the flow rates calculated from it using Eq. 
[3] will vary correspondingly so that the w’s calculated 
from Eq. [5] will not be far from the correct ones. 

Thus the final calculation procedure, based on this 
idea, follows these steps: 

(a) A pressure distribution is calculated using Eq. 
[6]. To start the problem the same guessed value for 
jt, and uw, is used over the whole film. Equation [6] is 
solved by dividing the oil film into a mesh and applying 
a finite difference numerical procedure to the mesh 
points. About 480 mesh points were used in a typical 
case. This involves solution of a set of 480 simultaneous 
equations. 

(b) The pressure distribution is differentiated in the 
x and z directions and the resulting pressure gradients 
are used to calculate the Q- and Q, at each point using 
Eq. [3]. The function y(t) must be given at the start 
of the problem. The procedure for finding the starting 
t’s for carrying out the integrations for Q will be 
elaborated shortly. 

(c) Improved values of uw, and uw, are determined 
from the calculated pressure gradients and flow rates 
using Eq. [5]. 

(d) The new viscosities are put back into step (a) 
and the cycle is repeated until the values of u, and u, 
remain constant. At this point the problem is solved 
with the flow continuity requirements, the boundary 
conditions and the viscosity variation all satisfied. The 
magnitude and direction of the load are then calculated 
from the pressures and the friction from the shear 
stresses at the moving surface by well-known procedures 
(3, 4). 

As a labor-saving device the trial pressure distribution 
from each cycle is used as the first approximation for 
the next cycle. 

The means for determining the Q’s using Eq. [3] 
given the pressure gradients is a large and complex 
part of the program. The shear stress at a given value 
of y is given by: 


Ap 
Tr = (to)r+ (2 -y 
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derived from Eq. [1]. 
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Using this relation, Eq. [3] can be numerically in- 
tegrated provided (to), and (to), are known. At each 
point in the integration t is taken as a function of 
the resultant shear stress, t = \/t,” + 1.2”. (to) and 
(to)2 are fixed by the boundary requirements that: 


a Slr Care” ee Oe 
pom an — 

> ae f u(t) [8] 

where V is the velocity of the moving surface, at y = A. 

The values of (to), and (t 9). were chosen by a trial 

and error procedure so that they satisfied these boundary 


conditions. The integrations were done numerically using 
20 intervals across the film. 








Application to polymer-thickened oils 


Polymer-thickened oils as ordinarily formulated lose 
viscosity linearly with the logarithm of the shearing 
stress over a wide range. Outside of this range the 
viscosity is constant. A typical curve is given in Fig. 1. 
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Fic. 1. Typical viscosity-shear stress curve for heavily VI 
improved oil at about 210F. 


The curve is of course continuous, but for purposes of 
calculation it was broken up into three regions and 
expressed as follows: 


w= B+ D(C,—C:2 logt) for B< p< D 
uu = B for large t’s 
and » = B + D for low t’s. 


Here t is the shearing stress, 1 the viscosity, B the 
base oil viscosity, and D the viscosity contributed by 
the polymer at low stresses; C,; and C2 are empirical 
constants. 

When the above relation was used as u(t) in the 
equations of the previous section, anisotropic viscosities 
were obtained in a typical case, as shown in Table 1. 
Displayed in this table is one half of a bearing, extend- 
ing only from the outer edge to the center line. The 
other half is symmetrical. The circumferential location 
0° represents the point of maximum clearance, 180° the 
point of minimum clearance. (See Fig. 2 for a diagram 
of the bearing.) 

TABLE 1 
Finite Journal Bearing Calculations 
Apparent Viscosities in Direction of Motion and in Sidewise 
Direction (cps)? 





Axial Location 











Circumferential : ; 
location—degrees Outer Edge Midway Center-line 
(see Fig. 2) w,° B,° Mp we Hp Me 

0 9.59 10.50 9.66 10.68 9.72 10.96 
50 9.53 9.94 9.59 10.22 9.67 10.22 
100 8.83 9.07 8.98 9.39 9.02 9.51 
130 8.11 8.33 8.26 8.64 8.24 8.63 
160 6.81 7.10 7.00 7.67 7.00 7.64 
170 6.18 6.59 6.12 7.10 6.12 7.10 
175 5.81 6.44 5.75 6.60 5.75 6.60 
1804 5.64 6.47 5.69 6.71 5.70 6.72 





@ Conditions: See last run and footnotes of Table 3. 
> Overall p for equal load = 6.98 cps. 
¢ x is the circumferential direction (direction of motion). 
z is the sidewise (axial) direction. 
4 Film terminates due to cavitation between 180 and 185°. 


It will be seen from Table 1 that all of the apparent 
viscosities lie between the base oil viscosity, 3 centi- 
poise, and the low shear viscosity, 13 cps, of this par- 
ticular oil. However, the viscosities in the sidewise di- 
rection, 2, are always higher than in the direction of 
motion, ,. Thus the oil does not leak sidewise as much 
as it would otherwise, but there is no easy way to show 
this effect with a single number. 


CONTINUOUS OIL FILM 





POINT OF WIDEST 
CLEARANCE ~— 
(0°) 


(OIL FILM STARTS 
NEAR THIS POINT) 


BEARING 







__ LINE OF MINIMUM 
weer CLEARANCE (180°) 


TERMINATION OF FILM 


*—CAVITATION (DIVERGENT) REGION 


Fic. 2. Geometry of finite journal bearing 
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TABLE 2 
Pressure Distribution in Journal Bearing at Eccentricity Ratio 0.98% 





Pressure (megadynes/cm? = atmospheres) 





Along Center Line 


At 175° 








Newtonian Non-Newtonian Location Newtonian Non-Newtonian 
Location oil? oil Z/We oil? oil 
3 0.096 0.14 0 0 0 
25° 0.52 0.76 0.042 433.9 399.1 
45° 1.10 1.59 0.125 736.9 683.8 
65° 2.06 2.92 0.250 832.3 777.1 
85° 3.93 5.43 0.375 849.7 795.1 
105° 8.23 10.98 0.500 852.9 798.4 
125° 20.51 26.04 
145° 67.38 82.76 
165° 424.8 440.4 
170° 683.4 673.4 
175° 852.9 798.4 
180.54 396.8 376.4 





@ See Table 3, last example and footnote @ for description of oil and bearing. 
> Of 6.98 cps viscosity to match load-carrying ability of Non-Newtonian oil. 
¢ Zero = outer edge; 0.500 is center line of bearing. 
@ Film terminates (cavitates) between here and 185°. 


The variation of 4, and yu, from the centerline out is 
rather slight but there is a considerable variation in 
the direction of motion. Both u, and wu, decrease con- 
siderably, especially under the pressure peak in the 
neighborhood of 175°. 

This variation of viscosity with location has the 
effect of flattening the pressure distribution in the case 
of a non-Newtonian lubricant relative to a Newtonian 
one. In Table 2 the polymer oil is compared with a 
mineral oil of 6.98 cps, chosen so that it carries the 
same overall load as the polymer oil. The pressures 
generated by the polymer oil are nearly 50% higher 
than those of the mineral oil in the low pressure re- 
gions. But in the peak pressure area the polymer oil 
gives lower pressures. This effect would be very bene- 
ficial if it could be made larger by making the lubricant 
more non-Newtonian. The pressure drop-off in the side- 
wise direction is about the same in both cases, on a 
relative basis. 

The load and friction vary with the eccentricity ratio 
of the bearing. Results with a Newtonian oil of 8.0 cps 
in this bearing at 4800 rpm are shown in Fig. 3. The 
best way to express the results for non-Newtonian oils 
is to give the viscosity of a Newtonian oil that would 
carry the same load or produce the same friction. Such 
comparisons are given in Table 3. It will be seen that 
increasing the eccentricity ratio with everything else 
constant decreases the apparent viscosities, due to the 
higher shearing stresses that exist at high eccentricities. 

Surprisingly, increasing the width of the bearing 
from a width-to-diameter ratio of 1, to 1.6 and to in- 
finity, has little effect on the apparent viscosity. This is 
because two factors compensate. As the bearing is 
widened the pressures and thus the shearing stresses 


increase, but as side leakage diminishes the shearing 
stresses in the sidewise direction decrease. 

It will be noted that the apparent viscosity based on 
friction measurement is consistently higher than that 


NEWTONIAN OIL 8.0 CPS VISCOSITY; 2.5 CM 
003 SQUARE BEARING; .005 CM CLEARANCE; 4800 RPM 
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Fic. 3. Effect of eccentricity ratio on load and friction 
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TABLE 3 
Performance of Non-Newtonian Lubricant in Finite 
Journal Bearing 





Overall Apparent 


Viscosity (cps) Load Angle? 








Width/ Eccentricity Equal Equal Non-Newtonian Mireral 





diameter ratio load¢ friction’ case oil 
1.6 0.7 9.01 9.22 47.2 46.0 
1.6 0.9 8.29 8.64 30.0 28.4 
ood 0.9 7.79 7.93 33.5 31.7 
1 0.9 8.20 8.51 27.9 26.4 
1 0.94 7.86 8.14 22.4 21.1 
1 0.98 6.98 7.34 13.9 12.7 





@ Bearing radius = 2.5 cm, clearance = 0.005 cm, speed = 4800 
rpm, Non-Newtonian Oil: low shear viscosity — 13 cps; base 
oil viscosity = 3 cps: in transition region » = 3 + 10 (1.61-.225 
log shear stress). 

> Angle between load direction and line of centers of bearing. 
The larger this angle the broader and flatter is the pressure dis- 
tribution. 

¢ This indicates the viscosity of a Newtonian mineral oil that 
would give the same load (or friction) under the same operating 
conditions. 

@ Data taken from earlier program on infinite width journal 
bearings. 


based on equal load. In other words at a given ec- 
centricity ratio the coefficient of friction is higher with 
a polymer oil than with a mineral oil. Of course, ordi- 
nary comparisons are made at constant load and not 
at constant eccentricity ratio. Here one observes ex- 
perimentally that polymer oils give a lower coefficient 
of friction when compared to oils of equal low shear 
viscosity. The higher coefficient of friction in this com- 
parison at constant eccentricity was also observed in 
the infinite width journal bearing calculations and is 
due to the flattening and shifting of the maximum in 
the pressure distribution (/). 

This flattening of the pressure distribution is also 
reflected in the increased angle between the load and 
line of centers with non-Newtonian oils, as shown in 
Table 3. 

In short, polymer-thickened oils in finite width jour- 
nal bearings show apparent anisotropic viscosities, but 
otherwise perform just as they did in infinite width 
bearings: i.e., they carry less load and give less friction 
than their low shear viscosities would indicate; they 
show a flatter pressure distribution than Newtonia oils. 
Accordingly, it is also anticipated that they will show 
the same effects when temperature rise is taken into 
account, namely that the flatter viscosity-temperature 
slope will tend to compensate for the drop in viscosity 
with shear of the polymer oil at high loads. 


Boundary conditions 


In addition to being able to calculate the performance 
of a finite journal bearing operating on a non-Newtonian 
lubricant, the computer program is useful for investi- 
gating the extent of cavitation in the bearing. Particu- 


larly interesting is a consideration of the point where 
the oil film begins. In bearing calculations it is usually 
assumed that the film begins with the line of zero 
pressure along the line of widest clearance. It ends along 
a curved line located past the point of minimum clear- 
ance. (See Fig. 2.) The end line is obtained merely by 
requiring in the program that the pressure never go 
below zero (3, 4). Along this line both the pressure 
and the pressure gradient go smoothly to zero. Beyond 
this line, in the divergent region of the bearing, the 
film “cavitates,” i.e., the oil does not fill the gap. There 
are now indications from these calculations that the 
same principles can be applied to the starting line of 
the film. 

A series of calculations were run on a bearing con- 
taining a Newtonian lubricant under constant conditions 
except that the film starting point was varied from —34° 
to +90°. The effects of these changes on the perform- 
ance variables of the bearing are shown in Fig. 4. The 
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Fic. 4. Effect of film starting point on bearing operating 
parameters. 


oil flow rate proves to be most sensitive to variations 
in gamma, the film starting point, starting on a plateau, 
but dropping by a factor of four as y advances. Both the 
friction and the coefficient of friction decline slowly with 
increasing y. The load remains relatively constant, then 
declines more rapidly with advancing y. 

These results are significant because many hydro- 
dynamic lubrication theories are based on a minimum 
energy dissipation principle. Following such a principle 
one would expect that under a given load a bearing will 
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naturally choose its own y in such a way that the 
energy dissipated (or the friction) is a minimum. While 
the above calculations were not carried out at constant 
load, but at constant eccentricity, it is still possible 
to show (see Appendix) that there is no friction mini- 
mum. At a given load, the friction always decreases 
with advancing gamma. If temperature rise were taken 
into account, the situation would be even worse. As y 
increases, the oil flow rate decreases, the oil temperature 
therefore increases and its viscosity decreases. Therefore, 
the eccentricity will increase to carry the given load and 
the coefficient of friction will decrease further. 

All this indicates that the minimum energy dissipa- 
tion theory is not applicable here. It would appear that 
the extent of the oil film is governed by the supply of 
oil. If the oil is fed ad libitum in the divergent region 
of the bearing, the bearing will absorb the maximum 
amount of oil and start the film early. It cannot absorb 
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Fic. 5. Pressure contour diagram. 2.5 cm diameter square 
bearing; 0.005 cm clearance; 0.9 eccentricity ratio; 4800 rpm; 
0.08 poise viscosity oil. Pressure given in megadynes per square 
cm (= atmospheres). 


more than the plateau flow rate of Fig. 4 because of 
cavitation on the inlet side, which is already evident 
at y = —0.6 radians (—34.4°). If less oil is fed, then 
the film starting point advances accordingly, to accom- 
modate itself to the oil starvation. The film is not con- 
tinuous until there is enough oil to fill the gap. 

This work suggested the idea of starting the pressure 
mesh at a value of y more negative than the expected 
film starting point, specifying that no negative pressures 
are permissible, and allowing positive pressures to arise 
wherever they would naturally. This led to a solution in 
which cavitation occurred on both the inlet and outlet 
side. A pressure contour diagram for such a solution 
is given in Fig. 5. 

The shift in inlet boundary location has little effect 
on the load carried by the bearing but it does affect the 
friction. It may provide an answer to a question that 
troubled Raimondi and Boyd (4) for example, in their 
calculations with a film starting at 0°, namely, whether 
or not to include the cavitation zone in the friction cal- 
culation. Thus those authors were able to get two values 
for the friction. The “natural” boundary conditions 
above give a value in between those two. 


Conclusions 


A non-Newtonian lubricant acts as if it had different 
viscosities in different directions in finite width bearings. 
Its overall performance is equivalent to an oil of lower 
viscosity than the low shear viscosity of the polymer 
oil, except that the pressure is somewhat more evenly 
distributed over the surface. 

The question of the boundaries of a fluid film in a 
bearing can be solved merely by specifying that the 
pressure never become negative. This permits the limits 
of the cavitation region, both at the inlet and outlet of 
the film to be defined. In the future it is planned to 
set the pressure at which cavitation occurs up to one 
atmosphere below ambient. This will restrict the cavita- 
tion region further and should give a higher and more 
realistic value for the friction. 


Appendix: proof of absence of minimum in 
friction-gamma curve 

The coefficient of friction, f, and the load, L, are 
functions of the film starting point, y, and the eccentric- 
ity ratio. It is more convenient to use one minus the 
eccentricity ratio, ©, as the variable. Then it can be 
shown that: 


(2) sib (=) z. (2) (= (=) [1. A] 
Oy J OY /e oe /y \OY/e \OL Y 
From Fig. 4 


(2) = —0.0026  10~% per degree 
OY /e 
From Fig. 3 
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From Fig. 3 


(fo) = (2) 5 saa 
OQ log « _ de Jy | laa Be 
Substituting these into Eq. [1.A] and using values 


of 132 megadynes for the load and 2.90 « 10-# for f, 
one obtains: 


(2) = —0.0026 « 10-* + 0.011 « 10-3 (=) 
oY Jt OY Je 


(per degree) 
Examination of the lowest curve of Fig. 4 shows 


that (=) is nowhere positive enough to make 
Oy Je 


(“) positive. The slope is downward over the whole 
oy 7” 


range. 
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Boundary Conditions of Cavitation Regions in 
Journal Bearings 


By LEIF FLOBERG! 


The behavior of the oil in a cavitation region is studied. Boundary conditions of the pressure 
distribution at the inlet and at the outlet border of such a region are given. Calculation of the 
power loss in a cavitated zone is demonstrated. 


Introduction 


For a long time there has been some confusion in the 
hydrodynamic theory regarding the cavitation occurring 
in divergent parts of the bearings. Often arbitrary 
boundary conditions are used to give the pressure build- 
up. However, it is not enough to have the continuity 
equation satisfied in the oil region. The continuity of flow 
must also be satisfied within the cavitation region and 
at the boundaries between the two regions. As cavita- 
tion influences the pressure build-up, it is not reasonable 
to do calculations in cases where cavitation occurs, be- 
fore the behavior of the oil in such a region is studied. 
Some authors treat the ruptured region as an oil region, 
others as an air region. None of these assumptions can 
be accepted, as they violate the continuity condition. 
The cavitation problem must be solved, before charts 
and tables for bearing design can be made. 

In the section headed Application two partial journal 
bearing cases are numerically treated. These have the 
bearing angle 120° and diverging parts of 40° and 30° 
respectively at the leading edge. 


Nomenclature 
h Oil film thickness 
Po = Py*/yU, Nondimensional load per unit width 
p Pressure 
Po = py*/uw, Nondimensional pressure 
U,V Surface velocities 
x, 3 Coordinates 
a Angle between leading edge and load line 
Bearing angle 
r Eccentricity ratio 
04 Angular coordinate of the leading edge 
ue Absolute viscosity 
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L/D Width-diameter ratio 

Tt Shear stress 

y = C/r, Radial clearance/journal radius 
w Angular velocity 


Oil film theory 


The hydrodynamic pressure in a bearing is derived 
from the well-known Reynolds’ equation. In its original 
form from 1886 [Ref. (1)] it is written 


d dp a 2) 
me = * fas 
dx (: Z) * dz (4 dz 


dh U1] 
= 64 | (Ws + U;) — +2¥,| 

dx 

If this equation gives positive pressure all over the 

bearing, the solution is the correct one. If, however, the 
solution gives sub-atmospheric pressures over parts of 
the bearing area, this means that the oil film will rupture 
and the solution must be rejected. Then further con- 
siderations are needed. 


Cavitation theory 


Bearing tests show that film rupture produces cavita- 
tion zones of essentially constant pressure. The oil film 
can withstand sub-atmospheric pressures to some extent. 
When a bearing starts rotating, it is possible to measure 
50-70% vacuum in a cavitated region. However, this 
condition is not stationary, as air is continuously ex- 
pelled from the oil making the ruptured zone larger and 
increasing the pressure. After a quarter of an hour the 
vacuum may be 10-30%, and after some hours it is 
only about 2-4%. For practical bearing cases, it is thus 
correct to assume atmospheric pressure in the cavitation 
region. 

To solve a bearing case where cavitation occurs it is 
necessary to have a theory for the behavior of the oil 
at the boundaries of and within such a region. The loca- 
tion of the boundaries is also to be determined, which 
is another complication of the problem. 

At the beginning of the ruptured oil film the con- 
tinuity condition requires zero pressure derivative in 
the direction of motion, if the oil adheres to the surfaces 
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and there are no pressures lower than the atmospheric 
pressure, and thus 
OP 
p= —=0 [2] 
Ox 


where zero is the atmospheric pressure. 

This condition at the end of the pressure build-up is 
nowadays widely accepted. In the ruptured region the 
oil flow is divided into strips and between the strips is 
air, which is stationary. The appearance of a cavitation 
region is shown in Fig. 1. The oil adheres to the surfaces 





























Fic. 1. Oil strips in a cavitation region 


and the section of the strips is approximately rectangu- 
lar. This behavior can be experimentally verified by us- 
ing transparent bearing material. In theory an infinite 
number of strips is assumed; but in practice there will 
be a finite number of them giving insignificant deviation 
from the present theory. The oil and air strips have 
been shown in experiments by Cole and Hughes (2). 
However, they used an oil hole for the lubricant supply, 
which is unsuitable, as the corresponding case has not 
been theoretically tabulated. 

In front of the cavitation region there is sometimes 
part of the pressure curve below the constant cavita- 
tion pressure. This part decreases with time and it may 
be assumed that eventually it vanishes. The appearance 
of a cavitation region, when we have such a slope of the 
pressure curve, is shown in Fig. 2. Because of the very 
small sub-atmospheric pressures, the pressure build-up 


Pressure Curve 





Oil 


Air 


Fic. 2. The form of the air strips in a cavitation region 


will be very slightly influenced and the difference be- 
tween the areas of the air strips in the two cases is fully 
negligible. The location of the zero pressure derivative is 
in both cases approximately the same. 

In order to determine the location of the boundary 
at the end of the ruptured region, we must study the 
continuity of flow through this one. As the pressure is 
constant, there are no pressure flows and there is only 
flow in the x-direction (see Fig. 3). The oil quantity 
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Fic. 3. Oil continuity through a cavitation region 


entering the region over the width Az at the inlet bound- 
ary must therefore leave over the same width at the 
outlet boundary. Thus the following equation must be 
satisfied 


Uh* Uh h* 
- Az =—-: Az [Fas +2 as] [3] 
2 2 12uLOx Oz 


where h* is the oil film thickness at the inlet boundary 
of the ruptured region. Equation [3] determines the 
location of the outlet boundary of this region. 





Ax dx 
As here lim —— = — —, 
dz 


Az>0 Az 
border line, the equation becomes 


Uh* _ Uh h' | Op =| [4] 
2 2 l2uL ox 2 dz 

As Eq. [1] is usually solved by the relaxation method, 
a probable boundary of the cavitation region is assumed 
and then adjusted until the Eqs. [2] and [4] are satis- 
fied everywhere along the border. Now the continuity of 
flow is satisfied both in the oil and in the cavitation 
region and also at the boundaries between the two 
regions and the solution is thus the desired one. 

At the end of film rupture there is a jump in the 
pressure derivatives, as the viscosity value is changed 
from that of air to that of oil. This is the same sort of 
jump as that in the derivative in vertical direction of 
the hydrostatic pressure at a water surface. 


i.e. the derivative of the 





Power loss at cavitation 


Several authors, among them Cameron and Wood 
(3), Sassenfeld and Walther (4), and Raimondi and 
Boyd (5), assume that there is a full oil film with a 
straight line velocity distribution in the cavitated re- 
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gion. This does not agree with the continuity condition, 
as the oil film thickness varies and the oil film is divided 
into strips. Thus they give too high values of the power 
loss in this region. The air strips must be taken into 
account. As the width of the strips is inversely propor- 
tional to the oil film thickness, the mean shear stress 
can be written 
g gies, oll 
h Ps [5] 
Strip flow in the cavitation region has earlier been 
treated by Wilcock and Rosenblatt (6). However, when 
calculating the reduced power loss, they assume that 
cavitation starts at the minimum space, and in the oil 
region they neglect the pressure flow term, which makes 
two approximations. 





Application 


In many journal bearing cases the oil groove will be 
located at the maximum space or in the converging part 
of the bearing. Then the pressure build-up will start 
at the groove and end with zero derivative. This case 
is widely used and needs no further discussion as long 
as pressure distribution and load capacity are concerned. 
However, there is still some confusion in literature due 
to the power loss calculation as treated above and also 
in the Refs. (7-10). 

Now a case with a cavitation region after the groove 
will be studied. The groove is then located in the di- 
verging space. This case has recently been treated by 
Raimondi (11). However, he uses the boundary con- 
dition 2, which holds for the end of the pressure build- 
up, also at the inlet boundary of the pressure. This 


Y Region of Film Rupture p = 0” 


p:c®/wUR=0.02 
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Fic. 4. Typical pressure distribution for diverging-converging 
film shape (e = 0.8, 0, = —40°, a/B = 0.676). Figure taken 
from Raimondi (11). 


violates the continuity condition 4 and gives erroneous 
pressure distributions. As there is a straight line velocity 
distribution both at the inlet and outlet borders of the 
cavitation region, and the oil film thickness is not the 
same, it is obvious that the continuity is not satisfied. 

Figure 4 shows the pressure distribution derived by 
Raimondi (11) for a 120° partial journal bearing at the 
eccentricity 0.8 and with a diverging part of 40° length 
at the leading edge. The width of the bearing is equal 
to its diameter. Figure 5 shows the same case calculated 
after the above theory (Eq. [4]). There is an obvious 


Hmox 
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Fic. 5. Pressure distribution (6 = 120°, L/D = 1, © = 08 
and ©, = —40°). 
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Fic. 6. Illustration of small area of film rupture at entrance 
(e = 0.8, 8, = —30°). Figure taken from Raimondi (11). 
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deviation between the two pressure distributions. Rai- 
mondi gives the load number Po = 0.134 and the load 
location a/B = 0.676. The above theory gives Pp = 
0.108 and a/B = 0.711. 

Raimondi’s pressure distribution for the same case, 
but with a diverging part of 30° length at the leading 
edge is shown in Fig. 6. The pressure distribution for 
the last case using the above theory is given in Fig. 7. 


N max 





] 


Fic. 7. Pressure distribution (B = 120°, L/D = 1, € = 08 
and 8, = —30°). 


Also here there is a considerable move of the boundary. 
Raimondi gives Pp) = 0.208 and a/B = 0.655. The above 
theory gives 0.200 and 0.652 respectively. The diversity 
in bearing width is due to the fact that Raimondi uses 
different scales in the two directions. 


The relaxation is here made with the network 5 X 12 
shown in the figures, and therefore the solutions are 
somewhat approximate. 


The two cases treated above are unpractical and the 
bearing quantities calculated by Raimondi are slightly 
affected by the above cavitation theory. Therefore the 
above discussion has very little influence on Raimondi’s 
extremely good work. 
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DISCUSSION 


H. Connors (Westinghouse Research Laboratories, Pittsburgh, 
Pennsylvania): 


The author’s paper is an interesting contribution to the math- 
ematical analysis of journal bearings. It is felt, however, that 
certain points need clarification to prevent misunderstanding. It 
is not clearly indicated whether the continuity Equation [3], on 
which the analysis is based, applies only for the particular case 
in which the bearing is completely surrounded by lubricant and 
the make-up oil is drawn into the bearing by small negative 
pressures existing in the diverging region, or is thought applicable 
to other more general modes of lubricant supply. It also seems 
important that the reader be told that the existence and some 
estimate of the magnitude of the negative pressures is essential 
in applying the boundary conditions, for as the author says in a 
related paper (A1), “If the vapor pressure were exactly the same 
as the pressure in the surrounding oil, no oil would be sucked 
into the bearing.” It is also felt that an illustration, such as Fig. 
56.1 in the reference given below, would help greatly to clarify 
the physical concepts entailed in the paper being discussed. 
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AvuTHOR’s CLOSURE: 


I want to thank Mr. Connors for his comment on the paper 
and will try to elucidate the questions he raises. The continuity 
condition at the downstream boundary (Eq. [3]) is generally 
valid irrespective of the conditions at the bearing boundaries. 
The different terms in this equation have been known since 1886 
and represent oil flows. It must be understood that the oil 
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flow per unit width entering at the upstream boundary of the 
cavitation region must leave at the downstream boundary, as 
there cannot be any flow in the z-direction within this constant 
pressure region. 

It is said in the paper that the cavitation pressure in normal 
bearing cases is just below atmospheric and in practice can be 
put to atmospheric. The suction of oil into the bearing from 
the bearing sides is thus negligibly low and the lubricant supply 
has to be guaranteed by using e.g. an axial oil groove. 

In the numerical examples of my paper there are oil grooves 
at the leading and trailing edges and the cavitation pressure is 
atmospheric. In the Fig. 56.1 from an earlier report, referred to 
by the discussor, the bearing has no oil grooves and the cavita- 


tion pressure is put to a certain sub-atmospheric value. The 
latter case is thus quite different from the one treated in my 
paper. The main consideration in bearing analyses is: 


The boundary conditions at the bearing sides and at eventual 
oil grooves must be satisfied. 

The Reynolds’ continuity equation of the o#l region must be 
satisfied. 

The boundary conditions of eventual cavitation regions, as 
given in my paper, must be satisfied. 


There is an infinite number of different bearing cases and it 
is essential that the conditions in theory and tests are the same 
for corresponding cases. 
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A Centrifugal Effect Self-Acting Thrust Bearing 


By LUCIUS WALKER! and FLETCHER OSTERLE? 


A self-acting thrust bearing operating on centrifugal force effects is analyzed for both incompressible 
and compressible lubricants. A design which optimizes the centrifugal force effect is established and 


found to be much simpler than the designs of conventional self-acting thrust bearings. 


The load capacity 


is determined and found to be significant but small compared to that of conventional bearings. 


Nomenclature 
P = lubricant pressure 
Po = atmospheric pressure 
r = radius coordinate 
ri = inside radius of bearing 
%. = outside radius of bearing 
i 
x -— 
r; 
a = ratio of step location to inside radius of 
bearing 
b any. 
ri 
Ww = load carrying capacity 
Ww = dimensionless load carrying capacity, in- 
pa compressible lubricant case 
W = dimensionless load carrying capacity, com- 
pressible lubricant case 
h = film thickness 
h, = minimum allowable film thickness 
h 
h, 
S = ratio of maximum allowable film thickness 
to minimum allowable film thickness 
m = lubricant viscosity 
p = lubricant mass density 
T = lubricant temperature 
R = gas constant 
m = mass flow rate 
w = angular speed of bearing 
a = dimensionless speed parameter, Eq. [22] 
P = 7. , load per unit area 
TT o 


Subscript m on the load symbol refers to a stepped 
bearing. Superscript prime on the load symbol refers 
to its limit as S approaches infinity. 
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Introduction 


In conventional parallel-surface hydrostatic thrust 
bearings, the load capacity is obtained as a direct result 
of external pressurization. Without this pressurization 
there would be no load capacity. In a previous paper 
(1) it was shown that centrifugal force effects in the 
lubricant exert a considerable influence on the load 
capacity of these bearings. The load capacity is thus 
dependent on both external pressurization and lubri- 
cant inertia, the latter effect being more pronounced the 
higher the speed. 

The possibility arises of capitalizing on the significant 
inertia effects occurring at high speeds to obtain a load 
capacity without external pressurization. Such a bear- 
ing, being self-acting, might possibly be competitive 
with conventional hydrodynamic thrust bearings. A 
possible way to obtain a load capacity dependent solely 
upon inertia effects, is to permit film thickness varia- 
tions in the radial direction. 

It is the purpose of this paper to present an analysis 
of this problem with consideration given to both com- 
pressible and incompressible lubricants. 


The optimum profile 


In this section the optimum film thickness variation 
in the radial direction for an incompressible lubricant 
will be determined. It is this profile that maximizes 
the load capacity given the inside and outside radii of 
the film and the maximum and minimum allowable film 
thicknesses (Fig. 1). The bounds on the film thickness 
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are necessary to insure the validity of the momentum 
equation to be applied to the lubricant which assumes a 
film thickness large enough to dominate surface rough- 
ness and small enough to justify the neglect of certain 
viscosity effects. 


It is shown in (/) that the basic equation governing 
the pressure in the film is 
dp 6mp 3prw? 


dr xprh3 10 





[1] 


where p is the lubricant pressure, m the radial mass flow, 
u the lubricant viscosity, p the lubricant density, h the 
film thickness, and w the speed of rotation. Referring 
to Ref. (2) the flow is considered to be isothermal, hence 
the viscosity is constant. The density is of course con- 
stant for an incompressible lubricant. Film thickness 
variations in the radial direction only, will be permitted. 
The inertia, or centrifugal effect, is represented by the 
second term on the right of Eq. [1]. 

Without specifying the film thickness variation, 
Eq. [1] can be integrated symbolically for the pressure 
to read 








6mu r dz ae ae 
= — —1 2 
, “ais, oe si a 
where 
r h 
=-—- H=— 3 
Sim h, [3] 


with h, the minimum allowable film thickness. The 
boundary condition that the pressure is zero on the 
inside radius of the film (no external pressurization) has 
already been applied. Applying the condition that the 
pressure is also zero on the outside radius of the film 


there results 
ere . (? — 1) ——y's =| uw 
—1 
p= “| @ )- | ZH 
where 
+. ’ dz 
=—) = —_—_— 5 
b=" Se (5) 
The load capacity, W, of the bearing is given by 


W = 2 § rp dr [6] 


which, upon substitution of p from Eq. [4], becomes 


sais b b? — 1 dx 
wef | @ -1) - j Je [7] 


where W is a dimensionless load capacity defined by 





ae 10W 
W = 





[8] 


3rpr Aw? 


Integration of Eq. [7] by parts leads to 





oa OW—-lg ¥-1 
W= ¥ {~ 4 [9] 
where 
aah badz [10] 
HB 


Now, the H(x) which maximizes W is desired. The 
calculus of variations will be used to this end. Sub- 
stituting H + 6H for H in Eq. [9] where 6H is an ad- 
missible_infinitesimal variation in H, W_ becomes 
W +6W. Subtracting Eq. [9] from this result and 
neglecting all powers of 5H greater than one, Eq. [11] is 
obtained. 
—_ BO?) 

5W =-;° os G(x)H~*6H dx [11] 

where 


Ga) = 2 —af [12] 


The optimum profile is that H(x) for which 5W is 
nonpositive for any admissible 5H. From Eq. [11] the 
sign of 5W is seen to be given by the sign on the product 
of 5H and the quantity G(x). G(x) is positive for zx 
values close to unity and negative for values close to b. 
Let the value of z at which G changes sign be a, then 


g 
a? = = [13] 
f 
The optimum profile can now be constructed. Let 
H=S, 1<2z<a 
[14] 
H=1, a<2z<b 


where S is the ratio of the maximum to the minimum 
allowable film thicknesses. This profile can be shown 
to meet the conditions for optimum as follows. For 
1 <2<a, 6H can only be negative and since G is 
positive in this range, 5W is negative. Fora < x < b, 
6H can only be positive and since G is negative in this 
range, 6W is again negative. Thus the optimum profile 
is of step form for an incompressible lubricant. 


The load capacity 


The maximum load capacity is determined by sub- 

stituting Eq. [13] into Eq. [9]. There results 

ci b? — 1 b4 — 1 

= Bt 

Wm -« 4 [15] 
where a relationship between a, the step location, and S 
the step height ratio can be established by evaluating a 
from Eq. [13] for the profile defined by Eq. [14]. This 
leads to 








2a? In a — (a? — 1) 
(b? — a?) + 2a? In a/b 





33 = [16] 
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Equation [16] is plotted in Fig. 2 for three values of b. 
It is seen that as the step height ratio S increases, the 
step location rapidly approaches the outside radius of 
the bearing. 
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Fic. 2. Step height ratio vs step location, incompressible lubri- 
cant case. 
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Fic. 3. Load capacity vs step height ratio, incompressible 
lubricant case. 


In Fig. 3 the maximum load capacity is plotted 
against the step height ratio for three values of b. This 
graph is obtained by cross-plotting Eq. [15] and [16]. 
It is noted from Fig. 3 that the load capacity for the no- 
step case, which corresponds to the conventional 


parallel-surface thrust bearing without pressurization, 
is negative. For increasing step height ratio the load 
capacity increases and asymptotically approaches a 
limit as S becomes indefinitely large. These limits are 
shown in the figure. The maximum value of S which 
could be used in practice is controlled by a limit on the 
corresponding value of a/b. A value of a/b too close 
to unity would be impractical. It also appears that as 
large a value as possible should be used. 

From Eq. [15] it can be seen that as the step height 
ratio becomes indefinitely large the maximum load 
capacity approaches a limit given by 

» — Sxoritu” (2 _ 1)2 

Wm 0 (b? — 1) (17] 

The load capacity curves are labeled with the dimen- 
sionless limiting loads given by Eq. [17]. 


NUMERICAL EXAMPLE 


Consider an oil lubricant with a specific gravity of 
0.85, a thrust bearing with an outer radius of 3 in. and 
b = 3. From Eq. [17] the load limit for this bearing is 
given by 

W’. = 1.37 X 10-5N? [18] 


where N is the rotative speed in revolutions per minute 
and W’,, is in pounds. For a speed of 10,000 rpm, 
W.. = 1370 pounds or P = 48.5 psi. 

For a practical case in which S = 6 (corresponding 
to an a/b value of .96), W» is about 75% of the limiting 
load, i.e., 1030 pounds or P = 36.4 psi. 


Compressible lubricant 


The optimum film thickness variation will be de- 
termined for a compressible lubricant under the same 
assumptions used in the incompressible case. Of 
course, the difference in the analyses stems from the 
variation of density with pressure. 

Assuming the flow to be isothermal and the lubricant 
to be an ideal gas, Eq. [1] becomes 


dp _ ue 6muRT — 3prw? 
dr aprh3 10RT 


It is shown in (1) that this equation may be rewritten 
in the following form 





[19] 


d ated 12 T 
< (pre-B ORT) = — a 


e(-3/10)(@/RT)r* [20] 
dr arh 


Using the boundary condition that at the inside 
radius the pressure is atmospheric, Eq. [20] may be 
integrated symbolically to give 


2 z e-es* 
2-08 .. 676 = —A d. 
pe e ¢ oH x [21] 





where 
Pp 3w2r,? 


12muRT 
’ = ’ => —— 
Po - ORT 


— 
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and the other symbols have the same meaning as in the 
incompressible lubricant case. 

The dimensionless quantity, A, is eliminated from 
Eq. [21] by introducing the boundary condition that at 
the outside radius the pressure is atmospheric: 








The dimensionless load capacity is now defined by 


a 
~~ 





[25] 


“i 2ar po 
In this case, the optimum profile is ascertained by 
applying the methods of the calculus of variations to 

















x 1/2 
f (e-**"/xH?) dx the load carrying capacity equation in the form of W as 
Bp = e222] (e-2% — e-#) " +e a general function of H (x) and z. 
f (e~**" /H) dx Now 
[23] W = f [p(U, X) — 1]x dx [26] 
1 
The load carrying capacity is obtained by substitut- where 
ing Eq. [23] into Eq. [6] where unity is subtracted from ‘ 
the dimensionless pressure p to account for the de- f B(H, X) dz 
traction from the load carrying capacity by the atmos- U(H, X) = . (27] 
pheric pressure : B(H, X) dx 
1 
: f (e-***/xH3) dx and eis 
WwW pie f ear" /2 (e~28* ¥ £3 e-*) — B(A, X) a : 7D [28] 
f (e-*2"/2H8) dx ' 
z ) Performing a variation on W there results 
1/ 
~ > ap AU 
+ee] -1 de [24] OW = J aU aH et [29] 
which upon substituting Eq. [27] becomes 
b Op b 2 b z 
f ol Bdzx f BréH dx — f BréH dz f Bar| x dx 
wW =< 2 J} 1 J} 1 (30) 





Integration by parts yields 


B ) 


«7 Sec ere dln a [31] 





6 b z OD b x OD 
BY ae § Bar f — edz +f B(f SP» dx) da} BudHl der 
w= 1 | 1 1 Ol %.... 5 ie 


(fas) 





Inspection of Eq. [31] indicates that arguments lead- 
ing to the step profile in the incompressible case apply 
to the compressible case giving the same type of profile. 
Again the location of the step is given by the value of a, 
at which the part of the integrand in brackets vanishes, 
i.e., When 


pen SL B* 
1 


x dx - 
ou f Bdz 
1 








When the expressions for the various quantities in 
Eq. [32] are substituted, the equation is not readily 
integrable. Hence to determine the optimum step 
location and the corresponding load carrying capacity, 
the equations for a step profile were substituted into 
Eq. [24] and this equation was solved numerically for 
W as a function of a holding the other parameters 
constant. 


Upon substitution of the equation of a step profile 
into Eq. [24], it becomes 
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P z i 1/2 
™ f (e-** /x) dx 
Wm = f ear’/2 (e~28 ioe e~*) i ] : +e |x dx 
: f (e~*"/z) dx + S88 f (e282 /x) dx 
3 1 a 
saz /. J. —~az /. 
Ba J (e-** /x) dr + S J (e x) dx (b? — 1) 
+ f ear /2 (e~ 2 — e~*) ; : +e le dz — me aS 
: F f (e**"/z) dx + 88 f (e~**"/x) dx 
1 a 





Simpson’s one-third rule was employed to tabulate 
the values of the inner integrals with the aid of a high 
speed digital computer and these values in turn were 
used in the evaluation of the outer integrals by the 
same method. The inner integrals were tabulated for 
values of x ranging from unity to four in 0.01 intervals 
using a mesh size of one-fourth of an interval. The 
outer integrals were tabulated for step locations varying 
between the limits of integration in 0.01 intervals using 
a 0.01 mesh size. From these values, the optimum 
load capacity and the corresponding step location were 
selected. Error estimates indicate the load capacity 
to be accurate within 0.1% for the step locations used, 
and of course, the optimum step location is only as 
accurate as the interval by which it was changed to 
select the optimum load capacity. 

In Fig. 4, the step height ratio S is plotted as a func- 
tion of the optimum step location for nine combinations 
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Fic. 4. Step height ratio vs step location, compressible lubri- 
cant case. 


of the other two parameters. Similar to the incom- 
pressible case, the step location rapidly approaches the 
outer radius of the bearing. The rate of approach 
increases as the radius parameter b and the speed param- 
eter a decreases, the former having the more pronounced 
effect. 


In Fig. 5, the load carrying capacity is plotted against 
the step height ratio for the same values of the param- 
eters which were used in the optimum step location plot. 
The load is seen to increase with increasing step height 
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cant case. 


ratio as well as with increasing values of the other 
parameters. A change of more than an order of magni- 
tude is noted in the load capacity for a unit change in 
the radius parameter. 

The load appears to approach a limit as the step 
height ratio becomes indefinitely large. Assuming the 
step location corresponding to an infinite step height 
ratio to be at the outer radius of the bearing as suggested 
by Fig. 4, the limit of the load capacity is given by 


b? — 1 
2 





1 2 
W'm = 2ar2Zp,\— [e@/2@-v — 
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oe [34] 
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In Table 1, the limiting values of the load capacity are 
tabulated. Again the maximum value of S in practical 
applications would be restricted by a limit on the cor- 
responding value of a/b. 














TABLE 1 ee 
ils _ We 
Limiting Load Capacity, rom 
b 
a 2 3 4 
0.1 0.029 0.102 0.297 
0.2 0.062 0.239 0.765 
0.3 0.098 0.415 1.570 
EXAMPLE 


Consider as the lubricant, air at standard atmos- 
pheric pressure and a temperature of 80°F. For a 
thrust bearing having an inside radius of 1 in., a radius 
ratio of 3, a speed parameter of 0.2, which corresponds 
to a rotative speed of about 85,000 rpm, the limit of the 
load capacity is 198 pounds or P = 7.0 psi. For a 
practical case where S = 8 (corresponding to an a/b 
value of 0.95), the load capacity is 150 pounds or 
P = 5.31 psi, approximately 75% of the limiting value. 


Conclusion 


It is found that by proper specification of the radial 
variation of film thickness in parallel surface thrust 
bearings, centrifugal force effects can be made to con- 
tribute positively to the load capacity even without 
external pressurization. Thus a self-acting centrifugal 
effect thrust bearing is evolved. The optimum film 
thickness variation is found to be of step form for both 
incompressible and compressible lubricants resulting in 
extreme constructional simplicity for this new bearing. 

The load capacity of this bearing is highly speed 
dependent, increasing as the speed is increased. The 
results indicate that the load capacity, though signifi- 
cant, is not competitive with conventional self-acting 
thrust bearings of, however, inherently, more compli- 
cated design. 
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DISCUSSION 


J. Cuerusm and 8. Aspramovitz (Continental Bearing Research 
Corporation) 


In general this paper does present a rather interesting theo- 
retical consideration associated with high speed bearings—that 
is the utilization of centrifugal effects of the fluid, particularly 
for a thrust bearing. 

As far as the authors have gone in their analysis it appears 
that the proper use of the centrifugal effect could result in a 
simple and effective thrust bearing. However, one major con- 
sideration, that of heat removal has not been treated. The 
analysis is based on a continuous annulus with no breaks such as 
radial grooving. Therefore, the flow across the annular width 
will be basically a function of the minimum film thickness, the 
width of the annular land, and the pressure differential. With 
the requirement of high speed and generally a very thin film, a 
high shear rate will exist, and even though the land may be 
narrow, the shear force probably would be significant enough to 
warrant a reasonable flow in order to keep the temperature rise 
within reason. In the case of the hydrostatic bearing, this flow 
can be controlled. In the case of the tilting-pad, tapered land, 
and step bearing, the spaces between pads allow a controlled 
flow through the bearing. 

Another questionable point is that in the final equations, the 
fluid viscosity does not appear. It is true that the inertia effects 
are more pronounced, at high speed, although it is difficult to 
preclude that the viscosity would have a negligible effect on the 
actual bearing performance. For example, it is possible to have 
a dense low viscosity fluid such as water or mercury and a low 
density high viscosity fluid such as paraffin. 

Although there are a number of important factors left un- 
answered, the analysis does point to a thrust face configuration 
that is simple to produce and does appear to possess more favor- 
able characteristics than the commonly used flat faced washer. 
Certainly more theoretical work is required and of course experi- 
mental confirmation will be necessary. 


AvutHors’ CLOSURE: 


First of all we wish to thank Mr. Cherubim and Mr. Abramo- 
vitz for their very comprehensive discussion of our paper. 

It is true that we did not treat the heat removal problem and 
that it would be more severe in our type of bearing than in the 
conventional tilting-pad or tapered land thrust bearing. Radial 
grooves to improve lubricant circulation could be employed in 
our bearing but at the expense of load capacity which is already 
rather limited. Heat removal does appear to be a serious 
development problem with our bearing. 

Viscosity does not appear in our final equations for load 
capacity but this does not mean that viscosity would not affect 
the actual bearing performance. Load capacity is independent 
of viscosity but mass flow is not. The flow rate of a high vis- 
cosity lubricant would be less than that of a low viscosity lubri- 
cant. The load capacity of a tilting-pad or tapered land thrust 
bearing is, of course, dependent on the viscosity of the lubricant. 
The reason why this is not the case with our bearing is the radial 
symmetry of our geometry. 

The authors agree with the discussors that experimental con- 
firmation of our analysis is necessary. 
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The Finite Sector Thrust 
Gas Lubricated Step Bearing 


By KAORU TOBA! and EDWARD SAIBEL? 


The principal object of this paper is to demonstrate the effect of compressibility of lubricant gas on the 
performance of a particular type of sector step bearing when the lubricant undergoes an isothermal 


process. 


It is noticed that for small film thickness, deviation from the continuous medium such as the slip 


flow phenomenon may take place irrespective of the absolute magnitude of the flow density. 


When 


the Knudsen number, which is a measure of this phenomenon, is small the flow may still be treated 


macroscopically. 


By assuming a liquid having the same viscosity coefficient, the performance of the bearing for an 
incompressible lubricant is also evaluated and compared with that for a compressible lubricant over a 


range of the important physical parameters. 


Nomenclature 


A total area of sector 





a inner radius of sector 
A(K 
(K) oni defined in Eq. [14] 
a(x, ; ) 
€;“Po 
b outer radius of sector 


f(K), G(K) defined in Eq. [10] 

film thickness 

Knudsen number 

reference length 

Mach number 

defined in Eq. [14] 

pressure 

ambient pressure expressed in a fraction of 
normal atmospheric pressure 


Pa normal atmospheric pressure 

W total load-carrying capacity 

r coordinate in the radial direction 

Re Reynolds number 

T temperature 

To ambient temperature 

V mean thermal molecular velocity 

v, velocity component in the radial direction 

U9 velocity component in the angular direc- 
tion 

w velocity component in the thickness 

direction 
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Z axial coordinate 

I = po/po defined in Eq. [1] 
P = W/A load per unit area 
€1, €2 constants 

6 angular coordinates 
00 step position 

A mean free path 

m viscosity coefficient 
v kinematic viscosity 
p density 

c= b/a defined in Eq. [14] 
Ta given in Eq. [23] 

w angular velocity 
Introduction 


StncE Harrison (/) published his paper in hydro- 
dynamic theory of lubrication, much interest has been 
aroused by the possibility of using gas as a lubricant. 
However, problems of this nature have not been fully 
investigated because of their nonlinear character. Re- 
cently, Taylor and Saffman (2) investigated the effect 
of compressibility on flow at low Reynolds number and 
have shown that there is a remarkable difference in the 
pressure distribution between two rotating cylinders for 
the cases of compressible and incompressible fluid. 
Mow and Saibel (3) investigated the gas lubricated 
finite slider bearing with side leakage and compared 
compressible and incompressible performance. 

The present study is concerned with the thrust bear- 
ing problem. It is noticed* that for the flow in a bearing 
the slip phenomenon may take place as the film thick- 
ness becomes small. This phenomenon, characterized 
by the slipping of the gas molecules on the wall bound- 





3 This fact, although independently arrived at in the present 
study, has been investigated by Burgdorfer (4) for two-dimen- 
sional flow. 
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aries and the jump of normal pressure and temperature 
at the wall, is roughly equivalent to the reduction of 
the viscosity coefficient, affecting the efficiency of the 
bearing performance. 

The Knudsen number is the ratio of the mean free 
path to a characteristic length, i.e., the film thickness, 
which can also be expressed by the ratio of the Mach 
number to the Reynolds number. When this number 
becomes of order unity, the gas does not behave entirely 
as a continuous medium but rather exhibits some 
characteristics of its coarse molecular structure. These 
deviations from the continuum are known as the rarefied 
gas effects (4). 

Usually these effects are associated with “internal 
flow” of vacuum installations or with “external flow” 
at high Mach number and low density in which a body 
is wholly submerged. For the present ‘internal flow” 
problem the Knudsen number may become of order 
unity, regardless of whether or not the absolute magni- 
tude of the density of the gas flow is especially low. 
Consequently, the terminology “Knudsen number” 
effects may be preferred to the “rarefied gas” effects. 
This situation appears to be analogous to the ‘‘external 
flow” possessing very sharp gradients i.e. region in 
which the velocity, pressure or temperature change ap- 
preciably in the space of a few mean free paths such as 
accomplished in a strong shock wave. 

For small values of the Knudsen number, the flow is 
classified to be in the slip flow regime as summarized in 
Table 1. The flow in this regime is considered to be 


TABLE 1 
Slip Flow Regime 


Internal Flow 





External Flow 


Low Mach Num- High Mach Num- 
ber in Vacuum ber 
Installation Flow at very high 

Altitude 

Not necessarilylow Low Reynoldsand Flow inside strong 
Density Flow low Mach Num- Shock 

ber Flow such as: 

Couette Flow 

Flow in Bearing 
with very thin 
Film Thickness 





Low Density Flow 





best treated* by the Navier-Stokes equations, including 
a second viscosity coefficient together with the slip 
velocity and temperature jump conditions, as suggested 
originally by Millikan (6). In this paper, however, the 
second viscosity coefficient is neglected, since it becomes 
of importance only in relaxation phenomena and is not 
encountered in the present study. 


Basic assumptions 


This paper deals with the flow of a gas in a thrust 
bearing which is assumed to have a small Reynolds 





‘ This issue is not quite settled. 


number and a small Mach number. For such a strongly 
viscous flow the Knudsen number, designated by K, 
may be small even when the Mach number is small. 


The fundamental equations to be used are the Navier- 
Stokes equations, equations of continuity and state 
and of energy. 


Since the experimental evidence under the stated con- 
ditions indicates small temperature variations (7), one 
may assume an isothermal process to the first approxi- 
mation; the bearing is also assumed to be at the equilib- 
rium temperature. This assumption is thermodynami- 
cally in accordance with the essentially dissipative flow 
phenomena, which in no way can be represented by 
isentropic compression or expansion. Furthermore, it 
may be supported by the following reasoning. The 
smallness of the Mach number implies that the kinetic 
energy of mean motion is negligibly small compared to 
the static enthalpy. The increase in the temperature 
of the flow, even if all of this kinetic energy is converted 
into random particle motion, is insignificant as is the 
viscous heating. 

As the most important consequence of the isothermal 
assumption the momentum equation is now uncoupled 
from the energy equation. Since the gas is assumed to 
obey® the thermal equation of state for a perfect gas, 
one has 


= R= (1 


where p is the pressure, p the density and the subscript 0 
corresponds to ambient conditions. Next assume that 
the reduced Reynolds number is less than order of 
unity (9). This assumption leads to the so-called 
Stokes approximation. The criterion is given by 





Riis 2 
R#* = Rf l ) = RnazK1 [2] 
Vv 


where R, = Ul/v, w» = U/l, U being the reference 
velocity, | the reference length and hmaz is the reference 
film thickness. As will be considered the variation of 
the kinematic viscosity v may be small and » will be as- 
sumed constant; h»az is determined corresponding to the 
given w, po and the ambient temperature 79 and gets 
larger as w becomes smaller. Therefore, once maz is 
set to satisfy [2] then the same condition is invariably 
satisfied by smaller values of w. 

For example, consider a sector thrust bearing with 
radii a = 8 cm and b = 16 cm as shown in Fig. 1. 

The sector is a stationary slider at a short distance h 
from a flat circular disc that rotates as the runner. In 
the following, the sector bearing with this geometry and 
with air as the lubricant will be considered exclusively. 
Further details of the geometry, i.e., the distance h as a 
function of the radius r and the argument 8, will be pre- 





5 For real gas effects, see Ref. (8). 
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SECTOR 


WZ 


ROTOR 


Fic. 1. Sector thrust bearing 
scribed in connection with the boundary conditions in 


the next section. 


For the ambient conditions: po = 1 atmospheric 
pressure and 7 = 20C, one has v = 0.15 cm?/sec so 
that the Reynolds number based on the radius 6 is 


Re = 683 forw = 40 rps (2,400 rpm) 
6830 for w = 400 rps (24,000 rpm) 


While the reduced Reynolds number requirement (2) 
gives 
Rmaz K 0.0612 cm for w = 40 rps 
< 0.0194 em for w = 400 rps 
Also the corresponding Mach number is 
M = 0.0194 forw = 40 rps 


= 0.194 for w = 400 rps 
Further assume that the velocity component in the 
film thickness direction is negligible. 


Lastly assume that v and K are constant throughout 
the flow field. This assumption may be explained 
physically as follows. Note that v = u/p ~ vA where 
v is the mean thermal molecular velocity which is 
proportional to +7’, T being the temperature and A is 
the mean free path which is proportional to 1/p for 
constant T (10). Therefore, v~ 1/p for the present 
case. Since the variation of p is considered to be not 
too great to change v appreciably, v will be assumed 
constant. Similarly, K~A~1/p and K will be 
assumed constant. 

Also, the use of the Navier-Stokes equation necessi- 
tates not invalidating continuum flow theory.® As a 
matter of fact, this in turn dictates a lower limit to the 
value of h. The criterion is given by 


4 





K= <K1 [3] 


min 





6 More rigorously, continuum flow theory will become in- 
applicable only when the fluctuations due to the molecular struc- 
ture become so large that measurements do not furnish the proper 
mean values. This depends not only on the ratio of mean free 
path to the characteristic length but, because of the ergodic 
property, also on the length of the time average (8). 


where K is also proportional to the ratio of the Mach 
number M to the Reynolds number Re. For the previ- 
ous cases mentioned A = 8.6 X 10-° cm. Conse- 
quently, if hmin >> 8.6 X 10-® cm then continuum flow 
theory is insured. In particular, consider the case in 
which hmin = 1.72 X 10-4 em. 

When K becomes of order unity (but small compared 
to 1) the flow may still be treated by continuum theory 
but with modified boundary conditions, taking into 
account the slip velocity given by Maxwell (10) 





2- fi) 
Bo 


B on [4] 


Uslip = Y 
where y and 8 are constants: 6 is the fraction of incident 
molecules reflected diffusively, n is the outward normal. 
For convenience, the factor y (2 — 8)/8, which is close to 
1, will be taken as 1. 


Theoretical analysis 


Due to the basic assumptions stated the Navier- 
Stokes equations are simplified (the so-called Stokes 
approximation) to yield the equations: 








_ 
Oz 
1 dp 070, 
0=--= 5 
p or a dz? (5) 
o = —11ep , ae 
op r 00 dz? 


where the cylindrical coordinates are fixed to the sta- 
tionary sector as shown in Fig. 1. The continuity 
equation is 
pv, — O(pv, 1 O(py, 
a (pv,) 4! (pve) _ 


or r oz 





0 [6] 


The velocity boundary conditions are (11) 

















Ov, Ov, ) 
(0, S = A— (A, 6 = —A 
v,(0, r, 0) Pa v-(h, 7, @) = 
z=0 z=h [7] 
ov ce) 
v9(0, r, 0) = A—\|s w(h, 7,0) = —rw — an. 
dz dz| } 
z=0 z=h 


Integrating (5) one gets 
#29) 
,==—— — —= ea K | 
"Qu ar (Nh h 


| 

2 2\2 2 re p 

mo apr alla) ~ Gi) —§} ~ rane Gi) +4} 
[8] 


Substituting these expressions into [6] and integrating 
with respect to z from 0 to h one has 
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dh31+2K ap 10h31+2K1 4p 


VP + orhL LOK ort + OOh1 GK + 0 
6vwl 1 Op 6veT 1 oh 


h? 06. (1 +6K)(1 +2K) h? 00" 





1 + 6K h? 00 
[9] 


where use has been made of the Eq. [1] and the facts: 
v = constant and K = constant; V? is the Laplacian 
operator. 

This linear elliptic differential equation, sometimes 
called Jacobi’s equation (12), is difficult to solve for 
arbitrary bearing geometry without recourse to numeri- 
cal analysis. For a special geometrical configuration, 
however, it can be solved analytically as follows. The 
exact solution will then enable one to understand the 
flow under the influence of the physical parameters. 

Suppose the sector has a step along a radial line. 
The step divides the flow field into two subdomains. 
Furthermore, suppose the distance between the rotor 
and the sector, i.e., the film thickness, diverges along a 
radial line such that h; = e. The suffix 7 = 1 refers 
to the domain I and 7 = 2 to the domain II. ¢; and 
€2 are positive constants. See Fig. 2. 


6=6 STEP 
e=6, @-0 | 














Fic. 2. Geometry of sector 


In each domain those terms containing 0h/d0 drop 
out and the equation can now be handled. 


Let p = po +p’ where po is the ambient pressure 
and p’ the excess pressure. By letting 


p’ = R(r)0(6) 
one obtains the equations to be satisfied by R(r) and 
(6) 


ee tq) rt 


= ‘tguiae = —)? [10] 


where 


f(K) = - 12K 6 Bw 


1) én + 6K ep 








and X is the separation constant which is assumed to 
be real. 


One can find p’ and consequently p according to the 
circumferential conditions as explained in the Appendix. 
In the following, formulas will be given corresponding 
to the case where all sides are open. 


sin (7, In r/a) 
Po + Dr pl BHK)/2 qn(8) 
for domain I 
,sin (t,zlnr/a) , 
Po + ye. — pram *n(9) 


for domain II | 


p 


» [11] 





where F,, and F’, are constants to be determined, 7, is 
defined in the Appendix, and 


qn(0) = e%!2 sinh [y (S) 4 Game é 7 | 


s’n(8) 


2 
= 2" sinh [y (2) + rr? (01 — 0) | 


In order to match the two solutions at the step posi- 
tion @ = 8, consider the conditions at the step in some 
detail. The condition to be satisfied by p is the con- 
tinuity relation i.e. 

(pr)o = (prt) [12] 


which becomes exactly equivalent to the continuity of 
the radial velocity component v, when K = 0. While 
the mass flow condition may be written as 


; [verle, dz = a (verte, dz 


which, in view of [8], becomes 


Ta (1 + 6K) [* Opi 
—{hg-h,) = I] 
g (ta — hi) 12y r 06 |p, 








3 TiN + 


h,? Opr 
r 06 
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Applying the condition [12] to the expression given 
by [11], F’, can be found in terms of F,. Further, 
applying the mass flow condition [13] one gets 


byw €:\ _ ~ sin (7, In r/a) 
1+6K (1 -*) - Fs ptN/2 


n=1 
‘Si-" OF 
e227 —| — e?7(—}) — 
6 |e, e2/ dé |e, 


the coefficient F, can now be determined from this 
equation by utilizing the orthogonality condition given 
in the Appendix. Multiplying r!+/\/? sin (7, In r/a) 
and integrating with respect to r from a to b one gets 




















F, = 
6uw €1 if ; 
a Oe (1+9)/2 2 
146K a 7 r sin (7, In r/a) dr 
E 2 In *) Se e'x sin? is In r/a) 4 
ear Sela 
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After evaluating the integrals involved, F,, is substituted 
back and one gets the final expression to the pressure 
distribution. 


PPO. A(K) >> B (x, = ) 
Po n=1 €i Po 

_ sin (2 In r/a) {(3/140K) (us/atpe) Oo—0) sinh M,6 

(r/a)B ThE 2 sinh M60 


for domain I 
= A(K B, \ K, 
(x) YBa (K, ee) 


sin (Tn In r/a) g(B/1+6K) (0/00) (00-0 sinh N,,(@ — 6) 
(r/a)8+MOVe sinh N2((1 —_ 60) 


for domain II 














[14] 


where 


reason the parameter yw/e;2p9 appears instead of 
pw/ Do. 

For an incompressible flow a similar treatment can 
be carried out.’? The results are 


od. = sin (7, In r/a) 
Po a 2 Fa, 9) (r/a)3/? 


sinh [V7.2 + (3/2)? 6] 
sinh [V7.2 + (3/2)? 60! 
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= in (7, In r/a) Shen 
sin (7, In r/a 

= A(0) but B,(0, 0) (r/aya2 
_ sinh [V rn? + (3/2)?(@, — @)] 
sinh [V7.2 + (3/2)?(@1 — 4)] 
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It is observed that the two important parameters 
pw/po and K are involved. Note that u/po ~ rt; and 
w ~ 1/t where 7; is the mean free time between molecu- 
lar collisions (13) and ¢ is the characteristic time for 
the revolution of the rotor. 7, for air is 10~!° sec at 
normal conditions, which is very small. This is the 





7 Of course, Eq. [1] cannot be used. The equation correspond- 
ing to [9] becomes somewhat simpler so that other geometries of 
the sector may be handled. See Ref. (14) in which fh is not 
assumed to diverge with r. Incidentally, the effect of the radial 
divergence of film thickness on the step bearing performance may 
constitute an interesting problem from a practical point of view. 


where 1, are those eigenvalues corresponding to K = 0. 
Also, the parameter yw/e,299 drops out except in A (0). 
In other words, for an incompressible flow the mean free 
time between collision becomes zero as it should. 


The total load-carrying capacity can be calculated 
simply by integrating the pressure over the whole 
sector domain. The result is 


P _SS(p—po)dA _ A(K) xp (x. mea ) — 
Po poA 3 1 €:7Do0 





[16] 
where 
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A similar expression can be derived for the case of an 
incompressible fluid flow. It is readily observed that 
P/po is proportional to yw/poei? which is included in 
A(0). Namely, for an incompressible lubricant the 
absolute load-carrying capacity P is proportional to the 
viscosity of the lubricant » and to the angular velocity 
w, and is independent of the ambient pressure po. 

It may be useful for the practical purposes to inject a 
pressurized gas into the lubricant film, thereby increas- 
ing the load-carrying capacity without changing the 
geometry of the bearing. 


Numerical results 


The pressure distribution. The effect of the compres- 
sibility of the lubricant on the pressure distribution may 
be seen by comparing air as a compressible lubricant 
with an incompressible fluid which is assumed to have 
the same viscosity coefficient under the same ambient 
conditions: pp = 1 atmospheric pressure and TJ) = 20C. 
The geometry of the bearing is stated above with 
€2/€, = 2, Amin = 1.72 X 1074 em, 6; = 1 radian and 
6) = 0.8 radian. Thus e; = 2.15 X 10° and e = 
4.3 X 10°*. Consequently, Ama: = 6.88 K 10-* cm. 
K based on Amin is 0.05. 


The pressure distribution has been computed for 


w = 400 rps and is shown in Fig. 3. For case i, in 


lone} 
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INCOMPRESSIBLE FLUID 
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ee a 








ANGULAR COORDINATE © (RADIANS) 


Fic. 3. Pressure distribution 


which all sides of the sector are free, the pressure builds 
up markedly at the step and then falls off. Clearly, 
compressibility reduces the peak. However, there 
exists a marked difference between the compressible and 
incompressible flows after the step. The pressure falls 
off more gradually for a compressible flow than for an 
incompressible flow. The general trend is strongly 
unsymmetric before and after the step for a compres- 
sible flow, which agrees qualitatively with that observed 
by Taylor and Saffman for a two-dimensional flow 
between eccentric cylinders. 

The effect of the angular velocity on the load carrying 
capacity. For w varying from 40 to 400 rps the load- 
carrying capacity is computed and plotted in Fig. 4. 
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Fic. 4. Effect of angular velocity 

Its dependence on w is almost linear for an incompres- 
sible lubricant with the same viscosity coefficient as 
demonstrated by the pressure formula. It is noted 
that beyond w = 480 rps the load-carrying capacity 
for a compressible flow exceeds that for an incom- 
pressible flow for Case i. 


The effect of the ambient temperature on the load-carrying 
capacity, with a constant ambient pressure. As stated 
in a previous section (Basic Assumptions), the variation 
of the gas temperature within the bearing is considered 
to be so small as to allow an isothermal process assump- 
tion, but the ambient temperature of the gas may have 
an important effect on the bearing performance. Sup- 
pose the ambient pressure po is kept constant and the 
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TABLE 2 


Parameters Corresponding to Ambient Temperature 











(w = 400 rps) 
' pw 
To(°C) u gram/cm sec Acm K ; 
Poe 
20 1.808 x 10-4 8.60 x 10-® 0.0500 1.5446 
40 1.940 x 10-4 9.188 x 10-6 0.0534 1.650 
60 2.073 x 10-4 9.784 x 10-® 0.0569 1.7572 
80 2.205 « 10-4 10.361 x 10-® 0.0602 1.8608 
100 2.338 x 10-4 10.948 « 10-® 0.0637 1.9663 





ambient temperature 7 is varied. Further, assume 
a linear dependence of the viscosity coefficient u on the 
temperature. This is in good agreement over a moder- 
ate low temperature range. The mean free path A 
varies, in the present case, with To and is proportional 
to it. With po = 1 atmospheric pressure, the values of 
the parameters involved are shown in Table 2, for 
various values of To. 

Expectedly, the effect of the temperature is to in- 
crease the load-carrying capacity since the viscosity 
coefficient of a gas increases with temperature.® 

In Fig. 5, the load-carrying capacity is plotted 
against the temperature. The slope is almost constant 
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Fic. 5. Load-carrying capacity vs ambient temperature 


in the present range. For incompressible flow this 
dependence is exactly linear for linear viscosity depend- 
ence on temperature. For greater values of w the slope 
of the curve becomes steeper. 

The effect of the ambient pressure on the load-carrying 
capacity, with a constant ambient temperature. Since 
the mean free path of a gas varies only with the density 





8 For a liquid, the trend is reversed. 


and is inversely proportional to it, if the ambient tem- 
perature 7 is kept constant and the ambient pressure 
po is changed, then the mean free path will vary in- 
versely as the pressure while the viscosity undergoes 
little change as long as the temperature is constant. 
Consequently, in the present formulation the effect of 
ambient pressure is seen by changing the parameters K 
and ypw/poei? correspondingly. Some of the values of 
these parameters are indicated in Table 3. 


TABLE 3 


Parameters Corresponding to Ambient Pressure 











(w = 400 rps) 

wn Acm K = 
atmospheric pressure poer” 

1.0 8.6 x10-® 0.050 1.5446 

0.8 10.8 x 10-§ 0.0625 1.9307 

0.6 14.3 x 10-6 0.0833 2.5742 

0.4 21.5 x 10-* 0.125 3.6114 

0.2 43.0 x 10-® 0.25 7.7228 





As has been noticed, the effect of decreasing the 
ambient pressure or increasing the value of K is roughly 
equivalent to the reduction of the viscosity thereby 
reducing the total load-carrying capacity. This fact is 
confirmed in Fig. 6, where P is drawn versus po. How- 
ever, when w = 40 rps the rate of this reduction is not 
as great as the rate of reduction in po so that P varies 
little over the wide range of po as compared to the 
constant value of P for an incompressible lubricant. 
For greater values of w say 400 rps the change in P 
appears to be considerable and the curve exhibits an 
abrupt change i.e. a sudden reduction of the load- 
carrying capacity. At the present time, there is no 
explanation for the mechanism of this phenomenon 
which may be due to the onset of slip flow or may be 
inherent in the numerical calculation and thus devoid of 
physical meaning. A careful check is desirable. 

The effect of the step position on the load-carrying 
capacity. The variation of the load-carrying capacity 
with the step position is plotted in Fig. 7. As indicated 
by the pressure distribution, there is a marked difference 
between compressible and incompressible lubricants, 
the optimum position for this particular w(= 400 rps) 
lies near 6) = 0.45 radian for an incompressible flow, 
while it is near #9 = 0.55 radian for a compressible flow. 
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STEP RATIO 


8. Effect of step ratio on load-carrying capacity 


The effect of the step ratio on the load-carrying capacity. 
The load-carrying capacity is computed for values of 
e2/€, ranging from 1.2 to 3 and is drawn in Fig. 8. It is 
interesting to observe that the capacity increases very 
sharply up to the optimum ratio for this particular 
w(= 400 rps), which is close to 1.65 for both com- 
pressible and incompressible lubricants and then falls 
very gradually. 


Discussion and Conclusion 


It has been assumed that w = 0. This may amount 
to an oversimplification. In fact, the entire flow field 
may be more accurately divided into three subdomains. 

In the transition region, where the velocity compon- 
ent w is no longer negligible, there exists a pressure grad- 
ient in the z-direction (15). Since outside the transition 
region there is no pressure gradient in the z-direction, 
the presence of this region may introduce a pressure 
change across it as pointed out by Tipei (/6), which 
should be taken into account for the matching conditions 
of p. This possible pressure jump across the transition 
region may be estimated from the z-component equation 
of motion and the continuity equation as follows. 


0 
(pr)o, = (prt) + (= “pr [17] 
Po 00 6 


This jump is negligible because of the smallness of 
uw/p, which is of the order of 10-8 ~ 10-® under the 
conditions considered. 

The effect of the ambient pressure is such that the 
load-carrying capacity P increases with the ambient 
pressure. While for an incompressible flow P is found 
to be independent of the ambient pressure. 

The effect of the ambient temperature is also con- 
sidered assuming a linear dependence of the viscosity 
coefficient on the temperature. For an incompressible 
flow P is proportional to » and consequently P increases 
linearly as the temperature increases. For the com- 
pressible flow P turns out to be almost linear against 
the temperature over a range 20 ~ 100 C. 

Similar results are obtained concerning the effect of 
the angular velocity. 

An optimum position of the step and an optimum film 
thickness ratio for a particular w(= 400 rps) have been 
obtained both for compressible and incompressible 
flows. There is no significant difference due to com- 
pressibility. 

It should be borne in mind that the above results are 
a direct consequence of the various stated assumptions. 

Further, it is added that a fundamental study of the 
problem from the microscopic view point is desirable. 
There the starting point would be the Boltzmann equa- 
tion. This is rather of academic interest, but would 
definitely contribute to an understanding of the prob- 
lem. Finally, since the bearing considered may be 
subjected to experimental study, it would be of valuable 
interest if such experimental results were found and 
compared with the present theory. 
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Appendix 
The solution of the equation for @(6) is given by 


@ = GKH1/20 {4 sinh [V(2V +»? | 
+ B cosh [yey +d? || 


with constants A and B. 


The pressure at the leading or trailing edge is equal to 
the ambient values. 








p'(r,0) =0 or 


6(0) = ot 
p'(r, 61) =0 or 


One has 


[G(K)]/26 |: Gi\? 
6(0) = Ae™ sinh ry +26 


for domain I 


= Alela/26 sinh (2 + 2 (0; es | [19] 


for domain II 


The solution of the equation for R(r) is given by 


1 
R(r) = “B+ [C sin (r nr) +Decos(rlnr)] [20] 





where + = Vd? — ((3 +f(K)]/2)? and C, D are 
constants. 

In order to determine the separation constants or the 
eigenvalues, four different geometries of the bearing 
may be considered. 

(i) Both circumferential sides are open. 

(ii) The inner circumferential side is open and the 

outer side is closed. 

(iii) The inner circumferential side is closed and the 

outer side is open. 

(iv) Both circumferential sides are closed (i.e. no 

side leakage). 


For case (i), the boundary conditions are 
p’(a, 0) = p’(b,@)=0 or R(a)=R(b)=0 [21] 


By these conditions one gets 


with integer n. The corresponding r, is given by 


_ ne 
~ Inb/a 
For the rest of the cases one or both of the boundary 


conditions are modified so that »» = Oor R’ = 0. The 
corresponding eigenvalues are easily found. 


The eigenfunctions for case (i) are given by 





[23] 


Tn 


sin (7, In r/a) 
R,,(r) = C. — BAR [24] 


with constants C,. Similarly, those for other cases can 
be easily found. 


It is to be noted that the equation for R, can be 
written in the self-adjoint form 


© [tvOR] +2,2 rR, = 0 [25] 


so that with the boundary conditions corresponding to 
the above mentioned cases this equation forms a Sturm- 
Liouville system. Thus an orthogonality condition 
holds. 


b 
ff" 1RRedr = 0, (m+n) 26 


Combining [19] and (24] one finds p’ and consequently 
p as given by [11]. 
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DISCUSSION 


J. S. Ausman (Litton Systems, Inc., 550 Canoga Ave., Woodland 
Hills, California) : 


It is always good practice, after obtaining an analytical solution 
to a technical problem, to compare it with known solutions in 
special or limiting cases. There are at least two such tests which 
can be applied to analytical solutions of self-acting gas lubrication 
problems. The first and easiest test to apply is, “Does the solu- 
tion approach the fully compressible limit as the speed approaches 
infinity?”’ The second test is, ““Does the solution approach the 
complete film, incompressible solution as the speed approaches 
zero?” Let us clarify the first (fully compressible limit) test and 
then apply it to the solution obtained by the authors. 

It is easily seen from the Reynolds’ equation for compressible 
gas lubrication (Eq. [9] with K = 0, for example) that as the 
speed w becomes very large, d(ph)/d@ must approach zero. 

Lim 
Oo d(ph) a 


—> @& 





[Al] 


This means that in this limit the product ph becomes independent 
of 0 
ph =C [A2] 


where C is a constant or, at most, a function of r. 
This is known as the fully compressible solution. 
Applied to the authors’ problem, the fully compressible limit is 


prht =C= pithe |A3] 
or 
pier = Prre2 [A4] 


Eq. |A3] and the boundary condition at 6 = 6; specifies that 
pu = Po [A5] 
which, by Eq. [A4], specifies that 


€ 


2 
Pi = — Po [A6] 
€1 


Eqs. {A5] and [A6] would appear to require a pressure jump at the 
step, but Kochi (A/) has shown that the limit is approached as 
in Fig. Al, so that no pressure jump or discontinuity in pressure 
occurs. 

The question now is, “Does Eq. [14] with K = 0 reduce to 
Eqs. [A5] and [A6] as w > ~?” No, it does not. With the aid 
of the identity 


2nx{l — (—1)" 8/2] sin (7, Inr/a) 
(r/a)3!? 
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Fic. Al. Circumferential pressure distribution in a self-acting 
gas-lubricated thrust stepped bearing at high speed. 


the reader can readily verify that as w (or G,) becomes very large, 
Eq. {14] gives" 


Lim 


Ee, . Saat .. AE ee. [A8] 
Po €2 
The known fully compressible limit is from Eq. [A6] 
moms, és 


Po €1 


The authors’ limiting solution, Eq. [A8], differs from the known 
correct limiting solution, Eq. {A9], both in form and in numerical 
value (assuming ¢2/e; ~ 1). The reason for this discrepancy 
appears to be in the method of matching circumferential mass 
flow rates across the boundary (step) between Regions I and II. 

By making a very subtle but entirely logical change in the mass 
flow condition, Eq. [13], a new solution can be developed which 
will agree exactly with the known limiting solutions. The change 
is simply to multiply both sides of Eq. {13] by pla. the pressure 
at the step. The resulting equation is 








loo \ 1 + 6K The? api | 
Dito > (ho — hy) = (48 7 [ 2° Opi 


ul? 12 Lr 0 
hi opi 
r 06 





60 





] [A10] 
tH) 


Note that the notation |@o has also been attached to the viscosity 
» to emphasize that it is the value of the viscosity at the step. 
Employing the assumptions made previously, in particular that 
the kinematic viscosity »v = u/p is constant and that p is propor- 
tional to p (isothermal assumption), we see that the quantity 
p/p» must, for consistency, be assumed constant. In other words, 


- = —— = — [All] 
where yo is the value of the viscosity at ambient pressure po. 


Substituting Eq. {A11], as well as Eq. [11] and [12] into Eq. 
[A10], we obtain 





1 The preprint copy actually gives 


Lim od 
gS p= (1-2) 
Po €2 
but this would give rise to a negative load or suction effect. 


There apparently is a minus sign omitted from Eq. [14] or from 
the definition of A or of B. 


























Gas Lubricated Step Bearing 303 








6yow €1 sin (7,1nr/a)[ , As,| 
> 1-- = F,, 3 72 €2 | 
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Note by comparison with the equation following Eq. [13] that a 
new term appears in the right-hand side and that the somewhat 
ambiguous quantity yu is replaced by uo, the viscosity at ambient 
pressure. The assumption of constant kinematic viscosity, 
remember, was equivalent to assuming that the dynamic viscosity 
uw varies in direct proportion to the density which, in turn, varies 
in direct proportion to the pressure p (isothermal assumption), 

If the remainder of the solution is carried out from this point» 
Eq. [A12], in the same manner as that employed by the authors, 
it is found that the signs of two of the terms in the denominator 
of B(K, uo w/e:?po) are reversed. What’s more, the reversal of 
these signs is just sufficient to change the limiting solution as 
w— © to be exactly the same as the correct fully compressible 
limit given in Eq. [A9}. 








The moral of this story is that if a simplifying assumption is 
made to the differential equation, the same assumption must be 
made consistently throughout the remainder of the problem in- 
cluding the boundary conditions. 
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AutTuors’ CLOSURE: 


The authors agree with Dr. Ausman and appreciate his pointing 
out the ambiguous treatment of » which appears in Eq. [13]. 
This » has the particular value at the step and should be com- 
bined with the particular value of p at the step to give yo/po. 
As shown by Dr. Ausman our equation (next to Eq. [14]) should 
be corrected as [A12] in the discussion. Consequently, in the ex- 
pression for F,, an extra term —G,[1 — (€1/e2)]@n\e, should appear 
in the square brackets of the denominator. Also, thereafter yu 
should imply uo. In the final pressure formula, this causes a 
change in the coefficient of [—3/(1 + 6K)](u0Q/ey?po) in the 
square brackets of the denominator of B from 1 to (e2/e, — 1/2). 
For e2/e; = 2, this is a change from 1 to 1.5. Since M, and N, 
are comparatively large numbers (ro = 6.564) the present numer- 
ical results may be affected only slightly. 


The error resulted from careless mathematical manipulation 
but not from a lack of consistency in the assumptions involved. 

It should be pointed out that the mathematical tests mentioned 
by Dr. Ausman might be misunderstood to imply that the corre- 
sponding limiting solutions represent the actual physical situa- 
tions. The two limiting solutions based upon Eq. [9] are purely 
mathematical limits having little physical significance. Before 
discussing this point, a few remarks will be made in the present 
context. 

It is well known that if the Mach number is small (subsonic) 
a flow behaves qualitatively similar to an incompressible flow 
with corresponding geometry. However, an incompressible fluid 
does not exist in reality. This isa fictitious but nevertheless con- 
venient physical model; fictitious in the sense that the speed of 
sound is assumed to be infinite corresponding to p = const. 
Consequently, in an incompressible flow the Mach number is 
assumed to be zero even for a nonzero characteristic flow velocity, 

Our solution for low Mach number and low Reynolds number 
flow may at first appear to be carried over to the corresponding 
solution for an incompressible flow by a simple limiting process: 
M —Oand K —0. This is not true in the present case. Since 
the equation of state p = pRT has been combined with the 
isothermal assumption 7’ = const., p is proportional to p. If 
we pass on to the limit p = const. then a trivial solution p = 
const. would be arrived at which is correct only when Q = 0, 
whereas, our solution for an incompressible flow is obtained with- 
cut using the equation of state. 

Now consider the first of these tests, “‘Does the solution ap- 
proach the fully compressible limit as the speed approaches 
infinity?’ The limit Q — © in a compressible flow actually 
corresponds to M — o and Re— ~. Clearly Re — = violates 
the reduced Reynolds number requirement. Therefore, the 
governing differential equation Eq. |9] no longer holds. Further- 
more, since the heat generation or the temperature increase due 
to viscous dissipation is proportional to M?, the isothermal 
assumption becomes entirely inadequate in the presence of solid 
boundaries, not to mention the real gas effects such as dissocia- 
tion or ionization which require the modification of the equation 
of state etc. Thus the ‘fully compressible limit’? with discon- 
tinuously isolated flat plateau pressure distribution for the 
Region 1 has no physical significance. 

As to the second test: ‘Does the solution approach the com- 
plete film, incompressible solution as the speed approaches zero?”’, 
it should be noticed that this limit Q — 0 implies that there is no 
fluid motion. Therefore, this limit certainly corresponds to the 
trivial solution not only for an incompressible fluid but also for a 
compressible fluid as well. 
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An Approximate Analytical Solution for Self-Acting 
Gas Lubrication of Stepped Sector Thrust Bearings 


By J. 8S. AUSMAN! 


Certain approximations are made which permit linearization of the pressure (Reynold’s) equation for 


compressible lubrication as well as separation of variables. 


A series solution to the resulting approxi- 


mate equation is then developed to obtain estimates of the pressure and load for self-acting stepped 


sector thrust bearings. 


Numerical solutions are presented showing the optimum number of sectors, 


the optimum step location, and the optimum depth of the step to achieve maximum load carrying capacity. 
A design chart permits rapid estimation of the load-deflection characteristics for optimized stepped 
sector thrust bearings covering a wide range of nominal operating conditions. 


Introduction 


Se.r-acTinG thrust bearings can take on so many 
different geometries that a systematic study of such 
bearings is a monumental task. Even a study confined 
to fixed shapes rather than pivoted or tilting pads 
should include inclined planes, single or multiple steps, 
and all manner of concave and convex curved surfaces. 
In addition to this infinity of circumferential film varia- 
tions, radial variations are alsocommon. These include 
ridges to restrict side flow (1), spiral-grooves (2), and 
herringbone patterns (3). 

Lord Rayleigh (4) helped to narrow down the number 
of geometric variables for practical applications by 
showing that, for incompressible lubricants and with 
side flow neglected, the stepped configuration (two 
regions of constant but different gap heights) produces 
the greatest load-carrying capacity. This advantage 
largely disappears when side-leakage effects are included 
(6), but the stepped slider can still be counted among 
the best shapes for self-acting thrust bearings. Even 
if it could not, the stepped sector would still deserve 
attention because it is probably the most convenient 
shape to manufacture. 

Archibald (5) has obtained a series solution for in- 
compressible lubrication of stepped sector bearings. 
In the case of incompressible lubrication the differential 
equation reduces to the well known Laplace’s equation 
for which several methods of solution are available. 
When the analysis includes compressible lubricants, the 
differential equation becomes nonlinear, and certain 
approximations or assumptions are necessary in order 
to obtain an analytic solution. Such a solution, though 
approximate, may still be useful because it gives a 
broad overall description of the bearings’ characteristics 
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and because it permits at least a limited extrapolation 
from a specific test bearing or from a finite-difference 
computer solution. 

Compressible lubrication solutions with side-leakage 
neglected were first obtained by Harrison (6). An ex- 
tensive set of solutions to his equations for stepped 
bearings has been compiled by Kochi (7) who de- 
termined the optimum step location to produce maxi- 
mum load. Mow and Saibel (8) found an approximate 
(linearized) solution for finite gas-lubricated sector 
bearings of a rather peculiar geometry. With one 
additional approximation, their method seems appli- 
cable to the stepped sector bearing, the subject of this 
paper. 





Nomenclature 

A, B,C, D, E, F Constants 

b Ratio of inner to outer radii (or 
diameters) 

Jo(zx) Bessel function of first kind, 
zero-th order 

J1(z) Bessel function of first kind, first 
order 

K or K; Eigenvalues 

k or k; Constants 

n Number of thrust pads 

No(z) Bessel function of second kind, 
zero-th order 

Ni (2) Bessel function of second kind, 
first order 

Pp Pressure 

Da Ambient pressure 

os See dimensionless pressure 
nW . 

e = R21 — By’ bearing load per 
unit area 

Q Mass flow rate per unit width 

Q* Approximation to Q 

q t/s, compression ratio 


























% 
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Outer radius 

Radial coordinate 

Constant radius in approximation 
for circumferential mass flow 
rate 

Dimensionless radial coordinate 

A, 3yuwR? 

202s 2p, 8? 

Minimum clearance or trailing 
edge clearance 

At * Suwh? 

202-2 pal? 

Leading edge clearance or clear- 
ance in region of step cutout 

Velocity of fluid 

Load on a single thrust pad 

A function only of r 

A function only of 6 

Jo(z) a kNo(z) 

Ji (x) — kN, (x) 

Axial coordinate 

+(T? + (K/n)2 

+ [8? + (K/a)2}1” 

o +7, total pad angle 

t — s, depth of step 

Angular width of groove or space 
between thrust pads 

Angular coordinate in cylindrical 
coordinate system 

6uwh?/p.s?, compressibility num- 
ber based on minimum clear- 
ance 

6uwh?/pat?, compressibility num- 
ber based on leading edge 
clearance 

6uwh?/p,A?, compressibility num- 
ber based on depth of step 

R/r; 

Viscosity of gas lubricant 

Mass density of gas lubricant 

Angular width of leading edge 
sector (region t) 

Angular width of trailing edge 
sector (region s) 

Angular velocity 





refers to ambient 

(1,2,3,...) refers to terms in 
series solution 

refers to radial 

refers to circumferential 

refers to region of lesser clearance 
(trailing edge sector) 

refers to region of greater clear- 
ance (leading edge sector) 

refers to value at the step 

refers to incompressible solution 


Describing equations, assumptions and approximations 


Figures 1A and 1B depict the geometry of a typical 
stepped sector thrust pad. The upper (plane) surface 
rotates with a constant angular velocity w while the 


8 (for region t) 





-8 (for region s) 


DEEP GROOVE 


UPPER THRUST PLATE ROTATES WITH ANGULAR VELOCITY w 


 SAPELAMIP PERO. ma 
| :, 
BS 


SECTION A-A 
(NOT TO SCALE- CLEARANCES GREATLY EXAGGERATED) 
B 
Fic. 1A. Plane geometry of stepped sector thrust pad with 
upper thrust plate removed; 1B. Sectional geometry of stepped 
sector thrust pad. 














lower (stepped) surface remains stationary. Radial 
grooves of angular width 6 admit air or other gas at 
ambient pressure pz all along the leading and trailing 
edges of the thrust pad. The pad itself is divided into 
two sectors, one being recessed by an amount A relative 
tothe other. The larger clearance in the recessed region 
is t while the smaller clearance is designated s. The 
lubrication equations are to be solved separately for 
each region and the two solutions matched at the step 
of depth A = t — s which separates the two sectors. 

In cylindrical coordinates, r — @ — z, the compressi- 
ble lubrication equations for slider bearings take the 
form (8): 





op 0V, 
or . 02? (1) 
1 dp 02V, 
r 00 ° 02? (2] 
pV, te) 1a 
aR geo i Pay Aye 
ste Wn +2 or <6 BI 


or 
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Q, 0Q, 1 dQ6 = : 
ce ean [8a] 


f=* a 


Pa Pa 


where p is the local pressure of the gas lubricant; Q, is 
the radial mass flow rate per unit circumferential 
width; Q» is the circumferential mass flow rate per unit 
radial width; V, is the radial (r) component of lubricant 
velocity; V» is the circumferential (6) component of 
lubricant velocity; u is the lubricant viscosity; and p is 
the lubricant density. 

The following assumptions are implicit in Eqs. [1] 
through [4]: (a) The flow is steady (not varying with 
time); (b) The film thickness is at least two orders of 
magnitude smaller than r or 70; (c) The axial (z) com- 
ponent of velocity and its derivatives are negligibly 
small; (d) The gas lubricant behaves as a perfect gas 
and compresses and expands isothermally within the 
bearing. 

In order to avoid needless repetition, detailed analysis 
will henceforth be restricted to the region of greater 
clearance ¢. It is understood that the same analysis 
holds for the region of lesser clearance s, and the results 
for region s will simply be stated without proof. The 
chief difference in the equations is that in region ¢, 6 goes 
from zero at the leading edge of the bearing to 7 at the 
step while in region s, 6 goes from —o at the step to 
zero at the trailing edge of the bearing. The purpose in 
defining @ differently in the two regions is for con- 
venience in satisfying boundary conditions. 

Integration of Eqs. [1] and [2] with respect to z with 
boundary conditions — V,(z = 0) = 0; V,(z = t) = 0; 
Ve(z = 0) = rw; Ve(z = t) = 0 — results in 


1 op 
V, = —— (22 -—¢ 5 
ee) (6 
1 Op rw 
VY =——(@-#)+—(¢- 6 
5 -Se@-H)+20-) 6 
Mass flow rates determined from Eqs. [5] and [6] are 
‘ pt? dp 
= V,dz = — —— — 7 
Q , Pe 12 or [7] 


Qo 


. put pt? *P 
Ved Soe 8 
of ity | 12ur2 30 (8) 


At this point it is convenient to introduce Eq. [4] and 
to make the linearizing approximation that the coeffi- 
cients of the pressure gradient terms in Eqs. [7] and [8] 
are constants. That is, 





“ Pa\ Pat® Op _ 

YY =@* = —([— aa 9 
i? a 

= * — Dut sia Pat® (+) * Pa 10 
sr al 2 1%\r2) lp, "4 


where 7; is some constant radius intermediate between 
the minimum (bf) and the maximum (R) radii. 


There are really two separate approximations in- 
volved in going from Eqs. [7] and [8] to Eqs. [9] and 
[10]. The first is the substitution of p. for p( or pa for p) 
in the coefficient of the pressure gradient terms. This 
approximation is necessary to obtain a linear differential 
equation in p. It is hereafter referred to as the lin- 
earizing approximation. The second approximation 
is the replacement of the variable r~? in Eq. [8] by the 
constant r;~?. This approximation is necessary to 
obtain a differential equation which is separable in 
rand @. It is hereafter referred to as the separating 
approximation. 

The linearizing approximation is equivalent to ignor- 
ing the effect of compressibility on the pressure gradient 
terms. Taylor (9), who first employed this approxi- 
mation, asserts that the greatest effect of compressibil- 
ity is still retained by the w-term in Eq. [10]. One can 
better appreciate this argument by observing that the 
approximation does not alter the character of the two 
asymptotic solutions as w — © and as w—0. 


In the first case as w — ©, the term (1/2)prwt pre- 
dominates in the flow rate equations as does the corre- 
sponding term — the right-hand side of Eq. [11] — 
in the Reynold’s equation. All the other terms become 
negligible by comparison. As this predominant term 
is unaffected either by the linearizing or by the separat- 
ing approximation, the linearized separable equation is 
still correct for the case of w— © in spite of the two 
approximations. On the other hand as w—0, the 
pressure p approaches the ambient pressure p, through- 
out the bearing (/0) and the linearizing assumption 
(which replaces p by pa) becomes better and better. 

The separating approximation (which replaces r~? 
by 717?) is not necessarily precise as w — 0, but it seems 
quite reasonable in view of the fact that fairly good 
solutions to the lubrication equations can be obtained 
for finite-width bearings by completely neglecting the 
dp/d0 term in Eqs. [8] and [10] (11). The separating 
approximation is certainly no worse than Ocvirck’s 
short bearing approximation, and it is probably some- 
what better by virtue of approximating the dp/d0 term 
instead of omitting it altogether. Because the separat- 
ing approximation introduces the greatest error as 
w—0, the somewhat arbitrary constant r; can be 
selected (within the limits bR <r; < R) to minimize or 
eliminate the error altogether for w—0. It is well 
known [see Ref. (10) for example] that as w — 0 gaseous 
lubrication can be considered as incompressible. This 
means that the arbitrary constant r; can be chosen so 
as to force the approximate analytical solution de- 
veloped herein to coincide with the Archibald incom- 
pressible solution (5) in the limit as w—0. The 
method of matching the two solutions in the limit will 
be taken up in a later section. First, let us continue to 
develop an approximate equation which can be solved 
analytically. 
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Substitution of Eqs. [9] and [10] into [3a] yields the 
linearized, separable Reynold’s equation 
d’p , ldap 


“se wie ee 


r12 062 
Introduction of the dimensionless variables 


= P — Pa 








p= [12] 
Pa 
and 
- fT 
aes” 
converts Eq. [11] to the dimensionless form 
ap 1 op ap Op 
—— ee 2 P = A ce 13 
2 tt apt aez—t* «88 [13] 
where 
_ 6uwkh? 
= Dal? 
and 
R 
h=— 
rT) 


The following boundary conditions are to be imposed 
on the solution to Eq. [13]: 


(a) p=Oate=0 [14] 
(b) p=Oatr=b [15] 
(c) p=Oatr=1 [16] 
(d) (0 = 7) = B,(0 = —c) = Dg [17] 
© (8), (2) 
00 /o-+ 00 Joe 
> 6yuwr1? 


(¢—s)(1 +f.) [18] 


a 


The first three conditions express the physical require- 
ment that the pressure p equal the ambient pressure p. 
around all edges of the bearing. The last two condi- 
tions express the physical requirements at the step 
between regions ¢ and s that the pressure be continuous 
and that the mass flow rate per unit radial width be 
continuous across the step. The last boundary con- 
dition [18] is derived from the approximate form for the 
circumferential mass flow as given by Eq. [10] and its 
counterpart for region s. 


(Qor*)o-r = (Qus*)o—o [19] 


This relationship together with condition [17] above 
in which 


pi(@ = r) = p.(6 = —o) = pall + Da) [20] 


combine to yield condition [18]. 


Solution 


Equation [13] can be solved by the standard technique 
of separation of variables. Let 


B= X(7)- Y(@) [21] 


where X (7) is a function only of 7, and Y (@) is a function 
only of @. 

Equation [13] then separates into the two ordinary 
differential equations 


1 
X" 4+-X'+K2X =0 [22] 
r 


A 3 
yy — yr (4) Y =0 [23] 


where K? is the separation constant. 
The general solutions to Eqs. [22] and [23] are 
X = Jo(K7) — kNo(K7) [24] 
Y = Ae™[sinh ad + D cosh a] [25] 
where A, D, k, and K are constants to be determined by 
the boundary conditions; Jo and No represent zero-th 


order Bessel functions of the first and second kind, 
respectively; T = A;/2d?; and 


an E nm aise [26] 


Boundary condition [14] specifies that D = 0 in Eq. 
[25], while boundary conditions [15] and [16] require that 
Jo(Kb) — kNo(Kb) = 0 [27] 
and 
Jo(K) — kNo(K) = 0 [28] 
Equations [27] and [28] are satisfied if and only if 
Jo(Kb)No(K) — Jo(K)No(Kb) = 0 [29] 


Values of K = K; which satisfy Eq. [29] are the Eigen- 
values and are listed on pages 204-206 of (12). Equa- 
tion [27] or [28], together with [29], also determine the 
constant k. 

Jo(Kib) _ Jo(K;) 


Rg No(Kd)  No(Ki) 





[30] 


To summarize at this point, the solution for the dimen- 
sionless pressure # has the functional form p = X- Y 
or because linear combinations of solutions are also 
solutions 


B= 2D X.-Y; [31] 

where 
X;= Jo(Ki") = kiNo(Kir) a0 Zo(K 7) [32] 
Ae™ sinh a 


Y;= R 
Bye™ sinh 66 


in region ¢ 


[33] 


in region s 
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At 
T = 

2d? 

A, 
S == 

2n? 


and K; satisfies Eq. [29]. 

The arbitrary constants A; and B; are determined by 
the boundary conditions [17] and [18]. Condition [17] 
specifies that 


>> Zo(K#)[A ee? sinh ar + Bye~S* sinh B;o] = 0 [34] 
i=l 
and condition [18] requires that 
> Zo(K#) {A e™[@3T sinh air + ga; cosh ar 
i= 


—2S(q — 1) sinh a7] 
+ Be-S |S sinh Bio — B; cosh Bo]! = 2S (q > 1) [35] 


where 


¢ = 


aio 


Reference to a standard text on Bessel Functions 
will show that Zo(K,7) is an orthogonal function on 
the interval b < 7 < 1, so that Eq. [34] and [35] may be 
identified as Fourier-Bessel expansions. That is, a 
function f(7) can be expanded in a series of Bessel 
Functions, Zo(K,7), on the interval b <7 <1 (pro- 
vided Zo(K.b) = Zo(K;) = 0) according to the formula 


f(7) = zr CZo(K i) 
where 
1 
2 J 7Zo(Ka)f(F) a 


C= Z(KoP — Pla (Ka)P 





and 
Zi(Kz) = Ji\(Kz) — kiNi (KZ) 


Equating coefficients of the series terms on the left-hand 
side of Eqs. [34] and [35] to the corresponding coefficients 
in the Fourier-Bessel series expansion of the right-hand 
side yields, from Eq. [34] where f(7) = 0 


AT’ sinh a;r + Bje~S* sinh Bjo = 0 [36] 
and from Eq. [35] where f(r) = 2S(q — 1) = constant 








sor mentte +2 ~ 2816 — 1) 
ee ee. ees 4 
; B: 
B; So io S ii 
+ Ba ae | tanh =| [37] 
4S(q — 1) 





~ Kid (Ky) + KbZy(Kd) 


Equations [36] and [37] suffice to determine the 
constants A; and B;. When these are substituted back 
into Eq. [33], the dimensionless pressure finally becomes 





i h a@ 
i)? DE: Zo(K 7) ee aS eT@-”) in region ¢ 
Inn a;r 
38 
ae sinh 8,0 P : - 
bs —EZo(K; Me ca. eS+*) in region s 
7 sin iS 
where 
' K.Z\(Ki) + KbZ1 (Kd) 
1 [39] 





“(@a;/tanh air) + (8;/tanh Bic) — S(q — 1) 


Bearing load 


The bearing load W per pad is obtained by integrating 
the pressure rise, Pp — Pa = Pap, over the area of the 
sector thrust pad. 


rere 


In terms of dimensionless variables, Eq. [40] is 


W il T 0 
nto | ‘[ f p dé + [paola [41] 


Direct integration, after substitution for p from 
Eq. [38], yields 


y @ 
W 2 EF; 


“Deb ao] dr [40] 














= los + Pos 
pak? 24 Ks (Fo; + Fs;) [42] 
where 
Fi; = KZ, (Ki) — KbZ, (Kd) 
a; a,e~ 7? 
Fo; = — T —- —— 
. tanh a;r sinh a;r 
* pse 
F3; = ae +a > ee. 
tanh Bo sinh Bo 


Equation [42] together with Eq. [48] derived in the next 
section were programmed on a high speed digital com- 
puter. Several trial runs using the first ten terms in 
the series revealed that five terms were sufficient for 
1% accuracy for the worst possible set of parameters in 
the range of interest. For the remainder of the calcu- 
lations including all results shown in this report, the 
series was truncated after the fifth term. For example, 
= Ay = 40,q = 2,6 = 0.5,7 = 15 deg, and o = 34.5 
eg, 





Ww 
5 = 4.0969 + 0.0108 + 


2 
Dalt lst term 2nd term 


0.0692 + 0.0006 + 0.0078 = 


3rd term 4th term 5th term 


100 X 
4.1853 [43] 
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Typically, the odd-ordered terms tend to predominate 
as in the above example. Convergence is slowest for 
high qg, large A,, and small 6b; but even for q = 5, 
A, = 160, and b = 0.2, the first term accounts for 
more than 87% of the total while the fifth term con- 
tributes less than 2%. 

Whereas Eq. [42] provides the load W per each 
sector pad, the total bearing load is nW, where n is the 
number of such pads. If all the pads are identical, 
n is given by 

2r 2r 


" e+e48 448 


In other words, the total sector pad angle plus the 
width 6 of the groove between pads is such that it 
divides into 27 (or 360 deg) an integral number of 
times. The angular width of the groove was assumed 
to be 6 = 2 deg in all of the calculations carried out for 
this report. 





[44] 


Determination of 


At the outset of this investigation it was hoped that 
the solutions calculated by the method herein described 
would be nearly independent of the value of \ (or 7) 
selected so that almost any reasonable value of \ could 
be used to generate useful results. This presumption 
was born out at large values of A,. Unfortunately, 
at small A, the solutions are more sensitive to \ than 
one would like. For reasons presented earlier during 
the discussion of the separating approximation as 
w — 0(A, — 0), this possibility was anticipated. 

As pointed out at that time, it is known that in the 
limit as A, (or w) approaches zero the compressible 
solution must approach the incompressible solution (10). 
The natural choice for \ then is that value which makes 
the compressible solution obtained herein agree with 
Archibald’s incompressible solution (5) as A, approaches 
zero. 

Kochi’s work (7) indicates that as A, — 0 the pres- 
sure at the step approaches its limiting value (incom- 
pressible solution) more quickly than does the load 
itself. For this reason, the pressure at the step is used 
in preference to the bearing load to formulate a con- 
dition on }. From Eq. [38], the dimensionless pressure 
at the step is for A, - 0 

= 2A,(q—1)8 3 Zo(K*) 

: K?{Zi (Ki) + 641 (Ko)] 

1 


‘[q3 coth (Kir/d) + coth (Kio/d)] 


and from Ref. (5), Archibald’s incompressible solution 
gives for the dimensionless pressure at the step 


(Ba)ine = 2Ag(q — 1)3v 





Aa 0 r fame 





[45] 





> [b? — (—1)™] sin (mmy/») 
L> (m?x? + 4v2)[q3 coth (mar/v) + coth (mra/v)] 
[46] 


where y = log 


oo. te 


1 
and v= log * 


The two series have obvious similarities but are not, 
in general, equivalent, one being a series of Bessel 
functions and the other a sine series. One could choose 
\ so as to match pressures at a certain radius, but then 
the question arises as to which radius to select. A 
better procedure is to average the pressure at the step 
over all radii on the interval b < r S 1 and to choose d 
so as to match these average pressures. 


as a 
al ame Bas &-—,f 7 (Pa) ine UF [47] 


The weighted average (weighted by 7) is used in 
preference to the simple, unweighted average to simplify 
integration of the Bessel function. Furthermore, it 
could be argued that the pressures should be weighted 
in this manner because the load integral also weights 
them in the same way. 

Substituting [45] and [46] into [47], integrating, and 
solving for \, we obtain 


2 1 E (Ki) — bZ, ee) 
4 Ki LZi(Ki) +62, (Kd) 
= - 

z b2 — el 
. 2" eg +42 


K; Kio |"! 
G coth + + eoth =] 


; =1 
G coth — + eoth “me 
v 


Vv 




















[48] 





Equation [48] is solved by iteration. A trial value 
of \ is substituted into the right-hand-side of [48] so that 
a new value of \ can be computed. This new value is 
next substituted back into the right-hand-side to com- 
pute a better value for A. This process is repeated 
until two successive values of \ agree within the ac- 
curacy desired, | \i,1 — 4, | < 0.01 for the cases com- 
puted in this report. Generally only one or two itera- 
tions are required after starting with an initial value of 
ho = 2/(1 +b), which corresponds to 7; equal to the 
mid-radius. 


Discussion of results 


Archibald (5) pointed out that for incompressible 
lubrication of stepped-sector thrust pads there is an 
optimum location of the step which will produce max- 
imum load. He further postulated the existence of an 
optimum number of pads which would also maximize 
the load. To verify the existence of these maxima for 
compressible lubrication, loads were computed for 
bearings in which the step location and the number of 
pads were varied separately. The results are plotted 
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TABLE 1 
Optimum Number of Pads and Location of Step for Maximum Load at a Compression Ratio of Two q = t/s = 2, = 2 deg 
a, A, = A,—> 10 20 40 80 160 
n= + 4 3 3 3 
.20 t/y = 45 39 .26 16 10 
P/p. = .064 141 .286 470 .638 
n= 5 5 4 4 4 
30 t/y = 45 39 .29 .20 12 
P/p. = .059 131 .270 457 .622 
n= 6 6 5 5 5 
40 t/y = 46 39 31 .23 14 
P/p. = .053 119 .248 431 .602 
n= 8 7 7 6 6 
50 t/y = 48 39 .33 .23 14 
P/pa = 046 103 .219 397 572 
n= 11 10 9 8 7 
.60 t/y = A9 42 36 .25 ag 
P/pDo = .038 .084 .184 349 .530 
n= 15 14 12 11 9 
.70 t/y = .50 45 36 .28 EY 
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n= 18 17 15 13 11 
75 t/y = 51 46 37 .28 19 
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P/p. = 019 041 091 195 363 
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in Figs. 2 and 3 for several different values of the com- 
pression ratio. The maxima standout clearly. 

Figures 2 and 3 further show that the optimum 
number of pads and the optimum step location are not 
very sensitive to the compression ratio. This fortuitous 
circumstance means that the optimum bearing di- 
mensions (step location and number of pads in particu- 
lar) can be determined at a fixed compression ratio 
(q = 2 for example) and they will still be optimum or 
nearly optimum throughout the normal operating 
range of compression ratios. 

One of the first steps in designing a stepped-sector 
thrust bearing will be to determine the optimum num- 
ber of pads and step location. For this purpose Table 1 
was prepared. It gives the results of a digital com- 
puter program based on Eqs. [42] and [48] which auto- 
matically sought out the optimum combination of the 
number of pads and step location to achieve maximum 
load. Table 1 lists the optimum number of pads, 
optimum location of step and the resulting load for a 
compression ratio g = 2, radius ratios b = 0.20 to 0.80, 
and the compressibility numbers A, = 10 to 160. 


The remaining bearing characteristics of chief interest 
are the optimum step depth and the variation of load 
with minimum clearance or with compression ratio. 
These characteristics are presented in combined form 
in Fig. 4. The solid lines show the effect of varying 
the minimum clearance while holding the step depth 
fixed. The dashed curves show that there is an opti- 
mum step depth which maximizes the load for a given 
value of minimum clearance. In order to achieve 
maximum ultimate load capacity, the designer will 
generally wish to choose an optimum step depth for 
the highest compression ratio (smallest minimum 
clearance) anticipated in practice. Once the step depth 
is selected, the bearing operating characteristics (load 
vs minimum clearance) are given by one of the solid 
lines in Fig. 4. 

As an example of how to use Fig. 4 as an approxima- 
tion for bearings other than the particular one (b = 0.5, 
A, = 40) for which the curves were computed, con- 
sider a bearing of b = 0.7 and A, = 8. From Table I 
we find that for b = 0.7 and A, = 10 (the closest to 
the bearing in question), the optimum number of pads 
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Fic. 4. Stepped sector thrust pad characteristics. 
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Note: These curves are computed for a bearing optimized at b = 0.5, g = 2, Ay = A, = 40 (see Table 1). They 
may be used as an approximation for other bearings by appropriately renumbering.the A, and A, curves, but the 


range of validity has not been established. 
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is n = 15, the optimum step location r/y = 0.50 and 
the specific load ratio at a compression ratio of gq = 2 is 
P/pa_ = 0.029. Because the optimized bearing load 
P/pa = 0.029 is for Ax = 10 instead of A, = 40 as in 
Fig. 4, divide all the A, and A, designations on Fig. 4 
by 4. Thus the curve labeled A, = 32 becomes 
A, = 8, which is the operating line for the bearing under 
consideration. For each value of the abscissa A/s read 
off the ordinate intercepted by the A, = 8 curve 
(originally A, = 32) and multiply by 0.029 to obtain 
the specific load ratio for that minimum clearance or 
compression ratio. In this manner, the load vs mini- 
mum clearance curve (dashed line) shown in Fig. 5 
was constructed. To see how this approximation 
compares with the values computed exactly, a second 
line (solid) was computed using Eq. [42] directly. 
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The two curves in Fig. 5 agree so closely that it 
hardly seems worthwhile to use the complicated series 
solution for further computations. The user must be 
cautioned, however, that this is but a single spot check. 
The range of validity for this simplified computation 
procedure has not been established. One should be 
particularly chary of using the simplified procedure for 
the bearings in the four extreme corners of Table 1 or 
for bearings of nonoptimum geometry. 

One final result of general interest is the display of 
specific load ratio as a function of compressibility num- 
ber A, shown in Fig. 6. Probably the most significant 
feature of Fig. 6 is the fact that over a wide range of 
A,, say between 5 and 80, the compressible solution 
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gives a considerably higher load than does the incom- 
pressible solution. 

In concluding this paper a few remarks are in order 
concerning the relative merits of finite-difference com- 
puter solutions vs approximate analytical solutions. 
The data presented in Table 1 and Figs. 2 through 6 of 
this report is the result of some 1400 separate runs, most 
of which were required for the two-way (n and 7/7) 
optimization presented in Table 1. Each of these runs 
took about 1 sec of computer time as compared with 
about 30 min for a finite-difference computer run of the 
same problem. In terms of cost, the same information 
which cost $140 (at $360 per hr computer time) would 
have cost over $250,000 if finite-difference techniques 
had been employed. In addition, the finite-difference 
computer program is a good deal more complicated and 
is correspondingly more costly to program and check 
out. True, the finite-difference results may be more 
accurate (provided a sufficiently fine grid mesh is 
employed), but is it worth the extra cost? In the 
author’s opinion it isnot. If analytical approximations 
are available, the proper application of finite-difference 
computer programs is to spot check a few of the analyti- 
cal results. The analytical solutions can then be cor- 
rected empirically or used to interpolate and/or extra- 
polate the finite difference solutions. 
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DISCUSSION 


S. Cooper (Rolls-Royce Limited, The Old Hall, Littleover, Derby, 
England). 


Introduction 


The author has tackled the difficult problem of deriving non- 
dimension data for use in predicting hydrodynamic thrust bear- 
ing performance for a bearing of practical geometry. 

The paper is a commendable venture as the task is so much 
more difficult than that for journal bearings. The attitude of 
the fluid film, being in a plane transverse to the axis of rotation, 
is unhelpful in the derivation of nondimensional performance 
data. 

It may be pertinent here to indicate what appear to the writer 
as the main obstacles since the author did not list all his diffi- 
culties. (a). No simple nondimensional expression, for general 
use as a compressibility number, appears as a constant coefficient 
of the velocity function in the general Reynold’s equation for a 
sector. The coefficient, without approximations, is dependent 
on the local radius in the film; also the equation is no help in 
indicating a representative value of film thickness to be used in 
this expression. (b). The pressure gradient terms in the 
Reynold’s equation are complicated by functions of the local 
radius. (c). In practical forms of the bearing the fluid film 
thickness is not easily defined analytically as can be done for the 
journal or pad bearings. Practical forms of the bearing surface 
generally contain features defined by two surface levels bounded 
by a step. 


Approximations employed 


As a result of these difficulties some approximations have to be 
made in the numerical solutions and they may be bold approxi- 
mations if the solutions are not to be for one particular bearing 
even if the surface features are fixed. 

In spite of this, theoretical investigations of this nature have 
value in addition to that of the numerical data produced. At 
some stage, experimental investigation will be necessary to assess 
the range of applicability of any theoretical results. A previous 


theoretical understanding should indicate the most profitable 
courses for the experimental work. 

Hence, after realizing the difficulties and the requirement for 
a theoretical understanding, it is not surprising to find the paper 
dealing with simple geometry and some apparently bold approxi- 
mations. 

The two main approximations employed appear to the writer 
both tending towards optimistic results. (a). The neglect of 
compressibility in the pressure gradient terms appears likely to 
lead to too high values of film pressure. (b). The separating 
approximation, which replaces r by a fixed value 7, appears to 
have the same effect at outer radii as would a reduction of radial 
leakage (i.e. an “infinite” bearing effect) and the opposite at 
inner radii. However, the error in r~? should be less at the more 
important outer radii. 

The quantitative effect of the approximations will be better 
understood when experimental results in suitable form become 
available. However, some support for the numerical results can 
be offered here. The writer is engaged in a different theoretical 
approach, using other approximations, with the object of assess- 
ing the virtues of different patterns of surface features. Stepped 
sectors have received but little attention in this work since more 
complex features seem to be advantageous. Also, since so many 
variables are involved, no results are yet available for direct 
comparison. However, after a little extrapolation, checks were 
made at compression ratios of g = 2, 3 and 6 for b = 0.4 and 
Ay = 10, using the data of Table 1 and Fig. 4: satisfactory agree- 
ment was found. The writer’s results for load capacity differed 
relative to those from data in the paper by —8%, —2% and 
+9% respectively. Hence, the above comments on the effects 
of the approximations would not be upheld strongly without a 
reassessment of the writer’s method of solution. 


The results 


In the absence of practical results for comparison, it is not 
easy to assess directly the quality of the results given but a few 
points of interest are evident: (a). The number of pads increases 
as the radial extent of the bearing surface is reduced, thus main- 
taining an approximately ‘‘square’”’ aspect of the sector. The 
overall range of ratio of mean circumferential length to radial 
width is 1.2 . . . 2.0 with a strong bias to the lower end of the 
range. (b). The optimum step position advances as the driving 
function increases in the Reynold’s equation. (c). The number 
of pads increase as A decreases, as would be expected from con- 
sideration of driving function and radial leakage. 


Conclusions 


The author tackled a difficult problem and produced a method 
of solution and a range of numerical results for general applica- 
tion. All this is worth consideration as it stands, but it will be 
of greater interest whén suitable experimental results become 
available for comparison. 


The paper offers an early set of nondimensional data, covering 
a useful range, for experimental investigators and it demonstrates 
the use of some approximations for consideration in theoretical 
analyzes. 


Epiror’s Note: 


Authors are furnished a copy of each discussion and invited to 
submit a closure. Since no closure was submitted for the above 
article, it may be assumed that the author either concurred with 
the discussor or did not feel that a reply was necessary. 








Discussions of Previously Published Papers 


Metallic Contact and Friction between 
Sliding Surfaces* 


1. O. MacConochie.2 An analysis of film formation and fric- 
tional furces present between two heavily loaded contacts is indeed 
a difficult problem and practically defies theoretical analysis. Mr. 
Furey in his paper demonstrates a thorough understanding of the 
phenomena taking place and backs his discussion up with a very 
complete set of experimental results. 

There is only one point which the present discussor believes re- 
quires a more complete explanation. This is in reference to the 
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point that “metallic contact is, in fact, more prevalent than other- 
wise reported.” In his experimental set-up a fixed % inch diam- 
eter metal ball is resting under load on a rotating cylinder. The 
condition existing is one of the most difficult for the development 
of a continuous hydrodynamic film. The writer has stated such in 
an article to be published soon in “Wear” Magazine (Netherlands). 
The information is based upon experimental work carried out on 
a four-ball machine (Admiralty Oil Laboratories, London) where- 





1 By M. J. Furey, published in the April, ‘1961, issue of ASLE 
Transactions, Vol. 4, No. 1, pp. 1-11. 
2 Imperial College, London, England. 
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in it was readily apparent that a wear scar developed even at the 
lightest loads applied to the rotating ball. The author perhaps has 
a tendency to compare his work with point or line contact under 
pure rolling action, a condition which is very favorable for oil 
film formation and entirely different from pure sliding and point 
or line contact. 

His point is well taken that, in the work of Cameron and Mac- 
Conochie (A), that mean oil film thickness as reported can be mis- 
leading. Figure 1 may elucidate this latter point better and illus- 
trate the one which Mr. Furey has raised. He operates his tests at 
a fraction of an ampere, a region in which the current flow across 
the contact zone is continuously interrupted. The technique used 
by both Brix (A2) and Cameron (A1) involves the use of a 1 
ampere current which allows for a continuous flow of current. The 
method presented in the Furey paper indicates the occurrence of 
metallic contacts. The Cameron-Brix technique, on the other hand, 
determines oil film thickness and metallic contacts when they 
occur. 
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P. S. Y. Chu,? A. Dyson,4 and A. Cameron.? In this stimu- 
lating paper, the author is somewhat critical of the voltage dis- 
charge method, which has been used by the lubrication laboratory 
here for some years. Furthermore his results seem, at first sight to 
give answers that differ from those we have obtained. In order to 
study this we have done some experiments using our 4-ball ma- 
chine having 1 inch diameter balls and driven at slow speeds. 

Our electrical circuit is the a-c counterpart of the author’s. It 
enables the entire voltage-current trace to be displayed on the 
screen of a cathode ray tube. It is shown in Fig. B1. The poten- 
tiometer R, R, must be noninductive resistances. 

The voltage drop across the film is, after amplification, led to 
the Y plates. The current produces a potential across the re- 
sistance R, and this is connected to the X plates. Thus the voltage 
and current in the circuit are simultaneously displayed. The peak 
current sensitivity is about 3 cm/mA. 

Figures B2—B7 show qualitatively the voltage-current character- 
istic at constant load and constant speed as the applied voltage 
across the film was gradually increased. In these diagrams, the 
voltage is shown on the vertical axis and the current on the hori- 
zontal axis. 

At low loads the single vertical line shows the voltage varying 
between zero and maximum applied without any detectable cur- 
rent flow (Fig. B2). Figure B3 represents the initiation of the dis- 
charge when current streamers flash from the maximum voltage 
values. In Fig. B4 the discharge is shown fully established while 
Fig. B5 shows the normal “discharge voltage” conditions as found 
by Siripongse and Cameron [Author’s reference (12) ]. 





3 City and Guilds College, London, England. 
4 Shell Research Ltd., Thornton. Temporarily at the City and 
Guilds College, London, England. 
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Providing the applied voltage was kept below 0.2 volts, the “no 
metallic contact” trace (Fig. B2) could be obtained at quite high 
loads. The height of the vertical line gives the dielectric break- 
down in voltage in a manner analogous to that used by Sibley 
(B1). Typical results are shown in Fig. B6 using a straight min- 
eral oil plotted against top ball load for 175 rpm. 

The fact that even at these high loads no detectable current is 
flowing is possibly due to some boundary layer. 

A trace giving results similar to that of the author is shown in 
the photograph of Fig. B7. It is possible to obtain the maximum 
resistance, corresponding to the author’s condition of zero metallic 
contact, from the slope of this graph. This is shown in Fig. B8. 
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The nature of the boundary layer is, it seems, hydrodynamic. 
When the machine is stopped the static ohmic resistance is very 
low and appears horizontal on Figs. B3-B7, hence the layer caus- 
ing the resistance cannot be a fixed oxide film. 

A possible equivalent circuit of the system is shown in Fig. B9. 
The ohmic resistance of the contact is (R) and the two balls rep- 
resent the discharge mechanism. If a very small current is flowing 
the potential across the resistance R is lower than the discharge 
potential, hence the system behaves as an ohmic one. If the cur- 
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rent is large the voltage drop is larger than the breakdown voltage 
so the current flows on a discharge. 

This is a very much idealized picture but it explains most of 
the observations. 

It appears then that the author, using as his criterion for 
metallic contact a resistance of 10* ohms, is considering the first 
start of contact. We find that when the voltage breakdown is 
zero the system is about to seize, ie. we are considering the con- 
ditions of breakdown of lubrication. 

It is interesting to note that in some early work on thrust 
bearings the ratio of the load required to produce initial contact 
to that causing seizure was about 55 (B2). 

We would like to ask the author if he has any data on whether 
the resistivity of the oil in very thin films is the same as that in 
bulk. Needs (B3) and Salomon (B4) have observed that resist- 
ance is less for these very small thicknesses. 

We have been unable to reproduce the author’s Fig. 8. Are we 
to assume he obtained the percentage of metallic contact by 
smoothing the voltage giving a voltage V,,,,,, and dividing this 
by the maximum applied voltage V (15 mV)? Using this method 
we found that (V,.4,/Vmax) Was a variable quantity dependent 
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on the applied voltage. Some of our results (for a light paraffinic 
distillate) are shown in Fig. B10. We cannot obtain the sharp 
transition shown in the author’s Fig. 8. 

We have studied the author’s paper with some care as it seems 
to us most important that the various workers in this field should 
be able to correlate all their results the one with the other. We 
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hope to publish in full the remaining parts of this investigation, 
but would like the author’s views on this application of his 
method to our 4 ball machine. 
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AUTHOR’S CLOSURE 


There is obviously a good deal of disagreement about the 
amount of metallic contact existing in the ball-on-ball or ball-on- 
cylinder sliding system. Professor MacConochie believes that it is 
almost impossible to prevent contact with such a system even at 
the very lightest loads. Professor Cameron, on the other hand 
[Reference (12) in the paper], believes that this system can carry 
fairly heavy loads under sliding conditions without metallic con- 
tact, and has gone to some lengths to try to demonstrate that the 
increased friction in such a system is due to an increase in vis- 
cosity caused by the high pressures between the moving metal 
surfaces. Our own view, as stated in the paper, is that hydro- 
dynamic films can indeed be established in the ball-on-cylinder 
system under sliding conditions but only at the lighter loads. The 
excellent agreement between the amount of metallic contact and 
the amount of wear observed on the cylinder strongly supports 
the correctness of this view. 

It is obvious also that there is considerable disagreement about 
the interpretation of the data from the various electrical measure- 
ment techniques. Professor MacConochie believes that the Brix- 
Cameron technique can be used both to detect metallic contact 
when it occurs and to measure oil film thickness. However, when 
Professor Cameron used this technique to study the lubrication of 
the four-ball machine [Reference (12)], he reported only the oil 
film thickness, and attributed the occurrences of zero voltages not 
to metallic contact but to bits of dirt forming a bridge between 
the two surfaces. Furthermore, many of the experiments reported 
in the literature using this technique did not use an oscilloscope to 
observe the results, but relied on “average” values from a meter. 
With these “average” values, it is impossible to distinguish be- 
tween current flow through the oil film and current flow through 
metallic contacts. 


In his comments, Professor Cameron reports some new results 
using an a—c system. We are unable to compare these results with 
our own because there are not enough details given on the ex- 
periments of Cameron. For example, it would be most helpful to 
know not only the values of the resistances R, and R, but also 
the specific conditions (e.g. applied voltage) under which the 
photographs were obtained. It might also be pointed out that the 
system used by Professor Cameron is not the “a—c counterpart” 
of our d—c system. In our system, the oil-film resistance is in 
parallel with a shunting resistance, so that the voltage across the 
film can never be more than 0.015 v. In Professor Cameron’s ap- 
paratus, the oil-film is indicated to be in series with the other re- 
sistances, so that when no current flows the voltage across the 
film is the full impressed voltage (up to 6 v). This may explain 
why the two methods do not agree. 

It is interesting, however, that even with this technique, Pro- 
fessor Cameron does not observe any current flow at low voltages 
even at fairly sizeable loads. In view of Professor MacConochie’s 
statement that the condition existing in a point-contact sliding 
system is “one of the most difficult for the development of a con- 


tinuous hydrodynamic film,” it is difficult to see how such a result 
could be obtained. 

We think that in lubrication research, valuable information can 
be obtained from electrical resistance measurements as well as 
from electrical discharge measurements although each method 
may produce results which are not always easily interpreted. How- 
ever, as Professor MacConochie has already pointed out, the 
current in our tests is but a fraction of an ampere (usually a few 
amperes), whereas in the Brix-Cameron method, the current is 
much higher—namely, one ampere. As mentioned in the present 
paper, we have found that increasing the voltage to bring about 
discharge not only caused deposits to form but also increased 
friction and the amount of surface damage. We have also pro- 
duced “growths” having purely resistive characteristics between 
steel surfaces immersed in oil under discharge conditions. They 
appear to be a form of carbon. The effect of voltage on surface 
damage is not inconsistent with results reported by Professor 
Cameron himself in an interesting paper which showed that scuf- 
fing in a system was related to the total energy input—whether 
this be mechanical or electrical (C1). In the presence of antiwear 
or “EP” additives, the input of appreciable amounts of electrical 
energy to the system could very possibly cause certain chemical 
reactions (e.g. thermal decomposition of the additive) to occur. 
Accordingly, we feel that the use of such saturation currents in 
lubrication experiments must be checked very carefully to de- 
termine whether or not some of the effects observed are actually 
due to the measuring technique. 

In our own future work, we hope to extend the studies to other 
geometrical systems and to use additional methods of measure- 
ments. In this way we hope to learn more about the phenomena 
involved in this controversial field of boundary lubrication. 

In closing, I should like to thank all of the discussors for their 
stimulating contributions. 
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Friction and Wear of Metals in Gases Up to 
600 C' 


W. W. Shugarts, Jr.2 The authors have made a significant con- 
tribution to the field of friction and wear in controlled environ- 
ments. 

The paper states that all samples were cleaned by a thorough 
wash in acetone. It would be of interest to know if any check 
was made of the reproducibility of the degree of cleanliness from 
test to test. 

The authors note the surprising wear and friction results in 
vacuo and helium. It is unfortunate that the possibility exists, 
as they describe, for either greater oxygen content in the helium 
or oil vapor contamination in the vacuum atmosphere as an 
explanation of the results. Perhaps it is possible to produce a 
pressure of about 10-3 mm Hg with a controlled leak of helium 
and see how the friction and wear results compare with those 
presented. 

It might be well if the authors could describe more completely 
the technique for measuring frictional force. Presumably a weight 
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and string system not shown is used to balance the frictional force 
existing at any given time. The curves in Fig. 4 indicate that 
readings of the frictional force must have been made quite 
frequently. Perhaps strain gages could give a continuous record 
of friction without the need for constant attention. 

Since the test pot was loaded with four pin specimens and one 
sleeve specimen prior to a run, it is possible that the specimens 
were then run in different gaseous atmospheres and, if so, that 
prior history might play some role in the results. Perhaps the 
authors would comment on this point. 

It is a pleasure to see a sizable number of significant results 
from a relatively simple apparatus and the authcrs are to be 
commended for their ingenuity and the careful work. 


AUTHORS’ CLOSURE 


I would like to thank Mr. Shugarts for his kind remarks. The 
reproducibility of the degree of cleanliness of each specimen was 
not checked but subsequent tests have shown that after cleaning 
by our usual technique, specimens are wetted by pure water. 

We have looked further into the possibility that oil vapor 
contamination could be the cause of the low values of friction 
and wear observed in our moderate vacuum. Experiments were 
carried out, with copper pins rubbed against hardened tool steel 
sleeves, in a second apparatus, virtually identical to the one 
used to obtain the results we have presented. Good agreement was 
obtained with the wear and friction values shown in Figs. 2 and 
3. The test section (Fig. 1) was then thoroughly degreased and 
the experiments repeated. No significant differences were detected 
in either friction or wear values. Furthermore, the changes in 
friction coefficient produced, during continuous running, by transi- 
tions of environment between vacuum and helium, and between 
vacuum and dry air, were reproducible; again, no detectable dif- 
ference was produced as the result of degreasing the test section. 
On changing the environment the friction usually stabilized at the 
new value within about 1 to 2 min. The friction coefficient in 
helium was, in all cases, intermediate between that in vacuum and 
that in air. The friction coefficient in vacuum was always the 
lowest, and it did not appear to make any difference to the friction 
whether the vacuum was drawn on helium or on dry air. Using 
a recently acquired electrolytic type oxygen meter we have estab- 
lished that the oxygen concentration in helium of the same batch 
as that used for the experiments is close to 50 vpm, i.e. approxi- 
mately half the nominal oxygen impurity concentration. Since 
our results thus indicate that the friction between copper and 
tool steel is lowest in a nonoxidizing gaseous environment we 
intend to investigate further the behavior of this combination in 
an environment of pure hydrogen. 

Friction coefficients were obtained from measurements of 
friction force using a spring balance. Care has to be exercised 
when using this technique to ensure that readings do not have 
a subjective bias. (It was for this reason, and to enable a fairly 
well-defined friction balance force reading to be obtained, that 
the freedom of movement of the inclined shaft in the transverse 
direction was limited to 0.010 inch.) The greatest difficulty in 
obtaining a friction force reading arises in cases of severe “stick- 
slip” when the electrical circuit is broken and re-made rapidly 
and the balancing load is not sharply defined. 

This method has now been superseded by a system in which 
the friction force is obtained from a measure of the displacement 
of a spring steel bar against which the inclined shaft rests. The 
displacement of the bar, which seldom exceeds 0.003 inch, is 
measured either with a sensitive dial gauge, reading to 0.0001 





inch, or by means of a differential transformer arrangement. The 
latter method has the advantage that it enables a continuous 
friction trace to be recorded. 

Apart from the environment transition experiments, referred 
to above, the four pin specimens and the sleeve specimen were 
exposed to only one atmosphere after the test section was evacu- 
ated subsequent to loading. 


Inhibiting Corrosive Wear in Lubrication with 
Halogenated Gases at 1500 F by Use of Com- 
petitive Reactions and Other Methods’ 


Douglas Godfrey.” This paper exemplifies the advanced lubrica- 
tion research that is conducted at the authors’ company. 

I have a few comments and questions on interpretation of data. 
Clearly, the refrigerant gases corrode the nickel-chrome-iron alloy 
at high temperature; however, in my opinion, the data in the 
report does not jutisfy the use of the term “corrosive wear” for 
the wear of an aluminum oxide rider. Do the authors have un- 
published information which justifies the statement “high reac- 
tivity and corrosive wear to the rider . . .”? In view of the relative 
inertness of aluminum oxide and its softness at high temperature 
(A1), it seems reasonable to me that abrasive or adhesive wear 
may be occurring. Perhaps phase or chemical changes in the 
reaction products with temperature cause the wear patterns ob- 
served. 

The authors have used the corrosion data of a nickel-chromium- 
iron alloy to interpret the friction and wear data of the aluminum 
oxide sliding on a cobalt base alloy. The similar chemical proper- 
ties of nickel and cobalt do not justify this extension because 
of the complexity of film formation. Also, should not the great 
difference in the wear properties of the two such alloys (A2) 
be taken into account? 

Nevertheless, Table 2 clearly indicates that the addition of 
air to the refrigerant gases reduced friction and wear. These re- 
sults are somewhat parallel to the results I obtained which in- 
dicate that the presence of oxygen was beneficial in lowering 
friction and increasing the load carrying capacity of a system 
consisting of steel sliding on steel lubricated with sulfurized 
white oil (A3). 
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AUTHORS’ CLOSURE 


The wear of aluminum oxide sliding on the cobalt base alloy in 
halogen containing gas is properly considered the corrosive type. 
Chemical thermodynamic relationships show that under condi- 
tions of temperature, concentration, etc., applicable to these slid- 
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ing contacts reaction of the “relatively inert” aluminum oxide 
with halogens or halides can occur. Corrosive wear results from 
excessive chemical reactivity at the sliding contact. If the other 
two principal types of wear (adhesive or abrasive) were respon- 
sible for the accelerated wear rate at elevated temperatures, a 
change in friction coefficient might be anticipated. No such change 
in friction was noted and, thus, we can assume that a continu- 
ously formed reaction film (characteristic of corrcsive wear) was 
present which inhibited both adhesion of base solids and geo- 
metric interaction of abrading asperities. 


The corrosion data obtained with the nickel-chromium-iron 
alloy was used to determine the ability of various gases, blended 
with the halogen containing lubricants, to act as corrosion in- 
hibitors. No attempt was made to correlate friction and wear 
data for the two alloys based on similarity of chemical proper- 
ties. This chemical similarity was utilized, however, in the selec- 
tion of a method for corrosion inhibition by providing one point 
for verification of the competitive reaction hypothesis. As can 
be deduced from other wear data reported, the use of com- 
petitive reactions for corrosion inhibition in the wear process is 
not limited to particular alloy types. The relative stability of 
oxides and the chlorine or bromine compounds of most metals 
have similar relationships; thus, more stable oxides can provide 
corrosion inhibition for many alloys. 


The Performance of Ball Bearings in N. and CO, 
at Elevated Temperatures’ 


R. P. Steijn.2 This paper forms another addition to a growing 
volume of research on bearings operating in gaseous atmospheres 
at elevated temperatures. The authors are to be congratulated 
for striking out anew in a field which is experimentally very 
difficult to assess. Wear and friction experiments in general pose 
hard-to-overcome problems, and going to higher temperatures and 
controlled atmospheres increases the experimental pitfalls multi- 
fold. For this reason we must be sympathetic with Messrs. 
Eickhoff and White when their investigation has raised many 
questions and left others unanswered. 


With respect to the tests in nitrogen, the most eye-catching 
results from the Figs. 2, 3, and 4 are (a) plain ACL 045 bearings 
perform better at 250°C than at 200C while plain ACM 20 bear- 
ings perform better at 200 C than at 250C, and (b) molybdenum 
disulfide exercises a beneficial effect at 200C and an about-equal 
detrimental effect at 250C. These results are, if one really pon- 
ders about it, incomprehensible, and they deserve more scrutiny 
than the investigators have published. This discussor feels that 
the number of experiments is definitely limited for use as a 
basis for the above conclusions, and it would be helpful if addi- 
tional experiments would show whether there is, in Fig. 4 for 
instance, a significant difference between the 200 and 250 degree 
curves. Experimentally, how do the investigators purge their 
system of air to exclude oxidation? This is an important 
part of the experimental procedure, especially when the nitrogen 
contains less than 20 ppm oxygen and approximately 10 ppm of 
water. Another question I would like to ask is, was there any 
indication of nitriding of the outermost surface layers like 
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Mailander and Dies observed in their wear studies of mild steel 
on chromium steel? 

In regard to the experiments in carbon dioxide, an important 
aspect is the chemical reaction that took place, especially above 
200 C. Did the authors strip the black coating to examine its 
chemical constituency? From this, and from a thorough metal- 
lurgical examination of the surfaces, some light would un- 
doubtedly be shed on this reaction. 

It is unfortunate that no direct comparison between the ex- 
periments run in CO, and those run in Ng is possible since, in 
the former case, caged bearings were used, and in the latter case, 
cageless bearings. This was done on the basis of preliminary 
findings that in carbon dioxide, in contrast to the experience 
with nitrogen, bearings with a pressed steel cage were superior 
to the full-type cageless bearings. The question now is, why is 
this so? What is peculiar about cageless bearings in CO, that 
is not peculiar for fully caged bearings, or vice versa? Could 
this be because of insufficient control over the modus operandi so 
often encountered in wear and friction research? 

These are a few of the questions which this paper precipitates. 
It is hoped that further work by the authors will answer these 
in part or wholly. 


P. M. Ku.3 The authors have presented results of very con- 
siderable interest, much of which seems to be in line with present 
thinking. However, there are instances where the observed trends 
do not appear to be mutually consistent; and the reasons for 
such inconsistencies are not immediately apparent. Without de- 
tracting from the admirable economy that the authors have 
achieved in covering a variety of bearing, lubricating and op- 
erating variables with a small number of tests, one cannot but 
wonder whether the very economy of program organization might 
not have been such as to affect adversely the statistical reliability, 
and hence the proper interpretation, of the results. 

It is shown that with both untreated and MoS,-treated bear- 
ings operating in nitrogen, the load-carrying capacity was but a 
few percent of that corresponding to the grease-lubricated case; 
and that the bearing failure was caused exclusively by wear, 
rather than by fatigue. It is also shown that with bearings 
operating in dry CO, the load-carrying capacity was about one- 
half of that of the grease-lubricated case; and that the bearing 
failure was caused occasionally by fatigue, though still pre- 
dominantly by wear. A load-life relationship was postulated, 
which seems to fit the experimental data quite well at high loads, 
at least for the experiments conducted in nitrogen. The lack of 
correlation at low loads could be due to the fact that at low 
loads, the balls would not track and therefore there was increased 
slippage between the balls and the races. This is borne out by 
the measured axial wear shown in Fig. 8. 

In the case of untreated bearings, the higher load-carrying 
capacity in dry CO, was attributed to the formation of an oxide 
film, which was evident at higher temperatures. The mechanism 
of oxide formation was not discussed. Do the authors mean to 
imply that it was due to the release of free oxygen from CO,, 
which might possibly be caused by the catalytic action of the 
metal ? 

With untreated bearings operating in nitrogen, Fig. 4 shows 
that the bearing life was impaired by an increase in temperature. 
On the other hand, based on the results presented in Figs. 2 and 
3, the authors concluded that the bearing life was improved with 
an increase in temperature. This reversal in trends for bearings 





3 Southwest Research Institute, San Antonio 6, Texas. 





320 Discussions of Previously Published Papers 


of identical material, operating in the same gaseous environment, 
is extremely difficult to reconcile. Would it be possible that the 
differences could be resolved if a great number of tests were made? 


AUTHOR’S CLOSURE 


Both Mr. Steijn and Mr. Ku make the point that the number 
of tests reported is too small for some of the apparently ancoma- 
lous results to be resolved, and the authors are in full agreement 
with this view. 

The black coating observed on the bearings which had been 
running in carbon dioxide was examined by X-ray diffraction 
methods. The diffraction pattern obtained was diffuse with two 
strong reflections which corresponded respectively to the strongest 
line of the @ iron pattern and the strongest line of the Fe,0, 
pattern. The presence of this particular oxide of iron was thereby 
inferred, but no attempt was made to determine the mechanism 
by which it was formed. There was no indication of any 
nitriding of the bearing surfaces. 

The bearing test rig shown in Fig. 3 was vacuum tight and 
before each test commenced it was evacuated to a pressure of 
50 X 10-3 mm Hg. The required gas, either nitrogen or dry 
carbon dioxide, was then admitted and the test started. 


Evaluation of Ball Bearing Separator Materials 
Operating Submerged in Liquid Nitrogen’ 


W. J. Anderson and H. W. Scibbe.* This experimental in- 
vestigation shows that ball bearing separators made from a 
filled PTFE material are decisively superior to conventional 
phenolic or metallic separators for operation in liquid nitrogen 
at low speed and moderate thrust load. It is interesting to compare 
the results of these experiments at low speed with experiments 
at DN values to 1.6 million in liquid hydrogen conducted at the 
writers’ company. At the higher speeds of our experiments, the 
relative behavior of conventional phenolic and filled PTFE mate- 
rials agrees with the authors’ results. In 40 mm bore bearings, 
conventional phenolic retainers exhibited a limiting speed of about 
25,000 rpm or a limiting DN of about 1 million. Armoured re- 
tainers of filled PTFE, on the other hand, operated successfully 
at DN values to 1.6 million. 

With both the phenolic and filled PTFE retainers, wear of all 
bearing components was negligible until the occurrence of failure 
which, in most instances, resulted in total bearing seizure. At 
high speed, successful bearing operation depends on rejection of 
the heat generated in the bearing without a total loss of bearing 
internal clearance. It follows that higher speeds can be achieved 
with bearings having open race curvatures and liberal internal 
clearances, and retainers with good frictional properties. 


M. F. Butner.? Although conducted at higher speeds and loads 
for shorter run times, the writer’s testing of ball bearings run- 
ning submerged in liquid nitrogen and liquid hydrogen has led 
to conditions similar to the authors’, in summary: 
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1. Separator failure, not raceway surface fatigue, presents the 
first limitation to cryogenic ball bearing operation. 

2. Metal cage equipped bearings are unsuitable for long term 

or high speed operation. 

Phenolic cage material possesses short life at high speed. 

MoS, coating provides extension of phenolic cage life. 

440-C is satisfactory race and ball material. 

PTFE-containing or protected cages provide superior cage 

life. 


A predominance of testing has been conducted with fluids 
other than liquid nitrogen at the writer’s company. However, the 
limited LN, testing done indicates that the same limitations apply 
for other noncorrosive nonlubricants. 

Testing. As in NBS tests, test termination was controlled by 
limiting driving torque. 

Effect of Speed. In the NBS report, phenolic separator failure 
occurred after about 334 million revolutions at 31,500 DN. Test- 
ing at the writer’s company, at one million DN showed prohibi- 
tive drive torque occurring after 4% million revolutions. An MoS, 
coated phenolic cage equipped bearing operating at one million 
DN completed 1% million revolutions before failure. 

The difference in total revolutions to failure suggests that the 
magnitude of the rubbing velocity of the ball equators against 
the sides of the cage pockets has an effect on the usable life of 
the bearing. 

Cleanliness. High sliding friction between cage, balls, and guid- 
ing land of a ball bearing results in high friction torque due to a 
self-energized brake effect. The alternate binding and slipping 
causes chattering of the cage audible and visible during band 
rotation. Aided by weakening of the cage by mechanical wear, 
this brake effect can fracture the cage and destroy the bearing. 

Early high friction torque has been found to be due more to the 
degree of cleanliness of cage surface than to wear in tests at 
the writer’s company. Although partners in crime, the cage wear 
is more the result than the cause of high friction. This would 
suggest that all similar, equally clean phenolic cage equipped 
bearings would have equal friction torque. 

PTFE Coated Cage. A PTFE spray-coated ribbon steel cage 
was found to give good results at 228,000 DN. A significant 
variable affecting success of such a design is the thickness of the 
coat itself. In this case a spray coat .010 thick was used. 

Future Work. The use of PTFE cage materials overcomes the 
first obstacle to the successful use of nonlubricants for the cooling 
of ball bearings, but several vital questions still must be answered. 

It would be most helpful to potential users of nonlubricated 
bearings for someone with the time, money and imagination to 
undertake the investigation of the following: 


Dak & 


1. Fatigue life of nonlubricant cooled bearings compared to 
those conventionally lubricated. Preferably this investiga- 
tion would result in a factor to be applied to catalog 
ratings. 

2. Heat removal limitation of the fluid as it affects maximum 
bearing capacity. 

3. Effect of raceway curvature on the maximum capacity and 
fatigue life. Close curvatures, while they reduce contact 
stresses, enlarge the ball-race contact area and may reduce 
life because of high scrubbing velocities. The factors 
affecting optimization of the curvatures should be in- 
vestigated. 


AUTHOR’S CLOSURE 


The authors appreciate the comments of Messrs. Anderson, 
Scibbe, and Butner on the work described in this paper. It is 


























Discussions of Previously Published Papers 321 


enlightening to hear that the conclusions from this experimental 
work are of the same general nature as observed by others in their 
experimental programs of a similar application. 

The results of higher speed operation mentioned by Mr. Ander- 
son are interesting and well taken. It implies that results ob- 
tained from low speed operation can feasibly be projected to 
high speed operation as far as material evaluation is concerned. 
The tests conducted in this experimental program were purposely 
run at a low speed in order to screen various bearing separator 
materials on a logical and relative basis. It is planned to follow- 
up this program with further experimental work involving more 
severe conditions using the more promising separator materials— 
particularly at higher speeds. 

The comments of Mr. Butner are quite pertinent to the opera- 
tion of nonlubricated ball bearings. Speed is an important factor 
in determining the life of a bearing. However, the load on the 
bearing is a very important factor also, and should be defined 
when making comparisons of bearing life at different test condi- 
tions. Certainly cleanliness cannot be overlooked in the cperation 
of such bearings, which is one reason for using noncorreosive stain- 
less steel as the ball and race material. 


The “future work” as outlined by Mr. Butner could be con- 
sidered as the ultimate goal of such a bearing test pregram. But 
as he stated considerable time and money would be required. 
The test apparatus required for testing bearings in cryogenic 
liquids is quite complicated as well as the procedure for conduct- 
ing the tests. To thoroughly evaluate bearings for such an ap- 
plication would require a large number cf bearing testers, a 
considerable number of personnel, and large sums of money to 
support the program. However, the results would be invaluable, 
should someone have the imagination, to quote Mr. Butner, and 
interest to support such an effort. 


The Behavior of Lubricating Oils in Inert Gas 
Atmospheres’ 


Sam Shiozawa.? The research work which Messrs. Beerbower 
and Greene performed relates to basic lubrication problems asso- 
ciated with the development of the turbo-machinery for the 
Maritime Gas-Cooled Reactor (MGCR) project. For those not 
acquainted with MGCR, this is a program sponsored jointly by 
the Atomic Energy Commission and the Maritime Administration 
for the development of a gas-cooled reactor coupled to a closed 
cycle gas turbine plant for ship propulsion. The plant design 
parameters are operating at 1500 F, 1150 psi employing helium 
as the coolant and BeO as the reacter moderator. The project 
was initiated in early 1958 with a research and development 
effort of sufficient scope to establish a reference design for 
the prototype plant. Among the areas of research is the problem 
associated with development of the rotating machinery which in 
turn involves the selection of a proper lubricant which would be 
capable of operating in a helium atmcsphere under high tem- 
perature and pressure conditions associated with the plant as 
these affect vapor pressure, helium solubility, foaming character- 
istics, and normal lubricating properties of the lubricant. It is not 
expected that activation would be a factor since the lubricant 
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would only be in contact with helium which has been filtered 
by the plant coolant clean-up system. 

Further, it is important from a marine nuclear power plant 
standpoint, that there be as few special lubricants used in the 
system as possible and that such lubricants be readily available 
on the open market. It is essential that the problem of maintain- 
ing a variety of special lubricants be avcided. Because of the 
added complexity, it is further important that auxiliary process- 
ing equipment be kept to a minimum and thus selection cf lubri- 
cant requiring minimum of support facilities is paramount. 

In a closed cycle nuclear power plant such as the MGCR a 
paramount function of the lubrication and seal system aside from 
separation of the oil and helium gas mixture resulting from 
contact of these two materials under operating conditions is to 
assure that no lubricant would enter the closed cycle system and 
contaminate the reactor and turbo-machinery components. 

Tests are currently underway utilizing a full scale bearing and 
seal rig operating in helium at temperatures and pressures antici- 
pated in the MGCR prototype. In the present concept, a small 
amount of cycle gas is bled from the high-pressure compresscr 
discharge and passed through a filter and cold trap to remove 
any radioactive material. This clean, cool, buffer gas is then 
used as a barrier against radioactive contamination of the lube 
oil, and for protection against the hot gas entering the bearing 
housings. The flow to each seal is regulated by an upstream orifice. 
Spring-loaded labyrinth seals are used to direct the barrier gas 
flow both into the cycle and into the seal housing. The gas 
which leaks into the seal cavity mixes with the lube oil and 
drains to the oil-gas separation system. 

The lube oii ic contained in a closed system, and is pumped 
from a low pressure reservoir through a cooler, filter, and regu- 
lators to the various bearings. Oil is supplied at full system 
pressure to the bearings which run flooded. After passing through 
the bearings, the lube-oil pressure is then reduced through an 
orifice to the pressure level of the reservoir. Each bearing has 
a floating ring seal on either side to control the oil side flow. In- 
board oil leakage past this seal ring mixes with the clean barrier 
gas, the gas-oil mixture is scavenged from the housing and flows 
to a separation system where it enters a tank where the solid oil 
settles out. A mixture of gas, oil vapor, and suspended oil drop- 
lets leaves the settling tank and enters a coalescing-filter where 
the oil droplets are removed. The oil vapor is then removed 
in an adsorbent filter medium and the clean gas is returned 
through an orifice and re-enters the cycle. 

Tests completed to date indicate that the seal and bearing 
system will satisfactorily meet the MGCR turbo-machinery re- 
quirements and that the lubricant recommended for use in MGCR, 
based on Beerbower and Greene’s work, are satisfactory for 
operation under conditions outlined above. 


W. W. Shugarts.2 The authors do well to advise caution in 
the design of oil-lubricated bearings to operate in an inert gas 
atmosphere. If, as they indicate, the viscosity of oil exposed to 
argon or carbon-dioxide is appreciably less than it would be 
when exposed to air, the designer can use this information ap- 
propriately in his design. However, the work of Baber et al. 
[Reference (13) of this paper] shows that mineral oils exhibited 
an increase in load-carrying capacity when gears were operated 
in an atmosphere of nitrogen or argon instead of air. The con- 
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flicting evidence on argon would indicate that more work is 
needed and that the information presented here and in the refer- 
enced papers be used with particular attention to the experimental 
techniques producing it. 


E. Thelen.* If the defoamers are relatively large molecules 
somewhat incompatible with Mineral, they may tend to collect 
at gas-oil interfaces, and have a “stiffening” action which would 
hinder the interfaces from coalescing or draining. The reason that 
these defoamers may be adsorbed to the surface if they are not 
highly compatible with Mineral is that the total free energy of 
the system is thereby lowered. 


Eprtor’s Note 


Authors are furnished a copy of each discussion and invited to 
submit a closure. Since no closuré was submitted for the above 
article, it may be assumed that the author(s) either concurred 
with the discussor(s) or did not feel that a reply was necessary. 


The Effect of Lubricant Viscosity and Composi- 
tion on Engine Friction and Bearing Wear’ 


M. W. Savage.? I am happy to offer the following brief com- 
ments on the author’s interesting and informative paper. I would 
like to add a few confirming data regarding the effects of polymer 
thickeners on connecting rod bearing wear. 

As mentioned by Mr. Okrent, the technique he used in his 
radioactive tracer studies was similar to that which Mr. L. O. 
Bowman and I used in obtaining the data which were reported 
in our paper entitled, “Radioactive Tracer Measurements of 
Engine Bearing Wear.” I would say that the data which Mr. 
Okrent reports conform well with our findings, and we see no 
area of basic disagreement. In both cases, the data demonstrated 
that polymer-thickened oils give better bearing wear performance 
than their comparable mineral oil counterparts. We have con- 
firmed this laboratory finding in field tests in taxicabs and in 
trucks. 

Typical bearing wear performance in taxicab service is demon- 
strated in Table Al. The tests were conducted for 30,000 miles, 
and the bearings were weighed at the start and at the end of 





4 Manager, Colloids Laboratory, Franklin Institute, Philadel- 
phia, Pennsylvania. 


1 By E. H. Okrent, published in the April, 1961, issue of ASLE 
Transactions, Vol. 4, pp. 97-108. 
2 California Research Corporation, Richmond, California. 


the test. As shown in Table Al, the polymer-thickened oils gave 
markedly lower bearing wear than a conventionally compounded 
single-grade SAE 30 oil. This was observed with two types of 
polymers—one of which was run at two different concentrations. 

Similar observations were made as shown in Table A2 in 
gasoline engine trucks operated in over-the-road new-car delivery 
service. These engines were run at high speed and high load the 


TABLE A2 
Effect of Polymer-Thickened Oils on Bearing Wear, 30,000-Mile 
Tests in Over-the-Road Trucks, 332 Cu in V-8 Engines, Copper- 
Lead Babbitt Overlay Bearings 








MIL-L-2104-Type Multigrade 
Oil SAE 30 SAE 10W-30 
Thickener None 8% Polymer Y 
Number of Engines 3 7 
Avg. Con Rod Bearing, 
Wt Loss, mg 100 41 





majority of the time. In this service, the polymer-thickened multi- 
grade 10W-30 oil gave less than half the bearing wear observed 
with the conventional SAE 30 grade oil. 

Thus, two points are confirmed in field service. First, that 
polymers do protect bearings against wear and, second, that radio- 
active tracer methods in laboratory tests successfully predict this 
effect in field service. 


W. D. Sims.* The author reports the results of a tedious series 
of engine experiments with many oils of varying viscosity and 
composition. As fellow experimenters in the field of polymeric 
oil additives, we have ourselves drawn attention to the lack of 
any loss in engine bearing performance attributable to the use 
of polymeric thickeners,t and are pleased to see additional data 
supporting the advantages of this class of additives. 

We would like to question whether the data presented in the 
paper adequately support the conclusion that polymer additive 
oils provide a reduction in friction as compared to mineral oils 
of comparable viscosity. An inspection of Tables 2 and 4 re- 
veals values of 23.9 and 22.6 FHP for distillate B. This dif- 
ference, which apparently stems from operation at two test 
conditions, is precisely that claimed for polymer versus non- 
polymer oils in Fig. 3 and as nearly as can be discerned from 





3% Shell Development Company, Emeryville, California. 

4 W. D. Sims, “Measuring the Oil Film Thickness in a Crank- 
shaft Main Bearing of a V-8 Engine,” Lubrication Engineering, 
pp. 123-126 (March, 1961). 











TABLE Al 
Effect of Polymer-Thickened Oils on Bearing Wear 30,000-Mile Tests in Taxicabs, Six-Cylinder 
L-Head Engines, Babbitt Bearings 








MIL-L-2104-type Dual grade Multigrade Multigrade 
Oil SAE 30 SAE 20W-30 SAE 10W-30 SAE 10W-30 
Thickener None 4% 7% 8% 
Polymer X Polymer X Polymer Y 
Number of Engines 7 3 3 2 


Avg. Con Rod Bearing, 
Wt Loss, mg 218 65 70 90 
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the included data, the curve for nonpolymer oils in this figure 
was established from values in Table 1, while that for the polymer 
blends came from data obtained under test conditions which 
were used to produce Table 2. Some comment from the author 
would therefore be welcome on the validity of the small differ- 
ences on which he bases his conclusion. 


As regards the differentiation which the author makes between 
“high wear” and “low wear” oils on the basis of viscosity range, 
we wonder if this effect may be more related to changes in oil 
supply to the bearings due to effects within the oil pump than 
to actual behavior within the bearings. The absence of oil flow 
and oil pressure data in the paper makes it impossible to check 
this conjecture. 


We would be interested in any additional data which the author 
could supply to strengthen these areas. 


AUTHOR’S CLOSURE 


Mr. Savage’s test data are particularly gratifying since they 
provide confirmation of the laboratory engine test findings that 
polymer oils reduce connecting rod bearing wear. Such data are 
important since they provide the bridge between the controlled 
laboratory engine test and the variable conditions observed in 
service. Between these two sets of data, there seems to be little 
doubt possible but that polymer-modified oils of the 10W-30 type 
give better journal bearing protection than straight mineral oils. 
Mr. Sims’ data are also directionally correct in showing that 
these oils are no worse than mineral oils. However, his technique 
did not show up the advantages for the polymer-modified oils, 
nor was he able to show any differences between cils of different 
viscosities. 

Mr. Sims asked whether the transitions from “high” to “low” 
wear rate observed in our test could be because the oil supply 
to the bearings changed due to viscosity effects within the oil 
pump system, rather than to the lubricant viscosity itself. We 
anticipated this possibility and therefore paralleled the engine 
oil system with a high capacity gear pump (see Fig. 4). The 
gear pump alone could supply many times the total engine oil 
requirements. No oil flow measurements were made. However, 
the external pump was adjusted to 50 psi (flowing) by bypassing 
the oil around the gear pump, with the rotometer set at 20% of full 
scale. At this pressure, the pump could supply all the lubricant 
the bearing could take (which depends on eccentricity) even with- 
out the aid of the regular engine oil pump. 


With regard to the validity of the data present in Fig. 3 as 
stated in the report, the data were all obtained under the same 
set of conditions in the same engine. The numerical data are 
found in Tables 2, 6 and 7, not Table 4. The confusion appar- 
ently stems from the data presented in Tables 3, 4 and 5, which 
were obtained under slightly different conditions. These two sets 
of data should not be compared with each other (on an absolute 
basis) and they have not been in Fig. 3. However, the relative 
effects demonstrated in Tables 4 and 5 are confirmed in Tables 
6 and 7. The differences between polymer-modified oils and 
mineral oils are well outside of experimental! error. 


A Novel Form of Self-Acting Gas Lubricated 
Thrust Bearing’ 


J. S$. Ausman.? The authors have presented an interesting and 
provocative paper in that their bevel bearings are easily manu- 
factured. In fact, because some small misalignment of thrust 
surfaces is difficult to avoid in thrust bearings which are not self- 
aligning, the effect studied by the authors may be significant in 
shaped surface as well as flat surfaced bearings. Incidentally, the 
terminology employed by the authors is somewhat misleading. 
Their so-called “parallel-surface thrust bearing” actually con- 
sists of two opposing flat surfaces which, in general, are non- 
parallel. 


The maximum unit loads for the examples computed by the 
authors are quite small (less than 3 psi) but this is to be ex- 
pected at a minimum clearance of 200 winches. As flat surfaces 
can be lapped flat to one Newton ring (about 10 winches) with 
standard techniques, it would be of considerable interest to com- 
pute the ultimate load capacity on the bearings assuming a 
minimum clearance of approximately 20 winches. 

Figures 4a and 4b show that negative gage pressures exist over 
a substantial portion of the bevel bearing. This partial vacuum 
region creates a suction tending to pull the plates together, or 
more correctly atmospheric pressure on the back side of the two 
bearing surfaces pushes them together. Such a condition ob- 
viously detracts from the load carrying ability of the bearing. 


This partial vacuum condition can be avoided by construct- 
ing a deep radial groove across the maximum clearance region. 
Such a groove supplies atmospheric air directly into the low pres- 
sure region and virtually eliminates the suction effect. Anyone 
wishing to build a bevel bearing for practical use is advised to 
include this radial groove to enhance the load capacity of the 
bearing. It will not only eliminate the negative gage pressure 
region, but it will also increase the pressure in the pcsitive gage 
pressure region. This is because the viscous pumping action of 
the self-acting bearing remains substantially unchanged. Where, 
as in Fig. 4a for example, the bearing is capable cf pumping 
air from a pressure of 10 psia up to 24 psia, with the atmospheric 
radial groove it can pump from 14.7 psia up to nearly 28.7 psia 
(somewhat less because of increased side leakage at the higher 
pressures) . 


AUTHORS’ CLOSURE 


The authors wish to express their thanks to the discusser for 
his interesting and stimulating comments. 

From the manufacturing viewpoint neither the parallel surface 
thrust bearings with steady precession nor the bevel bearings 
have the design complexities associated with the other types of 
self-acting bearings. For example, the tilting pad thrust bearing 





1 By A. Nahavandi and F. Osterle, published in the April, 1961, 
issue of ASLE Transactions, Vol. 4, pp. 124-130.- 

2 Supervisor, Physical Analysis Unit, Autonetics Division cf 
North American Aviation, Inc., Downey, California. 
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requires pivots, supporting structure, shoes, etc., which are elim- 
inated altogether in the proposed bearing whose performance 
depends on the existence of a small angle between the thrust 
surfaces. The steady precession of the slider, the bevel or the 
misalignment of the thrust surfaces all cuntribute to the forma- 
tion of this small angle and consequently to the bearing load 
capacity as long as their over-all effect results in an attitude n, 
in the vicinity of 0.5. 
The terminology employed by the authors are: 
(1) “Parallel surface thrust bearing with steady precession” 


for bearings consisting of two flat surfaces which are 
parallel at stand-still. 

(2) “Bevel bearings” for bearings consisting of two non- 
parallel flat surfaces. 


The range of the bearing number G studied by the authors is 


2 to 100. For the numerical example considered in this paper, 
with a minimum clearance of 20 pinches suggested by Dr. Aus- 
man, G equals 10,000 at 25,000 rpm, far beyond the range of G 
considered by the authors. Hence the corresponding load capacity 
cannot be readily calculated. 

The calculated Icad carrying capacity throughout the paper 
considers the effect of the partial vacuum region. For the parallel 
surface thrust bearing with steady precession the resultant hydro- 
dynamic force acting on the slider is rotating at the angular 
velocity of precession. In this case the construction of a radial 
groove across the fixed bearing surface, suggested by Dr. Ausman, 
will not have the desired effect on the load capacity. For the 
bevel bearing, however, a radial groove is helpful and must be 
constructed on the slider if the slider is beveled with respect to 
the bearing and on the bearing if the bearing is beveled with 
respect to the slider. 


Errata 


Volume 4, No. 1, April, 1961, in the article entitled “Externally 
Pressurized Spherical Gas Bearings” by John H. Laub and Robert 
H. Norton, Jr. (pages 172-180), the following corrections should 
be made. 


On page 173, Eq. [9] should read: 
P57 — po? = (AR)3 1 


Po 12 tan 0,/2 
In | —————_ 
tan 6,/2 


On page 173, Eq. [10] should read: 
tan 6/2 1/2 
Ay: eee 
tan 6,/2 


4" 
P= 4 1? + Bo? [:-(}) ] —_____* 
Po tan 0,/2 
in ( ar) 


tan 6,/2 





Q= 
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